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1 Introduction
1.1 Problem statement and motivation
Although the centrifugal compressor found widespread use in the early development of the jet
engine, the use of the axial compressor became well established in the fifties, due to the smaller
frontal area and the ability to compress high mass flows. It was not until the seventies that the
centrifugal compressor became interesting for use in smaller aero engines, mainly as a propulsion
system for helicopters. The high pressure ratio as well as the superior operability characteristics
of the centrifugal compressor make it suitable as a last stage of the high-pressure compressor in
an aero engine.
Ever increasing pressure ratios [130], the increase in air traffic and the growing number of re-
strictions with respect to fuel consumption as well as emissions demand a better understanding
of the detailed aerodynamics of the centrifugal compressor. Especially in the far future, new
propulsion concepts with intercooled compressors using a centrifugal compressor as an interme-
diate stage between the low and the high-pressure compressor [59, 258, 259, 15] will create a
high potential for new generations of centrifugal compressors. However, due to the small num-
ber of aero engines using a centrifugal compressor and the inherently complex three-dimensional
flow, the level of know-how regarding the detailed aerodynamics of this type of turbo machine
is substantially lower than for its axial variant.
Advancements in numerical and experimental methods are providing new insights into the aero-
dynamics of the centrifugal compressor and are being applied to increase the compressor’s ef-
ficiency as well as operating range. The challenge of the centrifugal compressor remains the
design of the diffusion system. The high-flow velocity, combined with a long flow path and a
high fraction of secondary flow, causes the diffusion system to typically contribute up to 50%
of the total loss generation. Unlike inside the rotating impeller, the boundary layer experiences
a rapid growth rate, due to the absence of centrifugal force. In particular, the high positive
streamwise pressure gradient has an adverse influence on the boundary layer growth, aerody-
namic stability and loss generation. These characteristics complicate the detailed design as well
as the prediction of the flow field of the centrifugal compressor. In addition to an increase in
compressor efficiency, the understanding of the loss mechanisms can be exploited to reduce the
compressor’s outer diameter without an efficiency penalty. As a result, the weight, manufac-
turing costs as well as the frontal area of the core engine are minimized. Furthermore, the less
costly exchange of non-rotating components in an existing jet engine design makes the diffusion
system in particular, an attractive opportunity to improve the aero engine.
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1 Introduction
1.2 Subject and objective of the investigation
The work presented is part of the ”Centrifugal Compressor Technology” project, conducted at
the Institute of Jet Propulsion and Turbomachinery at Aachen University. The project is initi-
ated and funded by General Electric Aviation in Lynn (USA). The subject is the aerodynamic
investigation of an aero engine centrifugal compressor, used as the last stage of a high-pressure
compressor. The centrifugal compressor is characterized by a close-coupled pipe-diffuser. Down-
stream of the pipe-diffuser, a radial-axial deswirler is installed to recover the kinetic energy
within the diffusers discharge flow and to guide the air in an axial direction into the combustion
chamber.
The focus of this investigation presented is on the loss mechanisms within the centrifugal com-
pressor. The objective of the investigation is to identify the loss mechanisms specific to the
compressor’s design, as well as their impact on the integral loss production. Throughout the
work, a methodology based on the entropy transport equation is applied to visualize, to classify
and to quantify the sources of the loss production within the highly three-dimensional flow.
A numerical and experimental investigation of different diffuser concepts is presented, represent-
ing the time-wise evolution of the diffusion system towards a higher efficiency, increased stall
margin and smaller outer diameter. The original pipe-diffuser design (denoted by NOM con-
figuration), dating back to the eighties, showed a large flow separation within the pipe-diffuser
[267, 87]. This resulted in a series of modifications to the diffusion system. Within the framework
of this study, the original design as well as three derived diffuser geometries are investigated.
All diffusers use the same baseline pipe-diffuser geometry, although two different diffuser lengths
are used. The first adaption is a truncation of the pipe-diffuser, while maintaining the original
flow path (TRU configuration), as a result of which a vaneless diffuser part is introduced and
the flow separation is eliminated. The short pipe-diffuser, being aerodynamically superior, is
used for the third and fourth diffuser configuration. In contrast to the original deswirler design
with prismatic two-dimensional vanes, the single vane (SNG configuration) and tandem vane
(TND configuration) deswirler subsequently developed are adapted to the shorter pipe-diffuser’s
discharge flow and incorporate three-dimensional vanes. In addition, the meridional flow path is
redesigned, reducing the radial extent of the new diffuser system. The relative positioning of the
two tandem vanes poses an additional variable to the diffuser design and is addressed in detail.
One of the key elements of the diffuser strategies investigated is the aerodynamic decoupling of
the pipe-diffuser and downstream deswirler by the vaneless diffuser in-between1.
The analysis of the four diffuser configurations is based on full-stage steady-state CFD calcu-
lations and time-averaged experimental data. The close-coupling of the impeller and diffuser is
motivated by the high diffuser efficiency and inherently induces a strong unsteady interaction
between the two components. In addition to the phenomenological discussion on the unsteady
aerodynamics within the centrifugal compressor investigated, as given by Grates [87] in a pre-
vious PhD thesis, the change in loss production due to unsteadiness is addressed in detail. The
1A different strategy is to use a deswirler which is emerged into the pipe-diffuser, as patented by Moussa et al.
[171]. Details on this type of diffuser can be found in the work of Schwarz [221].
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1.2 Subject and objective of the investigation
analysis of the change in loss production due to unsteadiness is based on the second diffuser
configuration (TRU) and can be exploited to optimize a close-coupled centrifugal compressor on
a higher level of detail. Simultaneously, it demonstrates the validity of using steady-state CFD
for the investigation of the different diffuser configurations.
3

2 Fundamentals of aerodynamics relevant to
the centrifugal compressor
In this chapter, the theory applied in the analysis will be presented. Firstly, the steady-state
aerodynamics of each of the compressor’s components is addressed. Subsequently, the unsteady
aerodynamics relevant to the flow problem investigated is discussed briefly. Each section covers
the aerodynamic fundamentals, the physical interpretation as well as the relevance of the theory
for the centrifugal compressor. In the following chapter, a literature review is conducted to
relate the theory and phenomenology with investigations conducted in the past. Furthermore,
a more detailed discussion on the physics will be presented. The symbols and characters used
are not explained explicitly in the text, but can be found in the nomenclature.
2.1 Classification of the compressor investigated
The compressor investigated is an aero engine centrifugal compressor with a close-coupled pipe-
diffuser and a radial-axial deswirler. When compared to the axial compressor at an equivalent
mass flow rate, the centrifugal compressor is characterized typically by a higher work input.
However, the larger frontal area and subsequently higher drag and weight cause the centrifugal
compressor to be unattractive for use in large aero engines. The axial compressor is more
applicable in multi-stage applications, required for large modern aero engines. However, since
the frontal area and weight of the centrifugal compressor rise exponentially with the size of the
aero engine, these properties are less critical for small and mid-size aero engines. At the same
time, the high efficiency of the axial compressor decreases drastically when used in small high-
pressure applications, especially due to the large relative tip clearance. In addition, the high
centrifugal force, dominating the pressure rise, results in a superior operability and the short
axial length of the centrifugal compressor offers rotor-dynamic advantages. These qualities
make the centrifugal compressor attractive to use as a last stage of an aero engine high-pressure
compressor, as for example shown for the CFE738 in Fig. 2.1.
2.2 Efficiency of the compressor and the diffuser
From the thermodynamic cycle of the jet engine, it can be demonstrated that the propulsion
efficiency is closely related to the efficiency of the compressor [119]. Besides the compressor’s
operating range, operational stability and dimensions, the minimization of the losses is one of
5
2 Fundamentals of aerodynamics relevant to the centrifugal compressor
Fig. 2.1: Example of a centrifugal compressor used as the last stage in an aero engine high-
pressure compressor (www.flightglobal.com).
the main objectives for the compressor design. Different definitions of the compressor efficiency
have been established [70, 36]. In this work, the isentropic efficiency is used. The (total-to-total)
isentropic efficiency of a compressor is defined as:
ηis,t−t =
∆ht,is
∆ht
∣∣∣∣
pt,in⇁pt,out
(2.1)
The increase in total pressure over the compressor is essential to provide effective thrust at
moderate flight-Mach numbers (Ma < 3) [119]. The level of total pressure ratio TPR gained at
a given total temperature ratio TTR (see Sec. 2.3) is expressed by the isentropic efficiency of the
compressor1. Assuming an adiabatic flow, as well as an ideal and perfect gas, Eq. 2.1 yields:
ηis,t−t =
TPR
κ−1
κ − 1
TTR− 1 (2.2)
Whereas the quality of the compressor or impeller is expressed by an isentropic efficiency, the
quality of the diffuser is expressed by the static pressure recovery, total pressure loss and the
diffuser efficiency. The goal of the diffusion system is to convert the kinetic energy of the impeller
1By using the Buckingham Π-Theorem [152], it can be shown that the TTR and the TPR as a function of
the corrected rotational speed (CRPM) and corrected mass flow (CMF ) give a unique aero-thermodynamic
representation of the compressor and obey Mach’s similarity law [119], representing the most important di-
mensionless number for the compressor.
6
2.3 Aerodynamic fundamentals of the centrifugal impeller
discharge into static pressure through deceleration, with a minimum loss in total pressure. The
static pressure ratio Cp (Eq. 2.3) defines the recovery of static pressure related to the kinetic
energy available at the inlet of the diffuser:
Cp =
pout − pin
pt,in − pin (2.3)
The total pressure loss ω (Eq. 2.4) defines the loss in total pressure between the diffuser’s inlet
and outlet in relation to the kinetic energy available at the inlet of the diffuser:
ω =
pt,in − pt,out
pt,in − pin (2.4)
When combining Eq. 2.3 and Eq. 2.4, the following relation can be derived for compressible
flow:
Cp+ ω = 1 +
pout
pin
[(
1 + κ−1κ Ma
2
out
) κ
κ−1
]
− 1[(
1 + κ−1κ Ma
2
in
) κ
κ−1
]
− 1
(2.5)
For a diffusion system with a high inlet Mach number and low outlet Mach number, typical
for the type of diffuser investigated, the second term on the Right Hand Side (RHS) is nearly
zero. The remaining, simple relation reflects the design philosophy of a diffusion system from a
performance point of view. Ideally, the total kinetic energy is transferred into static pressure,
resulting in a Cp of unity.
The diffuser’s static pressure recovery and total pressure loss can be directly correlated to the
isentropic total-to-total and total-to-static compressor efficiency, as shown in Sec. 9.1. A further
parameter used to define the quality of the diffusion system in relation to the available expansion
ratio is the diffuser efficiency ηdiff =
Cp
Cp,is
. The diffuser efficiency ηdiff is the ratio of the gained
static pressure recovery to the ideal (isentropic) pressure recovery. Details of the calculation of
the diffuser efficiency are shown in Sec. 9.2.
2.3 Aerodynamic fundamentals of the centrifugal impeller
The focus of the aerodynamic investigation is the diffusion system. On account of this, only
a brief introduction to the impeller aerodynamics will be presented here. The theory selected
covers the physics of the impeller work input characteristic as well as the flow kinematics, which
define the diffuser inlet flow.
2.3.1 Impeller work input characteristic
The specific work input Pm˙ , defining the energy transfer from the mechanical system to the fluid,
can be expressed using the first law of thermodynamics:
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P
m˙
= cpTt,in(
Tt,out
Tt,in︸ ︷︷ ︸
TTR
−1) (2.6)
Eq. 2.6 shows the direct relationship between the specific work input and the TTR over the
impeller, neglecting heat transfer. From the change in angular momentum between the rotor
inlet and outlet, the well-known Euler’s Turbine Equation can be derived to express the work
input:
P
m˙
= cθ,outuout − cθ,inuin = c
2
out − c2in
2
−w
2
out − w2in
2
+
u2out − u2in
2︸ ︷︷ ︸
∆h︸ ︷︷ ︸
∆ht
(2.7)
Eq. 2.7 is valid for uniform inlet and outlet conditions. Furthermore, a steady-state flow condi-
tion is assumed. Eq. 2.7 shows the fundamental reason for the high TTR typical for the radial
compressor. The increase in radius from the impeller inlet to outlet causes the third term on
the RHS to be large, contrary to the case of the axial compressor with a nearly constant radius.
Using the identity at,in =
√
κR′Tt,in, the velocity identity cθ,out = uout − wr,outtan(π2 − βb,out)
(Fig. 2.6 2) and assuming an axial inlet flow (cθ,in = 0 m/s), the following relation can be derived
from combining Eq. 2.6 and Eq. 2.7:
TTR− 1 = (κ− 1)
(
uout
at,in
)2 [
1− wr,out
uout
tan(
π
2
− βb,out)
]
(2.8)
Eq. 2.8 demonstrates two very important characteristics with respect to the radial impeller.
The second term on the RHS shows the direct relationship between the exducer tip speed and
the TTR. The tip speed uout is a major design constraint and is generally bounded by the
structural limitations of the impeller [155]. The third term on the RHS gives the relationship
between the exducer blade angle and the TTR characteristic. Since the radial velocity at the
impeller outlet wr,out is nearly proportional to the mass flow, a blade back sweep (βb > 90
◦)
results in a TTR-speedline (CRPM =constant) with a negative slope in the compressor map, as
shown schematically at the left in Fig. 2.2. As with all modern radial compressors, the impeller
of the centrifugal stage investigated is characterized by a blade back sweep within the exducer
for operability reasons, as shown on the right of Fig. 2.2.
2wr,out = wm,out for a purely radial discharge flow.
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Fig. 2.2: Correlation between the TTR and the impeller back sweep angle (left). The impeller of
the GE centrifugal compressor at the Aachen University (right) with βb,out = 116.4
◦.
2.3.2 Inviscid kinematics of the flow within the centrifugal impeller
The inviscid kinematics of the impeller flow can be described using the momentum equation.
When neglecting viscous effects and body forces, the acceleration g of a particle in the absolute
frame of reference (Lagrange-approach) is a direct function of the pressure gradient:
~g =
D~c
Dt
=
∂~c
∂t︸︷︷︸
local acceleration
+ (~c · ∇)~c︸ ︷︷ ︸
convective acceleration
= −∇p
ρ
(2.9)
By using the vector identity ~c = ~w + ~u = ~w + ~Ω× ~R and assuming a constant rotational speed
(d~Ω/dt = 0), Eq. 2.9 can be written for the relative frame of reference as [236, 247]:
− ∇p
ρ
=
∂ ~w
∂t
+ (~w · ∇)~w︸ ︷︷ ︸
Term I
− Ω2 ~R︸︷︷︸
Term II
+2(~Ω× ~w)︸ ︷︷ ︸
Term III
(2.10)
Term I = Convective acceleration in the relative frame of reference
Term II = Centrifugal acceleration
Term III = Coriolis-acceleration
Eq. 2.10 shows the driving forces3 on a particle moving through the impeller. The pressure
gradient is determined by the local convective acceleration within the relative frame of reference,
as within the absolute frame of reference. However, two additional accelerations impact the
kinematics of the flow: the centrifugal force and the Coriolis-force. The Coriolis-force is mainly
responsible for the separation of high and low-momentum fluid within the impeller channel and
will be addressed in more detail in Sec. 2.3.3. The implication of Eq. 2.10 for the idealized two-
dimensional exducer flow can be illustrated more perspicuously, when rewritten in the streamwise
3The force results from the acceleration working on a particle with a finite mass.
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(s) and blade-to-blade direction (n), as shown schematically in Fig. 2.3. When assuming a perfect
flow guidance by the blade (ws = w and wn = 0), a rotational vector ~Ω which is orthogonal to
the exducer blade-to-blade plane and using the mathematical identity w
~∂s
∂s =
w
Rc
to express the
acceleration due to the streamline curvature using a radius, the momentum equations yield:
− 1
ρ
∂p
∂s
=
Streamwise acceleration︷ ︸︸ ︷
w
∂w
∂s
−RΩ2sinβ (2.11)
− 1
ρ
∂p
∂n
=
w2
Rc︸︷︷︸
Acceleration due to the
streamline curvature
−RΩ2cosβ + 2Ωw (2.12)
The first RHS term in Eq. 2.11 is the result
Fig. 2.3: Force equilibrium within the impeller
exducer
of the streamwise deceleration within the im-
peller passage, whereas the first RHS term in
Eq. 2.12 is the result of the streamline curva-
ture. Furthermore, the Coriolis-force works
solely in the n-direction. When comparing
the single terms in Eq. 2.11, it can be demon-
strated that, contrary to the axial rotor, the
major static pressure build-up results from
the centrifugal force. Due to this, the bound-
ary layer within the centrifugal impeller can
withstand a much higher pressure rise com-
pared to an axial compressor. In most cases,
and as within the compressor investigated,
approximately half of the static pressure rise
is achieved within the impeller. Eckert et al.
[63] link the static degree of reaction (∆himp/∆ht,st) to the blade outlet angle. Using simple
considerations, the authors show that the static degree of reaction is around 0.5−0.6 for modern
radial compressors with a back sweep angle between βb = 90
◦ to 120 ◦. The static pressure rise
in the impeller is, in practice, limited by the maximum flow deceleration within the impeller
passage and the permissible deceleration and related losses within the diffuser [101].
By eliminating the pressure gradient in Eq. 2.12, information on the blade-to-blade velocity
distribution can be acquired. When expressing the change in static enthalpy using the velocity
components (Eq. 2.7), in combination with the second law of thermodynamics in differential
form, the following is:
∂h
∂n
=
1
ρ
∂p
∂n
+ T
∂s
∂n︸ ︷︷ ︸
= 0
= w
∂w
∂n
− u∂u
∂n
= w
∂w
∂n
− Ω2R∂R
∂n
(2.13)
The s in Eq. 2.13 denotes the specific entropy. When substituting the Left Hand Side (LHS)
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of the impulse equation in the n-direction (Eq. 2.12) by the RHS of Eq. 2.13, the following
correlation for the velocity gradient between the blades is found:
∂w
∂n
=
w
Rc
+ 2Ω (2.14)
From Eq. 2.14, it becomes evident that the velocity increases from the pressure side (PS) to
the suction side (SS). This effect is increased for a positive curvature (Rc > 0), as for example
shown in Fig. 2.3. The increase in relative velocity in the n-direction generates a forced vortex
within the blade-to-blade. This passage vortex is responsible for the decrease in circumferential
velocity of the impeller discharge (cu,out), often referred to as ”slip”, and results in a decrease in
the specific work input (see Eq. 2.7). As pointed out by Braeunling [19], increasing the number
of blades decreases the blade-to-blade vortex and so too the slip.
2.3.3 Viscous kinematics of the flow within the centrifugal impeller
In addition to the blade-to-blade vortex discussed
Fig. 2.4: Viscous flow within the exducer
previously, a streamwise vortex, rotating counter-
clockwise to the impeller rotation, is induced within
the inviscid channel flow. A detailed discussion can
be found in the work of Johnson et al. [121] or
Brun et al. [23]. However, the presence of a tip
clearance, as within the impeller investigated, has
a dominant effect on the development of the sec-
ondary flow within the viscous impeller flow.
The build-up of secondary flow within the radial
impeller is described in detail by Ziegler [271]. At
the top of Fig. 2.4, the secondary flow in a plane or-
thogonal to the direction of the flow (denoted by the
S3-plane) within the relative frame of reference in
the exducer is shown. Due to the meridional curva-
ture, the high-momentum fluid is convected towards
the hub. On the contrary, the low-momentum fluid,
coming mainly from the tip-clearance, is accumu-
lated in the near shroud region, shown in gray at the top of Fig. 2.4. Due to the difference in
relative velocity, the Coriolis-force drives the high-momentum fluid (also known as ”jet”) to-
wards the PS (Fig. 2.4- 1 ), whereas the low-momentum fluid (also known as ”wake”) is driven
towards the SS (Fig. 2.4- 2 ). The tip-clearance flow is accumulated in the tip clearance vortex
(Fig. 2.4- 3 ) and is transported along the shroud (Fig. 2.4- 4 ). Contrary to the core flow, the
secondary velocity within the low-momentum boundary layer is determined by the pressure field
dictated by the core flow. This results in a secondary flow from the PS to the SS within the hub
boundary layer (Fig. 2.4- 5 ).
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Within the S1-plane, shown at the bottom of Fig. 2.4, the accumulation of low-momentum fluid
in the wake region near the passage SS, causes a decrease in relative velocity w. This, in its
turn, results in a smaller meridional velocity. In addition, the lower Coriolis-force causes the flow
deviation to be smaller within the wake region. These two effects result in a deviation between
the jet and the wake in the discharge flow, as shown schematically by the velocity triangles in
Fig. 2.4. Within the absolute frame of reference, this results in an alternating approaching flow
for the diffusion system and one of the major mechanisms for the unsteady impeller-diffuser
interaction, as discussed in Sec. 3.6.
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2.4 Aerodynamic fundamentals of the diffusion system
The diffusion system is essential for the functionality of the centrifugal compressor as part of an
aero engine. There are several reasons for the necessity of the diffusion system downstream of
the impeller. The discharge of the impeller, characterized by a high flow velocity and low static
pressure, results in a high combustion length, combustion instabilities or even a flame extinction.
An efficient and compact combustor design is not feasible under these conditions. Furthermore,
there are two important aerothermodynamic mechanisms requiring a flow deceleration before
combustion can take place. Taking into account the well-known Rayleigh-characteristic [101,
119], it can be shown that for a constant effective flow area both subsonic and supersonic flow
reaches a Mach number of unity when enough heat is transferred into the fluid. This leads to
thermal blockage, at which point the mass flow rate of the engine cannot be increased further.
This is a major limitation for high-speed air-breathing propulsion systems [138]. In order to
maximize the compressor’s power density and simultaneously avoid high shock losses in the
diffuser, the possible heat input would be very limited for the discharge of a radial impeller,
typically just below Ma = 1. In addition to this, the thermal pressure losses (in the literature
also known as ”hot losses”) generated during combustion rise exponentially to the combustor
inlet Mach number [19, 57].
Fig. 2.5: Diagrammatic representation of the diffusion system used in the compressor investi-
gated.
A simplified presentation of the components of the compressor investigated is given in Fig. 2.5.
The first part of the diffusion system is in the radial direction. The pipe-diffuser (Fig. 2.5-
1 ) is close-coupled to the impeller, with a radial clearance of only 3.6% in relation to the
impeller’s trailing edge (TE). For the aero engine application, the compressor map width and
manufacturing costs play a secondary role, whereas the efficiency and the compactness is of
major importance. As a result, a close-coupled pipe-diffuser with a rapid controlled diffusion
is the preferred choice [117, 36, 114]. Characteristic for the pipe-diffuser is the elliptical lead-
ing edge, shown schematically on the right of Fig. 2.5. The elliptical leading edge provides a
lower sensitivity to the flow incidence at high subsonic Mach numbers. In addition, it gener-
13
2 Fundamentals of aerodynamics relevant to the centrifugal compressor
ates two streamwise counter-rotating vortices which increase the mixing and thereby lower the
aerodynamic blockage in the diffuser’s throat. Downstream of the pipe-diffuser, a vaneless space
(Fig. 2.5- 2 ) couples the pipe-diffuser with the deswirler. The deswirler redirects the flow into
the combustion chamber and minimizes the combustor inlet-swirl. The deswirler contains a
radial-axial bend (Fig. 2.5- 3 ) and vanes (Fig. 2.5- 4 ).
2.4.1 Inviscid compressible flow in a 2D radial vaneless diffuser
Using the stream filament theory, the inviscid adiabatic compressible flow in a two-dimensional
radial diffuser without vanes can be described by the following conservative equations in cylin-
drical coordinates:
1
ρ
dρ
dr
+
1
cm
dcm
dr
+
1
r
= 0 (2.15)
1
ρ
dp
dr
+ cm
dcm
dr
− c
2
θ
r
= 0 (2.16)
cm
dcθ
dr
+
cmcθ
r
= 0 (2.17)
κR′
κ− 1
dT
dr
+ cm
dcm
dr
+ cθ
dcθ
dr
= 0 (2.18)
Eq. 2.15 to Eq. 2.18 represent the conservation of mass, radial momentum, tangential momentum
and energy. By integrating and combining Eq. 2.15 and Eq. 2.16, it can be shown that ρ cmcθ =
const. This simple relationship describes for ρ = const what is mathematically known as a
logarithmic spiral; a streamline with a constant flow angle α (Fig. 2.6). For a given diffuser ratio
Rout/Rin, the logarithmic spiral results in a flow path which is characterized by a large covered
distance, resulting in a high total pressure loss. Furthermore, since the flow does not undergo a
turning, the requirements of the downstream deswirler system are high.
It can be demonstrably shown, using simple considerations,
Fig. 2.6: Components of the ve-
locity triangle.
that the vaneless radial diffuser is not suitable for the core-
engine application. When combining the equation of the
conservation of mass and tangential momentum, introducing
the identity arctan(α) = crcm as well as the critical condition
denoted with ∗ and using the well-known isentropic relations,
the following equations can be derived [101]:
α
α∗
=
(
1
κ+ 1
{
1 +
κ− 1
2
Ma2
}) 1
κ−1
(2.19)
R∗cosα∗
Rcosα
=
c
c∗ =Ma
(
κ+1
2
1 + κ−12 Ma
2
) 1
2
(2.20)
Eq. 2.19 and Eq. 2.20 directly correlate the necessary radial extension for a given inlet condition
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and required deceleration4. Within the compressor investigated, the inlet flow at Ma = 0.9
and α = 15 ◦ is decelerated to Ma = 0.3 before entering the deswirler5. This deceleration is
achieved within a radial extension of Rout/Rin = 1.4 using the pipe-diffuser. On the contrary, a
Rout/Rin = 2.8 would be required to achieve the same flow deceleration using a vaneless diffuser.
The significant larger radial extension would result in an uneconomical diffuser design, since the
weight, frontal area and costs rise exponentially in relation to the outer diameter.
Nevertheless, the use of a vaneless diffuser within the radial part of the diffuser is justifiable.
On the one hand, the vaneless diffuser is capable of decelerating supersonic flow to subsonic
conditions without a shock and the resulting high losses. On the other hand, the flow mixing
within the vaneless diffuser can be of advantage, as will be demonstrated in the later analysis.
2.4.2 Channel diffusion for inviscid compressible flow
The diffuser system investigated is characterized by a high change in the Mach number in between
the inlet and outlet. The rate of streamwise diffusion depends on the local Mach number. Again,
using the stream filament theory, the one-dimensional inviscid adiabatic compressible flow is
described by the conservation of mass, momentum and energy in the following form:
d
dx
(ρcA) = 0 (2.21)
1
ρ
dp
dx
+ c
dc
dx
= 0 (2.22)
κR′
κ− 1
dT
dx
+ c
dc
dx
= 0 (2.23)
Rearranging Eq. 2.21 to Eq. 2.23, assuming a perfect gas and introducing the identity Ma =
c/
√
κR′T gives the streamwise pressure gradient and the streamwise gradient in Mach number:
1
p
dp
dx
=
κMa2
1−Ma2
1
A
dA
dx
(2.24)
1
Ma
dMa
dx
= −1 +
κ−1
2 Ma
2
1−Ma2
1
A
dA
dx
(2.25)
Important statements concerning the subsonic diffusion of compressible flow can be made, based
on Eq. 2.24 and Eq. 2.25. Assuming a constant area expansion (dAdx = const), the streamwise
pressure gradient as well as the streamwise deceleration increase drastically from Ma = 0 to
Ma = 1, due to the non-linear relationship with the Mach number. For a subsonic diffuser with
a high inlet Mach number, this causes the static pressure recovery, as well as the deceleration,
to be achieved mainly in the front part of the diffusion system. Furthermore, the static pressure
gradient and flow deceleration react more sensitively to changes in the effective flow area A at a
high Mach number. Therefore, small changes in the aerodynamic blockage B =
Aeff
Ageom
, defining
the ratio between the effective and geometrical flow area (details can be found in Sec. 3.2), result
in a large change in the static pressure rise and flow deceleration.
The flow within the pipe-diffuser deviates substantially from a purely one-dimensional flow.
Typical for the investigated diffuser is the presence of two streamwise counter-rotating vortices.
4Using Main, αin and Rin the critical reference quantities
∗ can be calculated. Next, the required radius can be
calculated explicitly based on the critical reference quantities and the targeted flow deceleration.
5Numbers are based on the TRU configuration.
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The kinematics of a vortex can be described using the circulation Γ, which yields:
Γ =
∮
~c · d~x (2.26)
For inviscid and barotropic flow (ρ = f(p)), Kelvins circulation theorem shows that the circula-
tion Γ is a conservative quantity [236]:
DΓ
Dt
= 0 (2.27)
Using the identity ∇×~c = 2~ω as well as Stokes’ theorem to express the circulation as a function
of the vortex tube through-flow-area, the following relationship between the circulation and
vorticity ω can be stated:
Γ = 2
∫ ∫
~ω · ~ndA (2.28)
For a vortex filament (dA→ 0) it states:
2~ω · ~n∆A = Γ (2.29)
Eq. 2.29 shows the kinematic behaviour of a streamwise vortex in a divergent flow. The vorticity
decreases as the cross-section of the vortex filament increases.
2.4.3 Channel diffusion for viscous compressible flow
The aerodynamics of the linear diffuser has been investigated extensively in the past, as discussed
in Sec. 3.2. Except for the area ratio, the viscous diffusion of the flow is controlled by other
factors. The pressure recovery and flow regime (no stall, transitional stall, fixed stall) are
impacted by the condition of the inlet boundary layer, as well as the intensity and type of
secondary flow.
The performance of a linear diffuser is displayed in a diffuser map [202, 194, 117], typically
showing the pressure recovery, diffuser efficiency and the stall regime in relation to the diffuser’s
geometry. The original (further denoted by NOM) and truncated pipe-diffuser (further denoted
by TRU) investigated are shown in a diffuser map for conical diffusers in Fig. 2.7, measured by
Ishikawa et al. [113]. On the left side, the static pressure recovery Cp (Eq. 2.3) and diffuser
efficiency ηdiff (Eq. 9.4) are shown and, to the upper right, the flow regime is shown. The pipes’
geometry is defined by the area ratio AR = AoutAin and the dimensionless diffuser length
L
Rth
. The
green solid Cpmax-line represents the maximum pressure-recovery at a prescribed area ratio AR.
The green dotted lines represent the diffuser efficiency ηdiff .
Although the representation of the pipe-diffuser within a linear diffuser map has a limited valid-
ity6, it qualitatively shows that the area ratio of the original pipe-diffuser design is exceptionally
6The diffuser map of Ishikawa [113] has been chosen due to the similarity of the streamwise pressure recovery
between a conical and the investigated pipe-diffuser. Nevertheless, it should be stated that the experiment has
been conducted at a lower Reynolds Number (Re = 3.12E + 5), a lower inlet blockage (B = 0.04) and lower
turbulence intensity (Tu = 0.5 − 6%). Furthermore, the pressure recovery within the pipe-differ investigated
is not limited by the natural boundary layer destabilization and resulting flow separation, as shown by the
author in [260].
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high, which would lead to a low diffuser efficiency and a fixed stall. By tendency, the trunca-
tion of the pipe-diffuser increases the diffuser efficiency, evident by the closed proximity to the
Cpmax-line. Simultaneously, the flow regime moves from the fixed stall to the transitional stall.
Both effects are demonstrated in Sec. 5.
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Fig. 2.7: Representation of the pipe-diffuser investigated in a diffuser map of Ishikawa et. al
[113].
In addition, other than the typical linear diffuser, the pipe-diffuser investigated has a complex
inlet flow condition and a radial extension, enforcing the flow to follow a logarithmic spiral. The
author has shown in [262] that the static pressure recovery and the flow separation within the
radial pipe-diffuser is dominated by the following mechanisms, of which the first three are shown
on the left of Fig. 2.8:
• the two streamwise counter-rotating vortices at the pipe inlet. This mechanism causes a
transport of low-momentum fluid over the side-walls to the PS whereas high-momentum
fluid is transported from the core flow towards the SS. As a result, a PS separation is
enforced in between the two vortices, as schematically shown at the left of Fig. 2.8.
• the SS boundary layer δSS . This boundary layer is thick, due to the long running length
over the pipes SS before reaching the diffuser throat. The SS boundary layer stimulates
an SS separation.
• the PS boundary layer δPS . This boundary layer is thin due to the short running length
and negative flow incidence to the diffuser’s LE, resulting in a fluid acceleration in the flow
over the boundary layer. This mechanism stimulates an PS separation.
• the conservation of tangential momentum. For a homogeneous inlet condition, this mech-
anism causes the flow to separate at the SS of the pipe-diffuser.
The four mechanisms are enlisted with a declining impact on the development of the flow within
the pipe-diffuser. The impact of the mechanisms is investigated by using stand-alone diffuser
simulations. The dominance of the mechanisms is determined by varying the strength while
simultaneously combining the mechanisms. The boundary layers are varied by applying a linear
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velocity distribution with a predefined boundary layer thickness δ. The two streamwise counter-
rotating vortices are modeled as a Rankine-vortex. The vortex strength is regulated by varying
the maximum circumferential velocity cθ,max of the Rankine-vortices. By combining the SS
boundary layer, the PS boundary and the counter-rotating vortices, it is shown that the latter
mechanism dominates the location (PS or SS) and the extent of the flow separation within the
pipe-diffuser. At the right of Fig. 2.8, the pipe-diffuser’s static pressure recovery Cp is plotted
in relation to the strength of the two streamwise counter-rotating vortices. The static pressure
recovery Cp is closely coupled with the degree of the separation and reaches a maximum when a
symmetrical separation is observed. At higher levels of vortex strength, as found in a full-stage
simulation, a strong PS separation is observed. This outcome is in agreement with experimental
data as recorded by Zachau [267], showing a PS separation at the aerodynamic design point
(ADP) as well as close to stall.
cθ,max/cref=ΓR/(2 piR)   1/cref
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Fig. 2.8: Flow mechanisms at the pipe-diffuser inlet which potentially induce a flow separation
(left). Impact of the vortex intensity on the side of the separation and pipe-diffuser’s
static pressure recovery Cp (right) [262].
2.4.4 Inviscid kinematic of the radial bend
Due to space and weight restrictions for the aero engine, the flow redirection from the radial
towards the axial direction into the combustion chamber takes place in a compact bend. The
bend is characterized by a high meridional flow curvature, which results in a spanwise pressure
gradient. The momentum equations can be transformed to any orthogonal curvilinear base, as
shown by Kee [129]. For the sake of simplicity, the spanwise pressure gradient derived from the
momentum equation is given for a two-dimensional bend here, being a good approximation for
a three-dimensional bend at a large radial extension (R >> h and R >> b in Fig. 2.9). The
spanwise pressure gradient can be expressed as a function of the meridional velocity cm and the
tangential velocity cθ:
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1
ρ
dp
dζ
=
c2θ
R
sin(γ) +
c2m
Rc
(2.30)
The first term on the RHS of Eq. 2.30 repre-
Fig. 2.9: Inviscid flow in a 2D radial bend.
sents the spanwise component of the centrifu-
gal force as a result of the tangential velocity
and the second term on the RHS of Eq. 2.30
represents the spanwise pressure gradient due
to the streamline curvature in the meridional
plane. Assuming a near constant velocity cθ
and cm, which is approximately valid for a
small bend at a large outer radius (R >> b in
Fig. 2.9), the first term to the RHS of Eq. 2.30
results in a maximum spanwise pressure gra-
dient at the top of the bend. Within the first half of the bend, the shroud boundary layer
experiences a high adverse pressure gradient ∂p∂m , whereas this is the case for the hub within
the second part of the bend, as schematically insituated in Fig. 2.9. By tendency, these regions
are the most vulnerable to flow separation, as experimentally and numerically demonstrated in
many investigations [90, 241, 30, 29]. Furthermore, Eq. 2.30 dictates that high-momentum flow
results in a larger meridional curvature radius Rc than low-momentum fluid to obey the radial
equilibrium, which induces secondary flow in form of streamwise vortices for an inhomogenious
inlet velocity.
The relationship between both velocity terms on the RHS of Eq. 2.30 is of special interest
for a bend with integrated vanes, as within the three-dimensional deswirler investigated. The
circumferential velocity component is, in first-order, controlled by the flow redirection in the
blade-to-blade plane. This illustrates the aerodynamic coupling of the blade-to-blade and the
meridional plane. A high flow redirection within the first part of the bend is preferable to reduce
the spanwise pressure gradient and coupled amount of induced cross-flow7. However, the flow
diffusion within the blade-to-blade plane is limited, as discussed in the next section.
7A typical cross-flow for the investigated flow problem is the skewed boundary layer on the deswirler vane, which
is directed towards the hub as a result of the spanwise pressure gradient.
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2.4.5 Aerodynamics of the deswirler blading
As part of the work presented, two different blading strategies are investigated within the
deswirler; a tandem vane and a single vane configuration. In the following section, the two-
dimensional airfoil aerodynamics relevant to the single vane and tandem vane design will be
presented.
2D cascade flow
The goal of the vanes within the deswirler
Fig. 2.10: Circulation around profile within a two-
dimensional cascade.
is to recover the remaining kinetic energy
to static pressure by diffusion. In case of a
two-dimensional compressor cascade
(|~cin|>|~cout|), the diffusion is achieved by
flow redirection. The correlation between
the flow redirection and the blade pressure
distribution can be established using the
profile circulation Γ.
Fig. 2.10 shows a control volume around a
cascade profile. The clockwise circulation
Γ (Eq. 2.26), assuming a periodic vector
field, yields8:
Γ =
∫ B
A
~c · d~x+
∫ C
D
~c · d~x (2.31)
=
∫ B
A
cθdθ −
∫ C
D
cθdθ (2.32)
For a steady-state, homogeneous inlet and outlet flow field, Eq. 2.32 can be simplified to:
Γ = t · (cθ,in − cθ,out) (2.33)
Using the Kutta-Joukowski theorem, which can be derived from the momentum balance and
the Bernoulli -equation [4, 236], the profile force per height unit can be directly related to the
circulation Γ and the blade surface pressure distribution:
Fθ
h
= ρincin,mΓ = −
∫ F
E
(p~en) · ~eθds︸ ︷︷ ︸
SS
−
∫ E
F
(p~en) · ~eθds︸ ︷︷ ︸
PS
(2.34)
Fm
h
= −ρincin,θΓ (2.35)
Combining Eq. 2.33 and Eq. 2.34 shows the relation between the pressure distribution and flow
redirection. An increase in the pressure difference between the blades PS and SS, commonly
8For the sake of uniformity the cylindrical θ −m coordinates are used here.
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referred to as blade loading, results in an increase in the flow redirection and, in case of a
compressor cascade, an increase in diffusion.
For viscous flow, the actual amount of diffusion which can be achieved without causing the
cascade’s boundary layer to separate, resulting in a significant increase in total pressure loss, is
a major parameter. The diffusion-factor DF [18], shown below, is commonly used to assess the
achieved diffusion or define the maximum allowable diffusion:
DF2D = 1− cout
cin
+
t
l
∆cθ
2cin
(2.36)
Eq. 2.36 shows the dependence of the diffusion-factor on the Haller -criteria, represented by the
second term on the RHS, which accounts for the absolute flow deceleration within the cascade.
The absolute flow deceleration is prone to cause the boundary layer to separate at the cascade’s
end-walls. In addition, the dependence of the blade loading is represented by the third term
on the RHS. When a certain blade loading is exceeded, the blade profile will stall as a result
of the high adverse pressure gradient at the blade’s SS. The adverse pressure gradient at the
blade’s SS can be correlated with the flow redirection ∆cθ. Details can be found in Johnsen et
al. [120]. For a two-dimensional flow around a NACA-profile, a value above D2D = 0.6 is to be
avoided. Extended definitions to account for the diffusion due to a radial extension, as present
in centrifugal compressors, can be found in Japikse et al. [116] or Pavesi et al. [183].
2D tandem vane aerfoil
Instead of one blade, multiple-blades at an equivalent accumulated chord length, positioned in a
tandem configuration, can offer aerodynamic advantages. The use of multiple-aerfoils to increase
the circulation is a well-known principle used since the early days of aviation and is standard in
modern aircraft wing design.
The fundamental principles and advantages of multiple airfoils for use in high-lift wing aero-
dynamics have been described in detail by Smith [234]. The major effects can be divided into
potential effects and viscous effects, schematically shown in Fig. 2.11. The potential effects
are denoted by Smith as the circulation-effect, the slat-effect and the dumping-effect. The
circulation-effect describes the increase in circulation around the upstream blade, induced by
the increased incidence as a result of the displacement effect of the downstream blade. The
slat-effect is a reduction of the suction peak at the SS of the downstream blade caused by the
downwash of the first profile. This effect increases with an increasing angle of attack and delays
a separation on the downstream profile, making this type of configuration more robust to off-
design conditions9. The dumping-effect implies an increased dumping velocity at the first blade’s
TE, generated by the displacement of the second blade row and flow contraction within the gap.
This effect delays a separation on the first profile by allowing an increased suction peak. The
viscous effects are the off-the-surface boundary layer recovery 1 and the fresh-boundary-layer
2 effects. The first implies the dumping of the first row’s boundary layer into the second row’s
free stream, whereas the second effects implies the generation of a new, thin and stable boundary
9Increase of the maximum angle of attack at which a wing stall occurs in aviation applications.
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(a) Circulation-effect (b) Slat-effect
(c) Dumping-effect (d) Off-the-surface- and Fresh-boundary-layer-effect
Fig. 2.11: Schematical representation of the potential effects (a-c) and the viscous effects (d) of
a multiple-aerfoil configuration [234].
layer on the SS of the second profile. This effect can significantly delay or even prevent a flow
detachment on the airfoil’s SS.
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2.5 Entropy production
As stated by Denton [46], the only rational measure of loss generation is the creation of en-
tropy. Although the aerodynamic quality of a compressor is usually expressed by an efficiency η
(Sec. 2.2), which shows the relationship between the TPR gained and the TTR provided in the
case of the isentropic efficiency, these two quantities also define the change in specific entropy
10:
∆s = cpln
(
T
Tref
)
−R′ ln
(
p
pref
)
= cpln(TTR)−R′ ln(TPR) (2.37)
For an adiabatic flow problem, the change in the entropy is a direct measure of the entropy
production in the control volume. A classic way to visualize the areas which are responsible for
the aerodynamic losses is the visualization of the specific entropy s. This way of visualizing the
loss is justified, since the interaction of the fluid coming from the source of the loss production
with the surrounding flow can be demonstrated. However, the detailed analysis of loss in a
centrifugal compressor is challenging due to the highly three-dimensional nature of the flow. The
possibility to classify, localize and quantify the loss source is limited when using the entropy. As
such, the calculation of the specific entropy production will be used in the investigation presented.
Nevertheless, it is important to distinguish between the root cause of a loss mechanism and the
location of the loss production. In general, the root cause can be found upstream of the region
in which the entropy production takes place.
2.5.1 Calculation of the entropy production
The conservation of the internal energy e for a fluid can be expressed using the index notation
as follows [220, 26]:
ρ
De
Dt
+
∂
∂xi
(λ
∂T
∂xi
) = −p ∂ci
∂xi
+ τij
∂ci
∂xi︸ ︷︷ ︸
φ
(2.38)
The conservation law Eq. 2.38 assumes a continuum. Radiation, combustion and work done by
body forces are neglected. Furthermore, the heat flux density obeys Fourier’s Law. On the
LHS, the material derivative (Lagrange-approach) shows the change in internal energy e. The
second term on the LHS represents the change in internal energy due to heat conduction. On the
RHS, the source terms are represented by the fluid work (first term), representing a reversible
exchange between the internal energy and mechanical energy as a result of the longitudinal
strain of a fluid element. The second term on the RHS is the dissipation function φ. A more
detailed interpretation of the dissipation function φ is given below. When combining Eq. 2.38
with the Gibbs-equation:
ρ
De
Dt
− p
ρ
Dρ
Dt
= ρT
Ds
Dt
(2.39)
10This relationship can be derived by substituting the differential enthalpy equation in the Gibbs-equation [9]. A
thermally and calorically perfect gas is assumed. The derivation of the entropy change as a function of the
TTR and TPR can be found in [102].
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the entropy transport equation can be derived:
ρ
Ds
Dt
= ρ
(
∂s
∂t
+ ci
∂s
∂xi
)
=
λ
T
∂T
∂xi︸ ︷︷ ︸
ρDs
Dt
|rev
+
λ
T 2
(
∂T
∂xi
)(
∂T
∂xi
)
+
1
T
φ︸ ︷︷ ︸
ρDs
Dt
|irr≥0
(2.40)
The LHS represents the material derivative of the specific entropy s. The first term on the RHS
is the divergence of the entropy flux and represents the reversible change in entropy due to heat
conduction. The second and third term on the RHS represent the specific entropy production,
further denoted by SEP. The second term is the irreversible heat dissipation whereas the third
term is the irreversible transfer of mechanical energy to thermal energy. In most engineering
flow problems, the dissipation of kinetic energy is dominant [38]. The root cause of the kinetic
dissipation can be demonstrated by decomposition of the velocity vector field. The velocity
gradient tensor yields:
Aij = Sij +Wij (2.41)
∂ci
∂xj︸︷︷︸
Velocity gra-
dient tensor
=
1
2
(
∂ci
∂xj
+
∂cj
∂xi
)
︸ ︷︷ ︸
Rate of
strain tensor
+
1
2
(
∂ci
∂xj
− ∂cj
∂xi
)
︸ ︷︷ ︸
Rate of rota-
tion tensor
(2.42)
Eq. 2.42 expresses the fact that the velocity vector field is a combination of a translation, su-
perposed with a rate of strain Sij (symmetric or irrotational part) and a rate of rotation Wij
(anti-symmetric or rotational part). The main diagonal of the rate of strain tensor Sij describes
the longitudinal strain (dilatation) of a fluid element, whereas the anisotropic part of the rate of
strain tensor describes the shear strain of a fluid element [220]. By writing out the Newtonian
stress tensor τij = 2µSij − 2/3Skk, substituting the velocity gradient tensor in the dissipation
function φ with Eq. 2.42 and applying the Stokes’ hypothesis, the following identity for the
dissipation function φ can be derived [26]:
φ = 2µ
(
Sij − 1
3
δijSkk
)2
δij =
{
1 when i = j,
0 when i 6= j (2.43)
Similar to the second term in Eq. 2.40, the quadratic RHS in Eq. 2.43 is equal to or larger than
zero. The dissipation function is merely a function of the rate of strain tensor. Due to the
Stokes’ hypothesis, the trace of the rate of strain tensor Sij is zero and only the anisotropic
part (shear strain) contributes to the dissipation of kinetic energy [26]. The same result can be
found in the work of Joseph et al. [123, 124], who use the Helmholtz decomposition to split the
dissipation function in an irrational, mixed and rotational term. The authors state that most
flows have an irrotational viscous dissipation.
The SEP defines the volume specific dissipation power [ W
m3K
]. To quantify the share of a specific
region, i.e. flow mechanism, in relation to the total entropy production, the SEP is to be
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integrated over the volume: ∫
ρ
Ds
Dt
|irrdV = S˙|irr (2.44)
The derived entropy transport equation (Eq. 2.40) cannot be applied directly for the RANS
simulation. The extension of the entropy transport equation to Reynolds averaged equations
leads to additional terms [136] and a closure problem, similar to the problem known from RANS
turbulence modelling. A comparison of different methods to calculate the SEP for RANS meth-
ods is given by Adeyinka et al. [2]. Two different methods were tested by the author for the
flow problem investigated. The first method is a pragmatic approach, proposed by Moore et
al. [169, 170]. Moore uses the Boussinesq-Approximation to calculate the SEP based on the
mean flow values and the turbulent eddy-viscosity. However, this strategy is only valid if the
dissipation is equal to the production of the turbulent kinetic energy. This assumption is ap-
proximately valid for a boundary layer over a flat plate [186, 60], however it is violated in many
other cases. The second method is provided by Kock et al. [136, 96]. Using a dimensional
analysis, Kock demonstrates a method in which the turbulent quantities are used to determine
the dissipation of turbulent kinetic energy in order to calculate the turbulent dissipation terms
within the Reynolds-averaged entropy transport equation. Details on the calculation used of the
laminar and turbulent terms of the entropy transport equation for the RANS-method, as well
as a comparison of both methods, are given in Sec. 9.3.
Dawes [40] states that entropy production is dominated by turbulent viscous dissipation. Shuja
et al. [230, 231] come to the same conclusion, showing that the turbulent thermal dissipation
reaches only a comparable level close to the stagnation point of an impinging jet with a high heat
flux. The dominance of the turbulent viscous dissipation, representing typically 90% to 95% of
the total SEP, is also observed in the flow problem investigated. It should be emphasized that
the calculation of the SEP, to some extent, depends on the method used and a comparison of
different methods on different meshes is recommended. Additionally, the error of the calculation
of the entropy production depends on the order of discretization [97].
2.6 Relationship between unsteadiness and the total enthalpy
Unsteadiness is a fundamental aspect of the flow through a turbomachine. Dean et al. [44] show
that an unsteady transition is required to increase the fluid’s total enthalpy. For an inviscid,
adiabatic flow and neglecting body forces, the differential change in total enthalpy can be derived
from the First Law of Thermodynamics:
dht =
1
ρ
dp+ cdc (2.45)
The material derivative of the total enthalpy yields the following:
Dht
Dt
=
∂ht
∂t
+ ~c · ∇ht (2.46)
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By substituting the total enthalpy ht on the RHS of Eq. 2.46 with Eq. 2.45, the following identity
can be derived:
Dht
Dt
=
1
ρ
∂p
∂t
+ c
∂c
∂t
+ c
[∇p
ρ
+ (~c · ∇)~c
]
︸ ︷︷ ︸
− ∂c
∂t
see Eq. 2.9
=
1
ρ
∂p
∂t
(2.47)
This form of the First Law of Thermodynamics reveals the fundamental fact that a moving
particle can only change its total enthalpy if a local, unsteady pressure change works on the
particle. A common example to illustrate the meaning of Eq. 2.46 is the increase in total enthalpy
in a compressor’s rotor. For a fixed point in space, a local static pressure transition is enforced
on the passing particles by the movement of the channel, going from the SS towards the PS in the
absolute frame of reference. However, there are other sources of unsteadiness which inherently
result in a fluctuation of the local static pressure and coupled total enthalpy, as addressed in
Sec. 3.6.
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The centrifugal compressor has had a long history in the field of aircraft propulsion, turbo-
charging and industrial compressor applications. In the following section, a discussion on the
literature relevant to the steady and unsteady aerodynamics of the centrifugal compressor’s
components, as well as the loss mechanisms, is given. At the end of this section, a short history
of the GE project at the Institute of Jet Propulsion and Turbomachinery (RWTH Aachen
University) provides an overview of the main outcomes of the work conducted in the past,
leading to the investigation presented.
3.1 The radial impeller
In general, the last stage of a single-shaft multi-stage axial compressor determines the high-
speed stability limit of a compressor [180, 19]. The centrifugal compressor offers a superior
operability compared to an axial stage, essentially as a result of the radial impeller [101, 19].
This makes this type of impeller favorable to use as a last stage in multi-stage compressor
applications. The main reason for this is the centrifugal force, which drives the flow within the
impeller and suppresses operation instabilities. The high tolerance of the centrifugal impeller to
instabilities is experimentally examined by Cousins et al. [35, 33, 34] in a combined axial-radial
compressor application, very similar to the application in which the compressor investigated is
used. Cousins et al. demonstrates that the high tolerance of a centrifugal compressor, well
matched with respect to inlet distortion coming from the axial pre-compressor, can enhance the
stability characteristic of the complete propulsion system significantly. Pampreen [180] shows
that the system stability at the ADP, in the first order, is determined by the slope of the TPR
characteristic of the compressor. It is this characteristic which makes the use of impeller back
sweep essential to ensure a high system stability. Furthermore, Braeunling [19] points out that
a concave curvature of the SS boundary layer and the centrifugal force towards the SS reduces
the build-up of the passage wake and the unfavorable slip at the exit of the impeller when using
an impeller back sweep. At the same time, the lower diffusion within the impeller passage as a
result of the back sweep reduces the stream wise pressure gradient and the coupled boundary
layer growth. The lower absolute velocity at the outlet of the impeller is favorable for the
loss production in the downstream diffusion system. However, the back sweep offers structural
challenges to the impeller design.
The aerodynamics of the unshrouded radial impeller is well understood nowadays and literature
is widely available. A detailed discussion on the flow kinematics within the unshrouded radial
impeller is provided by Majidi [157]. Majidi describes the development of the impeller wake
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region, in which the tip clearance flow is primarily accumulated. The tip clearance leakage is
one of the dominant loss mechanisms within the unshrouded impeller, as demonstrated by Senoo
et al. [224] and Hoshide et al. [108]. More recently, Mansour [158] confirmed this statement by
using a state-of-the-art measuring technique to acquire the entropy distribution at the discharge
of a radial impeller. Senoo [224] shows that there is a linear dependency between the decrease
in impeller efficiency and the relative tip clearance height. The same resume is given for many
impeller geometries over a wide variety of TPR by Jaatinen et al. [245] and this trend is also
confirmed for the impeller investigated by the author in [260]. Experimental investigations of the
flow field within the radial impeller using Laser−2−Focus anemometry are conducted by Eckardt
[62], Ziegler [271] and Krain et al. [144, 145, 146, 147, 93] for unshrouded impellers. Whereas
the first two authors confirm the presence of a classical jet-wake structure, Krain describes a
deviating flow pattern, in which the wake is located within the middle of the blades, rather
then towards the channel’s SS. Interestingly, according to the CFD simulations presented in this
work, this trend is also observed in the impeller investigated. Krain explains this behavior by the
presence of strong streamwise vortices in the channel, which mix out and displace the wake.
3.2 The conical and channel diffuser
The aerodynamics of the pipe-diffuser shows analogies with the aerodynamics of the conical
and the channel diffusers, shown schematically in Fig. 3.1. These types of diffusers combine a
compact, simple architecture with a high diffusion efficiency and have been the focus of research
over many years. One of the main influencing parameters on the performance and flow regime is
the geometry, this being the main focus of earlier works conducted by Ried et al. [193], Sovran
et al. [235], Dolan, Runstadler [58, 202] and Japikse [117]. The conical diffuser provides a
higher area-ratio AR for a given diffuser divergence angle Θ and diffuser length L, compared
to the two-dimensional channel diffuser. On the contrary, the parallel end-walls of the channel
diffuser are more applicable in most situations where design space or production expenditure is
limited. For design purposes, the static pressure recovery and the flow regime, as a function
Fig. 3.1: Geometry of a conical diffuser and a 2D channel diffuser
of the dimensionless characteristic geometrical variables LRth and AR =
Aout
Ain
or Θ, is measured
and plotted in a diffuser map, as shown earlier in Fig. 2.7. In general, the maximum pressure
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recovery is found for a transitory stalled diffuser [7]. The geometry of the investigated pipe-
diffuser is characterized by a progressive area ratio development; lying in between a conical and
channel diffuser with an equivalent length and area ratio.
On a higher level of detail, Carlson et al. [27] investigate the impact of the wall shape on
the diffuser performance and flow regime by comparing a trumpet-type, a straight-wall and a
bell-shape two-dimensional diffuser. For the unstalled and transitional-stalled regime, the bell-
shaped diffuser gives a slightly better performance. The authors conclude that an initial higher
deceleration of the boundary layer is preferable to postpone the boundary layer separation, in
accordance with the investigations of Smith [234]. Parsons et al. [182] investigate the impact of
wall curvature on the flow within a two-dimensional diffuser. Parsons concludes that streamline
curvature substantially affects the boundary layer development. This effect is caused by the
change in turbulence intensity as a result of the curvature [60], rather than the change in the
pressure gradient normal to the wall.
The gas-dynamic analogy dictates that compressible flow is governed in the first order by the
Reynolds number Re and the Mach number Ma. Remarkably, the influence of these dimen-
sionless quantities is much less pronounced than the influence of the aerodynamic blockage B
at the diffuser’s inlet [58, 202]. The boundary layer displacement thickness δ1 is often used to
describe what is referred to as the aerodynamic blockage [117]. For a simple geometry, as for
example a conical diffuser, the relationship between the blockage and boundary layer displace-
ment thickness can be given explicitly: B = 4δ1D . This simple definition illustrates the physical
interpretation of the blockage, giving the fraction of the passage area which is occluded by the
boundary layer displacement thickness. A more convenient way to express the blockage for
highly non-uniform flow is the blockage B, as defined by Runstadler, shown in Eq. 3.1. It also
represents the inlet inhomogeneity by the ratio of the effective through flow area Aeff related to
the geometrical area Ageom. Aeff is calculated using the isentropic core theory, expressing the
effective area to put through the equivalent mass flow assuming an undistorted flow (reference
= ref1). In essence, the blockage defines to which extent the through-flow-area is covered by
low-momentum boundary layer fluid and thereby expresses the degree of flow uniformity. As
discussed in Sec. 3.5, the low momentum boundary layer is vulnerable to separation and eventu-
ally determines the permissible amount of diffusion. Consequently, a high inlet blockage results
in a low pressure recovery within a diffuser.
B = 1− Aeff
Ageom
(3.1)
Aeff =
m˙
pt,ref
[
Tt,refR
κ
(
κ+ 1
2
)κ+1
κ−1
] 1
2
1
Maref
[(
2
κ+ 1
)(
1 +
κ− 1
2
Ma2ref
)] κ+1
2(κ−1)
Except for the aerodynamic blockage, the inlet profile also plays an important role in the pressure
recovery. Nakamura et al. [173] investigate the impact of the inlet profile in the core region. The
1In the work presented, the solution vector with the maximum total pressure pt is used to calculate the reference
state.
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major outcome of this experimental work is that a non-uniform inlet profile, in general, increases
the shear within the core flow and thereby decreases the pressure recovery achieved. Shimizu et
al. [229] investigate complex inlet profiles with a non-uniform velocity in the diffuser centerline
direction as well as different swirl types and boundary layer thicknesses. Contradictory results
with respect to the impact of the swirl on the static pressure recovery are gained. With only a
thin boundary layer applied, the authors state that the swirl merely increases the loss genera-
tion, whereas the swirl can counteract the early separation induced by thick boundary layers.
Furthermore, the type of boundary layer has an impact on the pressure recovery achievable, as
demonstrated by Klein et al. [135]. Turbulent boundary layers can withstand a larger static
pressure rise due to the mixing transverse to the direction of the flow. This exchange re-energizes
the inner region of the boundary layer, suppressing a separation and increasing the achievable
pressure recovery. Similar results are obtained by Hoffmann et al. [106, 107], who investigates
the influence of free-stream turbulence on the performance of a subsonic two-dimensional dif-
fuser. Further details on the numerical prediction of the diffuser performance, as well as the
boundary layer calculation for diverging flow and extensive experimental data, can be found in
the work of Reneau et al. [194], Senoo et al. [227], Ashjaee et al. [7] and Johnston et al. [122].
McDonald et al. show [161] that a single axial inlet swirl has the potential to increase the
maximum static pressure recovery for a stalled diffuser and change the flow regime by shifting the
separation to larger area ratios due to the induced centrifugal force. Multiple, counter-rotating
vortices can be found in the literature as another mechanism to improve pressure recovery. The
potential of counter-rotating vortices to control a flow separation is demonstrated in numerous
studies. Vortex generators, either used in a diffuser [226, 243], over a flat-plate [25], or on the
suction side of an aircraft wing [223] or wind-turbine airfoil [172], have been experimentally and
numerically proven to be capable of transporting energy-rich fluid from the outer flow into the
low-momentum boundary region. This effect, combined with the impinging of the boundary
layer, suppresses the growth of the boundary layer and the associated separation.
The impact of unsteady flow on the diffuser is investigated experimentally by Schachenmann
et al. [211]. Schachenmann exposes the flow within a conical diffuser to longitudinal velocity
fluctuations but was unable to demonstrate a measurable change in the diffuser performance for
the investigated frequency-spectrum and longitudinal amplitude. The longitudinal oscillation of
the flow field within the pipe-diffuser investigated is compared to the data from Schachenmann
by Findeisen [73]. Findeisen concludes that the low longitudinal excitation in the pipe-diffuser
investigated does not have an impact on the static pressure recovery.
3.3 The pipe-diffuser
The aerodynamic analogy between the pipe-diffuser and the conical or channel diffuser has
limited validity. The pipe-diffuser consists of an additional vaneless and pseudo-vaneless space
in front of the throat. This part of the diffusion system is responsible for a major part of the
static pressure recovery and often determines the operating range of the compressor [109, 180].
Furthermore, the flow regime of the investigated pipe-diffuser is determined by secondary flow
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effects rather than by a natural boundary layer separation, as within the conical or channel
diffuser.
The concept of the pipe-diffuser dates back to a patent from Vrana et al. [253]. Vrana shows
a diffuser concept with intersecting pipes, tangential to the exit of the impeller. This patent
contains the characteristic throat as well as the elliptical leading edges and is characterized
by a short diffuser length. The discrete-passage type pipe-diffuser investigated is developed
by the General Electric Company and described in the patent of Brayens et al. [24]. The
design combines the three-dimensional character of a conical diffuser in the first half of the pipe
with the two-dimensional character of a channel diffuser in the second half of the pipe. This
way, a high divergence and small wetted surface ratio is ensured in the high velocity region of
the diffuser, whereas parallel end walls are used at the higher area ratios. The throat has a
quadrilateral cross-section with two parallel sidewalls which form the leading edge of the pipe.
Electro discharge milling is used to manufacture the complex geometry and to guarantee a small
shape tolerance and a high surface finish quality.
The first experimental results with the pipe-diffuser are gathered by Kenny [131, 132]. Kenny
explains the need for high efficiency diffuser systems as a result of the ever increasing total pres-
sure ratios and the coupled increase in diffuser inlet Mach number. The overall performance, as
well as the aerodynamic mechanisms characteristic for the vaneless-, vaned-, passage-, multiple-
cascade- and pipe-diffuser, are compared. Kenny states that the major aerodynamic advantage
of the pipe-diffuser lies within the elliptical leading edge, which increases the incidence angle in
a continuous way up until the full leading edge at the diffuser’s throat. The three-dimensional
shape of this leading edge allows it to adapt to the inhomogeneous flow angle distribution, typ-
ically found at the exit of a centrifugal impeller. At the same time, the overflows of these ridges
induce two streamwise counter-rotating vortices. The induced vortices improve the stability of
the flow within the passages. Kenny directly links the superior matching of the leading edge
with the reduction of the aerodynamic blockage in the throat and resulting increase in diffusion
efficiency. Analogous to the linear diffuser, Kenny concludes that a reduction in the throat
blockage is a key parameter to the design of high pressure ratio centrifugal compressors. Ben-
nett [12] established an extensive experimental work on the aerodynamics and design criteria
for the pipe-diffuser, emphasizing the shape and area of the throat as one of the major design
parameter for the pipe-diffuser to predefine the choke limit. Bennett identifies a remarkably
small number of geometrical variables (throat size, number of pipes, sidewall expansion ratio2),
which essentially determine the compressor map width and efficiency. Based on his work, Ben-
nett defines design rules for the pipe-diffuser. A gain in operating range without a performance
penalty can be achieved by reducing the number of pipes and increasing the sidewall expansion
within a certain extent. However, this causes an increase in flow unsteadiness and flow distor-
tion, as demonstrated in his later work [13]. Bennett’s investigations are in good agreement
with the earlier work of Kenny, which states that the pipe-diffuser can offer significant efficiency
enhancements for high (subsonic) Mach number diffusion systems. Salvage et al. [206, 207, 208]
investigated a more exotic pipe-diffuser design with a variable geometry and flow recirculation
2w/b in Fig. 3.1
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by inserting a portion of the gas from the plenum into the impeller exit shroud flow. This diffuser
offers the possibility to decrease the diffuser throat area and thereby enhance the compressor
stall margin in part load. The recirculation mechanism, effectively lowering the inhomogene-
ity at the diffuser’s inlet, gives a superior performance in compressor efficiency. However, the
concept is complex and difficult to use in an aero engine. Filipenco et al. [72] and Deniz et al
[45] underline the lack of knowledge on the aerodynamic sensitivity of centrifugal compressor
diffuser to the inlet conditions and investigate the impact of the inlet flow conditions on the
investigated pipe-diffuser using a non-rotational facility. The impact of the Mach number, inlet
flow angle, blockage and spanwise flow uniformity on the loss generation are investigated. The
main outcome is a high sensitivity to the flow angle and low sensitivity to the inlet distortion
at the impeller outlet. The latter positive effect is explained by the authors as the high mixing
within the pseudo-vaneless space in-front of the diffuser’s throat. A different approach to the
pipe-diffuser is perused by Pratt and Whitney, using the fish-tail type, as shown by Bourgeois et
al. [16]. This pipe-diffuser consists of one continuous curved flow tube, connecting the impeller
with the combustion chamber. The design philosophy is fundamentally different from the designs
investigated in the work presented, using one continuous pipe instead of multiple components
to achieve the diffusion and flow redirection.
Steady 3D-RANS simulations of the compressor investigated are conducted by Wallis et al. [254],
Srivastava et al. [237] and unsteady 3D-RANS simulations by Gould et al. [85] and Grates [87,
88]. In general, the steady CFD methods used show difficulties in capturing the flow field within
the pipe diffuser, as well as predicting the choke margin, which is significantly overestimated.
Furthermore, different methods (steady-state and unsteady) show different solutions for the
pipe-diffuser flow [87, 88]. This discordance in the prediction clearly illustrates the difficulties
in predicting the highly three-dimensional and partially separated flow field of the pipe-diffuser
with modern numerical 3D-RANS methods.
3.4 Components of the deswirler
The deswirler as used within the aero engine application consists essentially of two components
(see Fig. 3.1). The meridional flow path has the shape of a radial U-bend, redirecting the flow
towards the combustion chamber. Other than within a multi-stage radial compressor, the bend
investigated redirects the flow by 120 ◦ − 150 ◦ towards the combustion chamber. The swirl is
reduced by vanes which are positioned downstream or within the meridional bend.
3.4.1 The radial bend
The bend is defined by only a few geometrical parameters in most investigations; the radius of
curvature, the height (which can be variable to enforce a flow acceleration or deceleration) and
the meridional angle. A detailed experimental and analytical work on the flow within a 180 ◦
radial U-bend is given by Rothstein [201]. Rothstein derives an analytical approximation for the
effective streamline length and streamline curvature radius as a function of the bend geometry
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and inlet flow angle for inviscid incompressible flow. The dependence of both quantities is
calculated for the used bend and shown in Fig. 3.2.
The effective streamline length and
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Fig. 3.2: Effective streamline length and radius within
the bend investigated.
streamline curvature determine in first
order the loss generation within the bend,
as demonstrated by the rearranged data
of Rothstein by Japikse et al. [116],
in the work of Nippert [174] and Wen
[256]. With a decreasing inlet flow an-
gle α, the length of the flow path in-
creases whereas the effective curvature
radius decreases. For a constant inlet
flow velocity, a distinct optimum inlet
flow angle can be found. At a higher
inlet flow angle, the loss increases due
to a hub side separation as a result of
the small curvature radius (Fig. 3.2- 1 )
whereas for larger inlet flow angles the
loss increases due to a rapid increase in the length of the flow path (Fig. 3.2- 2 ). From a design
perspective, these effects are a restriction to the bend radius used3. Flow path contraction or
divergence has only a minor impact on the performance due to contracting effects, as shown
by Nippert et al [174]. A contraction of the channel reduces the hub separation. However, the
boundary layer losses increase due to the higher flow velocity. For the bend geometry investi-
gated, this trend is also demonstrated by Supra [241] using steady-state 3D-RANS. Furthermore,
the assessment of the effects of flow-path contraction or divergence should be regarded in com-
bination with blades used, since the Whitcomb Area Rule could be used in advance in this
case.
The impact of the span wise and circumferential inlet profile is numerically and experimentally
investigated by Fister et al. [75]. In general, high losses are observed when a weak hub flow
or circumferential gradients are present at the inlet of the bend. A weak hub flow results in
a hub side separation, whereas the circumferential gradients induce secondary flow in the form
of streamwise vortices. The streamwise vortices are the result of the difference in streamline
curvature between the low-momentum and high momentum fluid (Fig. 2.4.4). This effect is also
seen by Engeda et al. [65] or Oh et al. [177]. The implication of the induced flow inhomogeneity
in a radial bend within an aero engine is demonstrated by Elliott et al. [64]. Elliott conducts an
optimization of a 90 ◦ bend with a downstream mixing area and prismatic deswirler blades and
emphasizes the problem of the flow inhomogeneity at the bend’s discharge flow. The design rule
derived for the minimum axial distance between the bend exit and the LE of the downstream
deswirler vane is determined by the mixing length necessary to achieve an acceptable level of
homogeneity before entering the deswirler.
3Japikse shows an optimum near R/(cosα h) = 2.
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Internal CFD studies showed that for the confined design space given for the aero engine appli-
cation investigated, a maximum radius provides a minimum loss generation [150]. However, one
has to keep in mind that this implies that the limiting factor is still the highly loaded hub flow,
i.e. the introduced blades should suppress or minimize a hub-side separation. This recognition
will play a major role in the following analysis.
3.4.2 Tandem vanes
The appropriate blade strategy is mainly determined by the required flow redirection. As
adressed in Sec. 2.4.5, the fundamental principles of lift increase by using multiple airfoils are de-
scribed by Smith [234] for use in high-lift wing aerodynamics. Since lift and diffusion are directly
related for compressor cascades (Sec. 2.4.5), the same principle is successfully used for many years
in axial stators [188, 92, 164, 266], axial rotors [205, 80], radial impellers [125, 126, 197, 126], as
well as radial diffusers [225, 176, 204].
Nevertheless, there are counteracting mechanisms, typical to the tandem configuration. The
higher number of wakes results in additional entropy production, in particular in a diffusive flow
(Sec. 3.5). Furthermore, as analytically shown by Baumert et al. [11], the tandem design, in
principle, suffers from a high total pressure loss which is caused by the exponential increase in
wall shear stress at the start of a new boundary layer. This actually results in less total pressure
loss for a single vane at a low diffusion factor. The tandem becomes of interest when a high
diffusion factor is required. Under these conditions, the higher profile drag caused by the tandem
vanes is overcompensated by the decrease or absence of flow separation at the blade’s SS.
The key element for an effective tandem vane design lies in the alignment of both blades, as
well as the individual design of both blades. Experimental results are gathered by Guochuan
et al. [92] for double circular arc tandem vane cascades. Guochuan et al. demonstrate the low
losses at a high flow turning and establish a design rule for the double circular arc tandem.
Extensive research has been done by McGlumphy et al. [162, 163, 164], evaluating the tandem
principle for a rotor in the rear stages of an engine core compressor. McGlumphy investigates
the impact of the geometrical parameter, schematically shown in Fig. 3.3, on the loss generation
and flow redirection. In general, a small circumferential distance (large ∆ y) between the blades,
representing a position in which the second blade row is placed close to the PS of the first blade
row, shows a minimum total pressure loss. For the axial positioning ∆ x1, a non-overlap gives
the best results at very high diffusion factors. Falla et al. [69] support this conclusion, stating
that an axial gap reduces the positive blades interaction. The flow redirection, resulting from the
blade angle βb at the LE and TE, are set to provide an equal diffusion in both blade rows. The
equal diffusion distribution is demonstrated to be an optimal solution, supported by an extensive
literature review done by McGlumphy et al. Based on 2D-RANS simulations and a literature
review, McGlumphy develops a simple design rule for the tandem vane design, shown at the
right of Fig. 3.3. A break-even point for the total pressure loss ω is found at a diffusion factor
DF2D of approximately 0.45. If the diffusion factor exceeds this break-even point a superior
performance for the tandem is found. It is emphasized by McGlumphy that the design rule is
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Fig. 3.3: Schematic presentation of the main parameter defining the tandem geometry (left) and
a simple design rule established by McGlumphy et al. [162, 163, 164] (right).
based in the superposition of single profiles and thereby assumes no interaction between the
blades.
Another important characteristic of the tandem vane is the off-design behavior. McGlumphy
et al. show that the tandem is less sensitive to incidence variation as a result of the low Mach
number at the LE of the second blade row, which results in a wider loss bucket. Recently,
Schneider et al. [216] compared a single and a tandem design under subsonic and transonic
conditions at large off-design incidence angles using 2D-RANS. An interesting outcome is the
dissociation from the purely geometrical constraints, as proposed by McGlumphy, to optimize
the blade alignment. Schneider states, that in particular off-design capability is best achieved
by regulating the nozzle gap area and thus the effective gap flow velocity. To ensure a high
off-design tolerance at a negative incidence, it is essential to maintain a high gap mass flow.
Within a limited design space, the ADP performance, as well as the off-design performance at
a positive incidence, shows a significant smaller sensitivity to the gap geometry.
3.4.3 3D-diffusion systems combining the radial bend with vanes
The flow problem gains complexity for a three-dimensional deswirler, in which vanes are inte-
grated within the radial bend. The deswirler is exposed to an inlet flow typically with a high
inhomogeneity, a large fraction of low-momentum fluid and secondary flow, discharged from the
upstream diffuser. Within the deswirler, the flow is exposed to a high spanwise and circumferen-
tial pressure gradient. In addition, a streamwise pressure gradient is enforced on the boundary
layers due to the diverging flow within the radial bend as demonstrated by Sagi et al. [203].
The classical decoupled strategy in which the flow is first redirected in a 180 ◦ radial bend before
entering the return vanes, positioned within a purely radial annulas, can be found widely in the
literature [64, 8, 20, 98, 99, 240]. However, the strong meridional curvature, the long flow path
within the radial bend and the large flow distortion at the exit of the radial bend often result
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in high losses and limit the achievable pressure recovery.
A different approach for multi-stage compressors is shown by Veress et al. [249, 250]. Veress
extends the deswirler vanes upstream within the return bend. This design approach requires
careful design of the vanes to control the blade loading, accomplished by a streamline curvature
method. The blade design developed results in a small reduction in total pressure loss, but a
significant higher flow redirection. The main effects are the reduction in hub separation as well
as the reduction of the streamwise passage vortices. These effects are counteracted by the use
of a positive blade lean [53, 54] within the bend. Positive blade lean is a common strategy to
support the hub flow in radial turbomachines by tilting the pressure field as shown schematically
in Fig. 3.4, resulting in an increased spanwise pressure gradient.
In a three-dimensional flow, special care has
Fig. 3.4: The blade lean principle [53, 54]
to be paid when applying a tandem-blade de-
sign and in recent years, an increasing effort
has been made to investigate the end-wall flow.
A positive effect, which delays the stall of a
radial diffuser with tandem vanes is demon-
strated by Sakaguchi et al. [204]. In this par-
ticular case, the ability to cope with a high-
incidence flow is shown to delay the reversal
of the flow near the shroud, which eventually
leads to stall. Adverse effects can be found in most investigations. McGlumphy et al. [165]
analyze the potential of a rotor tandem in the rear stages of a core compressor under full three-
dimensional flow conditions. The prismatic tandem design shows a mismatch near the hub, due
to the end-wall cross-flow. As a result, larger flow defects are observed near the hub of the
second blade, so reducing the potential performance increase by the SS boundary layer renewal.
The adverse interaction of the first blade’s wake with the tip clearance vortex of the second
blade is observed by Yuping et al. [266]. Mdouki et al. [166] discuss the negative impact of
counter-rotating vortices near the end-wall, which originate from the horseshoe vortices of the
first and second blade, as well as the cross flow at the end-wall. Hertel at el. [95] and Tesch et
al. [242] show a detailed experimental analysis of the flow topology in the end-wall region within
an axial tandem cascade. The authors demonstrate the increase in secondary flow towards off-
design conditions and a strong increase in the near-wall losses which accompany it. The impact
of the end-wall flow on the tandem’s aerodynamics is also highlighted by Schlaps et al. [213].
Schlaps conducts a numerical 3D optimization of an axial tandem stator. The optimization of
the axi-symmetric end-wall shows a large improvement in the aerodynamics, whereas the opti-
mization of the blades shows little potential. This result can be traced back to the dominance
of the end-wall flow with respect to the total loss induced. Another three-dimensional flow
problem is investigated by Orth et al. [179]. In this investigation, the radial tandem diffuser is
replaced by a single vane diffuser with less flow redirection whereas the flow redirection within
the redesigned axial deswirler is increased. With respect to the configuration investigated, it can
be shown that the radial tandem diffuser does not provide a superior performance. Although no
detailed analysis of the root cause of the difference in loss generation is given by the authors, it
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is stated that the single vane radial diffuser generates less loss in the end-wall (shroud) region
of the radial diffuser. Another example in which a single vane provides a better performance
than a tandem vane for a three-dimensional flow problem is shown by the author in [261] for
the deswirler investigated. A more detailed analysis is provided in Sec. 7. In contrast to the
investigations referred to above, a quantitative evaluation of the end-wall losses is given here.
Since the centrifugal compressor investigated is the last stage of an HPC, there is no need for an
180 ◦ flow redirection. This excludes blade strategies with a long chord length as shown by Veress.
Due to the very limited space, the bend with integrated vanes is an attractive configuration for
the compressor investigated. To the knowledge of the author, no literature on the aerodynamics
of a three-dimensional deswirler for the use in aero engines is available at the time of writing.
3.5 Important loss mechanisms for subsonic viscous flow
From the theory in Sec. 2.5, it becomes evident that shear strain within the vector field is
the main cause for the entropy production. A high strain within the flow is typically caused
by boundary layers or secondary flow effects (boundary layer cross-flow, tip-clearance mixing
vortex). A detailed discussion on loss mechanisms, the derivation of analytical solutions, as
well as the physical interpretation can be found widely in the open literature [52, 55, 56, 214,
50, 49, 236, 119]. A short discussion on the major loss mechanisms, relevant to the subsonic
aerodynamics of the compressor investigated, is given below.
The boundary layer is the most important loss mechanism in most subsonic engineering flows.
It is characterized by an extremely high shear rate, forced upon the near-wall flow field by
the non-slip condition at the wall. The dissipation function φ (Eq. 2.40) can be analytically
solved for a two-dimensional laminar boundary layer using the Blasius solution and numerically
or experimentally correlated for a turbulent boundary layer. The area-specific total entropy
production is commonly expressed as a function of the dissipation coefficient CD:
S˙|irr
A
= CD
ρc3δ
T
with CD ∝ Re−1δ2 laminar flow (3.2)
CD ∝ Re−
1
6
δ2
turbulent flow (3.3)
Eq. 3.2 and Eq. 3.3 state that the surface-specific entropy production rises quadratically in rela-
tion to the far field velocity S˙A ∝ c2δ for a laminar boundary layer and even approximately to the
power of three S˙A ∝ c3δ for a turbulent boundary layer. The exponential relation for turbulent
flow is of major importance for the loss generation in the centrifugal compressor and motivates
a quick deceleration of the high-speed fluid discharged from the impeller. For a boundary layer
with a constant far field velocity, the surface-specific entropy production decreases reciprocally
to the increasing boundary layer momentum-thickness, although this dependency is weak for
a turbulent boundary layer. Dawes [39] shows that nearly all entropy production (90%) takes
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place within the laminar sub-layer and logarithmic-layer of the boundary layer, where the shear
strain rate reaches its maximum.
The detachment of the boundary layer, known as flow separation, is regarded as a defect in
most flow problems. Boundary layer separation is one of the core problems in compressor
aerodynamics, due to the adverse pressure gradient, in combination with a convex flow curvature.
Within the cascade, it leads to high losses within the passage as a result of a shear layer in-
between the separated flow and the recirculating fluid. Additionally, it results in a mistuned
approaching flow for the downstream blade row. Although generally recognized as a major loss
mechanism, there is little in the literature on the analytical quantification of the loss generation
coupled with flow separation. Some approaches can be found in the literature [134, 236, 156].
However, these approaches are very problem-specific.
Understanding the root cause of flow separation is essential for the aerodynamic design of a
compressor. For a two-dimensional laminar boundary layer, the momentum equation at the wall
(cx = cy = 0) yields:
1
ρ
∂p
∂x
= ν
∂2u
∂y2
∣∣∣∣
w
(3.4)
Eq. 3.4 shows that the curvature of the boundary layer velocity profile can become positive,
indicating a separation onset, for a boundary layer which experiences a positive streamwise
pressure gradient. Furthermore, a convex curvature can cause flow separation. This tendency
can be demonstrated for potential flow [236]. The boundary layer velocity profile becomes
a stagnation point profile when the flow passes a convex wedge and a certain wedge-angle
is exceeded. Extensive research on boundary layer separation is conducted by Stratford et
al. [238, 214]. Stratford developed the following criterion to calculate the position at which
separation occurs:
[
1−
(
c∞(x)
c∞(x0)
)2]1/2 [
x0 +
δ22,x0c∞(x0)
0, 44ν
]
d
dx
[(
c∞(x)
c∞(x0)
)2]
= −0, 102 (3.5)
From Eq. 3.5, it becomes evident that the position of the boundary layer separation, denoted by
x0, is shifted more upstream when the deceleration increases (last term on the LHS) or the initial
boundary layer momentum thickness δ2,x0 is increased. Smith [234] underlines the importance of
the velocity distribution, showing that a rapid initial deceleration permits a larger static pressure
recovery before separation occurs. Turbulent boundary layers withstand a considerably higher
increase in static pressure rise than laminar boundary layers and are therefore advantageous
for compressor aeromechanics, in contrast to turbines in which the turbulent boundary layers
foremost increase the total pressure loss. The convex curvature increases the Reynolds-stresses
and thereby stabilizes the boundary layer [17, 118, 60]. The complexity of the boundary layer
flow in centrifugal compressors is illustrated by Dean et al. [42], addressing the large number
of different conditions to which the boundary layer is exposed. An evaluation of the boundary
layer under influence of convex/concave curvature and Coriolis-force is given by Braembussche
[246], stating that separation is more likely to take place at the shroud-SS corner in a centrifugal
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impeller. A special type of separation, typically to the highly loaded hub flow also seen in the
deswirler investigated, is the hub-corner stall shown in Fig. 3.5. Early investigations on this
complex phenomena are conducted by Stratford [239] and more recently by Lei et al. [153]. The
basic mechanisms governing the formation of a hub-corner stall are the adverse pressure gradient
in the blade passage, the cross-flow from the pressure to the suction side within the boundary
layer, as well as the condition and skew of the incoming hub boundary layer flow.
The mixing out of a leakage flow can
Fig. 3.5: Schematical representation of the Hub-
Corner Stall as described by Lei [153].
cause significant dissipation within the
core flow. Detailed derivations of mix-
ing processes can be found in Shapiro
[228] and are applied on turbo machine
flow by Denton [56]. For an incompress-
ible flow, applying the conservation of
mass and momentum on a control vol-
ume with a perpendicularly leakage (lk)
injected into a main flow (mn) gives:
T S˙irr =
0.5c2mnm˙lk
[
2 + 3
m˙lk
m˙mn
+
(
m˙lk
m˙mn
)2]
∝ m˙3lk (3.6)
The non-linear relationship between the
tip clearance mass flow m˙lk and the loss
production can impact the time-averaged loss production in the unsteady flow of a radial im-
peller significantly, as shown by Shum et al. [232] or for the compressor investigated by the
author in [263]. Furthermore, Denton shows that the mixing takes place in only a few diameters
length of the leakage flow gap.
When a solid body blocks the flow, a wake is generally formed, resulting in a low momentum
region downstream of the solid body. Similar to the latter loss mechanism, the wake decay is
a mixing process. The magnitude of the velocity deficit between the wake and the surrounding
flow, as well as the streamwise development of the wake determine the total losses generated
by the wake mixing. By numerically simulating a rectangular wake being stretched (converging
flow) or compressed (diverging flow) isentropically and being mixed out inviscid, Denton [48]
shows that the mixing losses increase if the flow is decelerated before mixing or the velocity
difference between the wake and the surrounding flow increases. On a more detailed level,
Denton [47] shows the relationship between of the total pressure loss and the blade TE base
pressure, the mixing of the profile boundary layers and the combined blockage from the TE and
boundary layers. Although always present in turbomachinery flow, Denton points out that the
wake dissipation is of minor importance as long as no blade separation takes place.
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3.6 Unsteadiness and impeller-diffuser interaction within the
centrifugal compressor
Unsteadiness is one of the most fundamental (Sec. 2.6) and simultaneously most complex char-
acteristics of turbomachinery aerodynamics. Unsteadiness can be favorable or detrimental to
the compressors aerodynamics and is very machine-specific. The local time-averaged entropy
production can change significantly when unsteady fluctuations are present in the flow field, due
to the non-linear relationship between the velocity field and the SEP of most loss mechanisms.
A fundamental discussion on the impact
Fig. 3.6: Schematical representation of negative jet
and energy separation [105].
of unsteadiness on the local total en-
thalpy and local total pressure is given
by Hodson et al. [104, 105]. Hodson
demonstrates, on the basis of a turbine
stator, that unsteady flow
(∂p∂t in Eq. 2.46) can result in a varia-
tion in time and space of the stagna-
tion pressure and stagnation tempera-
ture. Besides the cross-transport of high
entropy fluid by the negative-jet4, the
impingement of the moving negative jet
induces a local static pressure fluctua-
tion near the PS or the SS of the cascade, schematically shown in Fig. 3.6. The total temperature
of the fluid changes depending on the dwell time within the region of the unsteady local pressure
change. This effect is often referred to as energy separation and is used when motivating changes
in the unsteady loss production. An example of this phenomena is given for turbines by Hodson
[104], in a radial vaned diffuser by Abdelwahab et al. [1] or in von Karman wake vortices in
recent work of Kopriva et al. [137]. The positive impact of unsteady interaction is given by Rose
et al. [200]. Within this case, the lower total pressure level within wake of the turbine rotor is
equalized isentropically with the core flow by the unsteady work input, resulting in decreased
wake mixing losses.
In general, the close-coupling between the impeller and the diffuser offers advantages with respect
to the diffuser efficiency and compactness of a compressor [270]. For this reason, the close-coupled
centrifugal compressor is widely used in aero engine applications [131, 16]. For the centrifugal
compressor, flow unsteadiness is closely linked with the impeller-diffuser interaction. Two types
of interaction can be distinguished; the unsteady impeller discharge entering the diffusion system
[142, 143]; and the potential field of the diffuser effecting the upstream impeller flow [74]. This
distinction becomes clearer when comparing the investigation of Koumoutsos et al. [139] with
the investigation of Wilkosz et al. [263], investigating a centrifugal compressor with a radial
clearance in between the impeller and diffuser of Rr = 10% respectively Rr = 3.6%. In the first
case the maximum unsteadiness is found within the diffuser, whereas the latter work shows the
highest unsteadiness within the impeller.
4The negative jet is represented by the difference between the time-exact and the time-averaged velocity field
within the wake of the upstream blade row.
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3.6.1 Impeller unsteadiness due to interaction with the diffuser
Shum et al. [232] investigate a centrifugal compressor with different degrees of interaction,
achieved by using different radial gaps (Rr = ∞, 9.2%, 5.2%). The aerodynamic blockage at
the impeller exit, internal loss development and change in slip are linked with the degree of
interaction. Using an analytical model and CFD simulations, Shum is able to show the existence
of an optimum radial gap. Further reduction of the radial gap increases the loss production
within the impeller tip clearance. Gould [85] focuses on the unsteadiness within the impeller
investigated. For different operation conditions, it is shown that the unsteady impeller-diffuser
interaction results in a pressure fluctuation on the blade’s surface which much higher than the
pressure difference across the blade at steady-state conditions. Additionally, Gould demonstrates
that the upstream extent of the unsteadiness is sensitive to the operation point. An increase in
diffusion within the impeller passage results in a decreased attenuation of the upstream moving
perturbations. The author [263] shows the change in entropy production within the impeller
due to unsteadiness. The increase in loss production is traced back to the unsteady mixing of
the tip clearance flow. A more detailed analysis is given in Sec. 6.4.3.
3.6.2 Diffuser unsteadiness due to interaction with the impeller
The centrifugal impeller discharge is characterized by a high inhomogeneity as a result of the
jet-wake flow. Additionally, the typical radial impeller has a blunt trailing edge, resulting in a
pronounced wake. Both the velocity, as well as the flow angle, change substantially in spanwise
and circumferential direction [142, 143, 271, 111]. Dean et al. [43] are able to show that the
exchange of impulse between the jet and the wake, within the absolute frame of reference, induce
dispersing pressure waves and can result in an additional reversible work transfer, as mathemat-
ically expressed by Eq. 2.47. On the other hand, the higher flow velocity of the wake within the
absolute frame of reference causes an increase in the boundary layer loss production. Trebinjac
et al [244] investigate a high-pressure transonic centrifugal compressor and show an underes-
timated performance prediction by steady simulation in comparison with unsteady numerical
results and experiments. This effect is traced back to the additional loss generation within the
inter-row gap between the impeller and diffuser. Whereas a vaneless diffuser is quite robust,
a close-coupled vane or pipe-diffuser has to cope with the harsh, unsteady conditions induced
by the impeller. Reeves et al. [191, 192] investigated the matching of different pipe-diffusers
to the incoming flow. Other than might be expected from steady flow, an optimum matching
giving a maximum operation range was found for a negative incidence angle of −3 ◦ at the ADP.
Kunte [150] explains this by the matching of the high-momentum wake (in the absolute frame
of reference) with the LE of the diffuser. No significant effects resulting from the unsteady inlet
conditions are observed for an unvaned diffuser, numerically investigated by Abdelwahab et al.
[1]. On the contrary, an increase in loss generation due to unsteadiness is found for a vaned
diffuser. The presence of a streamwise vortex shedding from the radial impeller’s blunt TE
generates additional losses. This effect is partially counteracted by positive and negative jets
between the PS and SS, reenergizing the boundary layers and improving the vaned diffuser’s
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performance. The same phenomenon is described for the compressor investigated by Grates [87].
Abdelwahab quotes Hodson et al. [104] to motivate the decrease in unsteady entropy production
near the blade walls as a result of the energy separation. Grates [87] and Ziegler [271] show the
large impact of the impeller discharge fluctuation on the stagnation point flow in a close-coupled
diffuser. The high boundary layer excitation and the fluctuation of the LE incidence is also
addressed by Marconcini et al. [159], who shows that the alternating approaching flow can
increases the hub-corner stall, commonly present in vaned diffusers.
3.7 History of the ”‘GE centrifugal compressor technology”’ project
The original compressor design (further denoted by NOM) dates back to the eighties and is exper-
imentally investigated by Zachau [267] for the first time in the framework of the GE centrifugal
compressor technology project at the RWTH Aachen University. Zachau provides a detailed de-
scription of the test rig, as well as the measurement techniques implemented. Furthermore, he
collected overall stage performance data, as well as detailed measurements using time-averaged
and unsteady PIV, Kulite sensors, 3 and 5-hole probes and a Pitot-probe to visualize the details
of the compressor’s aerodynamics and to provide a validation for numerical methods. Zachau
investigates the impact of the axial position of the impeller relative to the diffuser as well as
bleed and tip-clearance variations. The first steady and unsteady CFD results are provided by
Grates [87], in addition to a comprehensive insight into the details of the unsteady flow within
the NOM compressor. Both the experimental work of Zachau and the numerical work of Grates
reveal the presence of a large PS separation within the pipe-diffuser. The magnitude of the
separation is almost constant for all operation points measured and shows an almost steady
nature. As a counteraction, the pipe-diffuser is truncated by 46% in radial extension (further
denoted by TRU ). The targeted elimination of the flow separation is demonstrated using PIV
measurements in an investigation conducted by Kunte [150].
42
3.7 History of the ”‘GE centrifugal compressor technology”’ project
Fig. 3.7: Relative Mach number distribution throughout the NOM (top) and TRU (bottom)
compressor at 50% span.
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A blade-to-blade view at 50% span with the associated Mach number throughout the com-
pressor is shown in Fig. 3.7 for both configurations. The truncation of the pipe eliminates the
unfavorable flow separation in the second half of the nominal pipe-diffuser (Fig. 3.7- 1 ). As a
result of the separation, the downstream bend is exposed to a pronounced jet-wake flow structure
(Fig. 3.7- 2 ), causing an unequal flow within the deswirler channels (Fig. 3.7- 3 ). Measurements
conducted by Kunte show an improved compressor performance for the TRU configuration in
several ways. The compressor map, with the normalized TPR and the isentropic efficiency
ηt−t,is,norm for both configurations, is shown in Fig. 3.8. The NOM configuration is shown in
blue, whereas the TRU configuration is shown in red. Firstly, an increase in stall limit (Fig. 3.8-
1 ) up to 10% at 95% CRPM is detected 5. Secondly, an increase in stage efficiency is found
(Fig. 3.8- 2 ). The increase in efficiency amounts to up to +0.3%-points at the compressor’s
ADP and is traced back to an increased diffuser performance 6 and a resulting higher TPR
(Fig. 3.8- 3 ). The compressor’s choke limit, determined by the throat area of the diffuser, is
unaffected (Fig. 3.8- 4 ).
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Fig. 3.8: Comparison of the NOM and TRU compressor map, measured by Kunte [150].
The implication of the increased efficiency of the centrifugal compressor for the propulsion system
is also investigated by Kunte. Using the software tool GasTurb, an aero-thermal simulation of
a two-shaft turbo-jet engine, similar to the one shown in Fig. 2.1, is performed. For cruise
conditions, an increase in the thermal efficiency of +0.07%-points is found. To account for the
impact of the engine weight reduction as a result of the pipe’s truncation, the work of Young [265]
5Attempts to investigate this behavior with steady and unsteady CFD were unsuccessful, due to the unphysical
prediction of the nominal pipe-diffuser’s flow field in far off-design conditions [73].
6A detailed experimental investigation did not show changes in the time-averaged flow field at the diffuser’s
throat. However, small changes in the unsteady pressure development are detected within this region [150].
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is applied. Young develops an explicit relationship between the specific fuel consumption and the
weight reduction of an aircraft as part of a sensitivity analysis. It is estimated that the decrease
in fuel consumption due to both effects adds up to 0.75h. Although the effect is small, this is
an attractive modification, regarding the simplicity of the adaption and the gained stall margin.
In addition, it offers potential for further improvements to the compressor. The aerodynamic
mismatch between the truncated pipe-diffuser and the deswirler provides motivation for the
development of a new deswirler system. Since 2008, the focus of the project has been on the
redesign of the deswirler system. Two types of deswirler with different blade strategies are tested
and evaluated as part of the investigation presented here.
The work of Grates and Kunte forms the starting point for this investigation. In general, the
principle aerodynamics of the investigated impeller and nominal pipe-diffuser are shown on a
phenomenological basis by Grates and will not be addressed in detail here. The change in
performance between the NOM and TRU compressor configuration is analyzed by Kunte with
simple 0D-estimations, explaining the increase in performance of the new diffusion system with
the well-known loss correlations in the literature [46, 63, 117, 201]. Grates states that a better
understanding of the loss production and its analysis is required to effectively further improve
the aerodynamics of the centrifugal compressor investigated. It is this lack of knowledge on the
loss mechanisms, specific to the centrifugal compressor, which provides the motivation for the
comparison of different diffuser designs, as well as the analysis of the impact of flow unsteadiness
on the aerodynamic loss production.
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4 Methods used for the aerodynamic
investigation
In the following sections, the numerical and experimental methodologies which have been used
for the aerodynamic investigation of the centrifugal compressor are presented. In addition to
the theory and technical specifications for the test rig, extensive information can be found in
the literature referred to in the following sections.
4.1 Numerical method
The steady and unsteady aerodynamic simulations used in this work have been conducted with
the flow solver TRACE (Turbo-machinery Research Aerodynamics Computational Environ-
ment), developed by the German Aerospace Center (DLR) at the Institute of Jet Propulsion in
Cologne. TRACE is a three-dimensional Reynolds-averaged Navier-Stokes flow solver. Starting
with the equations governing fluid dynamics, the physical interpretation, as well as the assump-
tions, are addressed. The numerical discretization and solution of the equation system will be
discussed briefly. For a more detailed description, the author refers to the technical literature
[252, 255, 149, 154, 269]. The boundary conditions used for the steady and unsteady simula-
tions, as well as the build-up of the three-dimensional computational domain, are then addressed.
Finally, a short discussion on the sources of error within the numerical simulation is made.
4.1.1 Conservative equations for flow in the rotational frame of reference
The aerodynamic flow problem is modeled by the Navier-Stokes-equations, which dictate the
conservation of mass, momentum and energy within the flow. Using the Reynolds transport
theorem, the conservation of mass, momentum and energy can be mathematically expressed for
a control volume. The conservative equations are transformed from the inertial frame into the
rotating frame of reference, providing a uniform formulation for the flow through the rotor and
the stator of a turbomachine. The conservative equations for the rotating frame of reference in
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integral form can be written as [103]:
∂
∂t
y
V
ρdV +
{
A
ρ · ~w · d ~A = 0 (4.1)
∂
∂t
y
V
ρ~wdV +
{
A
ρ(~w ⊗ ~w + p− τ¯)d ~A =
y
V
ρ[−2(~Ω× ~w)− ~Ω× (~Ω× ~R)]dV (4.2)
∂
∂t
y
V
ρerotdV +
{
A
(ρ~whrot − λ~∇T︸ ︷︷ ︸
q˙
−τ¯ · ~w)d ~A = 0 (4.3)
with erot = e− ~u · ~c and hrot = h− ~u · ~c
The transient change of the conservative quantity and the flux of the conservative quantity across
the surfaces, which define the control volume, are represented by the first and the second term on
the LHS of the equation system. On the RHS, the source terms are represented, containing the
Coriolis-force and centrifugal force. The shear stress tensor τ¯ is to be expressed as a function of
the relative velocities. To calculate the shear stress tensor τ¯ , a Newtonian stress-rate-of-strain is
assumed, using Sutherland’s law to express the laminar viscosity as a function of the local static
temperature. The linear heat conductivity is calculated according to Fourier’s law. The body
forces (gravitation, electromagnetic), heat radiation or chemical reactions are not accounted for.
Furthermore, ideal gas with a constant heat capacity is assumed in the calculations conducted
as part of this investigation. Using the polynomial method provided by Witte et al. [264], an
averaged heat capacity ratio of κ = 1.396 is calculated and applied for the simulations.
4.1.2 The conservative equations applied to turbulent flow
At high Reynolds numbers, as commonly
Fig. 4.1: RANS-, LES-, and DNS in correlation with
the turbulenct energy spectrum [76].
present in compressor flow, the inertial
forces dominate the viscous forces in the
fluid. The result is the generation of un-
steady, stochastic fluid motion, known
as turbulence. The fundamental prob-
lem of turbulence with respect to the
numerical simulation of these small scale
fluctuations becomes clear when the di-
mensional analysis of turbulence [186,
60] is taken into account. With an in-
creasing Reynolds number, the charac-
teristic length-scales, as well as the time-
scales of the turbulent motion decrease,
which causes an exponentially increase
of the computational effort required. Based on the state-of-the-art computing power, this results
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in an impracticable computational time for complex engineering problems. A detailed discussion
on this matter is provided by Restemeier [195].
A schematic presentation correlating the RANS, LES and DNS method with the turbulence
energy spectrum is shown in Fig. 4.1. Currently, methods which resolve the large turbulent
eddies (LES) are used for vehicle aerodynamics at moderate Reynolds numbers, as for example
demonstrated by Krajnovic [148], and are rarely used on centrifugal compressor aerodynamics,
as shown by Medic et al. [167]. Typically, small-scale problems are investigated using direct
numerical simulation (DNS) in academic research, resolving the full turbulence spectrum, as for
example demonstrated by Hillewaert et al. [41] on a single turbine stage. In order to reduce the
computational effort, Reynolds-averaged Navier-Stokes methods (RANS) do not resolve the full
turbulence spectrum, but model the effect of the turbulence on the mean flow quantities. The
concept behind the turbulence model accounts for the change in kinematics and dissipation of
the mean flow under influence of the local turbulence.
The RANS equations for compressible flow are derived by using the Reynolds decomposition
Φ = Φ+Φ˜ to express the flow quantity as a mean-average (or ensemble-average for unsteady flow)
and a fluctuating quantity. The fluctuation is expressed according to Favre: Φ′ = Φ¯ − ρ¯Φρ¯ + Φ˜.
The set of equations obtained is under-determined due to additional unknowns, which can be
expressed in the form of the Reynolds-stress-tensor and the turbulent heat-flux:
τ¯ = τ¯lam + τ¯tur τ¯tur =

 ρu
′2 ρu′v′ ρu′w′
ρv′u′ ρv′2 ρv′w′
ρw′u′ ρw′v′ ρw′2

 (4.4)
~˙q = ~˙qlam + ~˙qtur ~˙qtur = ρ · cpT ′c′ (4.5)
The additional variables result in the well-known ”closure-problem”. One possibility to solve the
resulting under-determined equation system is to use statistical turbulence methods, in which
the unknowns are expressed as a function of the mean variables [71]. The Reynolds-stress-
tensor can be expressed by the mean velocity gradient field and the eddy-viscosity, known as
the Boussinesq-hypothesis:
τ¯t = µtur
[
∇~c+ (∇~c)T − 2
3
I¯∇ · ~c
]
− 2
3
ρ¯kI¯ (4.6)
A similar approach is used for the turbulent heat-flux in the flow solver used [149]. The eddy-
viscosity method assumes an isentropic turbulence, which is actually only valid for the inertial
sub-range, shown in Fig. 4.1. The determination of the eddy-viscosity µtur requires additional
transport equations [60]. State-of-the-art is the use of two-equation turbulence models, which
consists of a transport equation for the turbulent kinetic energy k and the turbulent dissipation
ω, emulating the transport of energy through the turbulent cascade. In this work, the k − ω
turbulence model from Wilcox [257] is used. The k − ω has been validated extensively for the
compressor investigated [151, 222, 263, 261, 260]. TRACE also offers the SST-turbulence model
[168], however, the shear stress introduced term, in combination with the high adverse pressure
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gradient within the pipe, results in a wrong prediction of the flow separation, as shown by the
author in [262].
Additional terms to account for the stagnation point-anomaly [128, 141] and the impact of
streamline curvature on the development of the turbulent quantities [140] are implemented in
the k − ω turbulence model in order to adequately model the flow within a turbomachine. The
correlation between the turbulent kinetic energy, the turbulent dissipation and the eddy viscosity
can be written for the used turbulence model as:
µtur = ρ
k
ω
(4.7)
4.1.3 Discretization of the RANS-equation system
The flow solver TRACE is a cell-centered, finite-volume, approximate Riemann-solver, based
on the steady and unsteady RANS-equations. The parallelized TRACE code, based on open
source Message Passing Interface, allows the computation of large domains with multi-block-
meshes. To guarantee the conservation of mass, momentum and energy [3], TRACE applies the
finite-volume method to represent and evaluate the partial differential equations in the form of
algebraic equations [154]. For a continuum fluid, the change of a conservative quantity within
an arbitrary volume is only changed by the flux over the surfaces of the volume and the internal
sources. The quantity within the volume itself is assumed to be constant. The latter presumption
is valid for an infinitesimally small volume and requires a more detailed elaboration for finite
volumes.
The equation system is used in a non-dimensionalized form to equalize the order of magnitude of
the different terms and thereby to reduce numerical round-off errors. Additionally, the equation
system is split into a solution vector, inviscid flux vectors, viscous-flux vectors, and source terms,
which can be found in detail in the work of Kuegler [149]. The motivation for the split-up of the
equation system in these vectors is within the different propagation of the characteristic waves
[154]. The inviscid terms result in a hyperbolic problem whereas the viscous terms result in an
elliptical problem. The inviscid fluxes are discretized on the cell surfaces using Roe’s-method.
By upwinding, this method accounts for the direction of the propagation of the characteristic
waves. The advantage of Roe’s-method is the significant lower computational effort compared to
the solution of the exact Riemann problem for the non-linear problem. Due to the assumption
of a uniform solution vector within the finite volume, this method inherently is of first order
accuracy. To increase the order of accuracy to second order, the flux on the cell surface is
approximated with a linear approach for the Roe-scheme. TRACE uses the MUSCL (monotonic
upstream-centered scheme for conservation laws) method for this purpose [248]. However, at
discontinuities this approach results in oscillations and a limiter [10] is required. The used limiter
complies with the total variation diminishing (TVD) characteristics. Near sonic speed, Roe’s-
scheme can lead to an unphysical solution of the approximate Riemann solver in form of an
expansion shock and an entropy-limiter is required to prevent this problem [252]. The elliptical
character of the viscous fluxes provides the motivation for using a central-scheme, which is of
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second order accuracy in the flow solver used. Furthermore, the adaption for the finite-volume
formulation for curvilinear geometry requires a transformation of the terms, as shown in detail
by Weis [255].
4.1.4 Solution of the RANS-equation system for the steady and unsteady
simulation
TRACE offers an implicit time discretization, providing a high stability at high CFL-numbers
[71]. For both the steady and the unsteady simulation, the psuedo-time-step method using a
local time τ step (control variablem) is used. For the steady flow problem, the following problem
is solved:
∂ ~Q∗
∂τ
+
∂ ~Q
∂t︸︷︷︸
0
+ ~Res( ~Q)︸ ︷︷ ︸
Residual
= 0 with ~Q = (ρ ρu ρv ρw ρerot)
T (4.8)
Linearizing the residual using a first order backward Taylor expansion and rearranging Eq. 4.8
yields the solution algorithm:
[
1
∆τ
I − ∂
~Res
∂ ~Q
]
︸ ︷︷ ︸
matrix
∆ ~Q = ~Res( ~Q)m (4.9)
As with the steady simulation, the unsteady simulation uses the psuedo-time-step method [115]
to find the change in the solution vector between two physical time steps (control variable n).
With this approach, it is assumed that -for a given physical time step- a unique solution exists
and can be approximated by the psuedo-time [175]. For the unsteady time-discretization, the
Crank-Nicholson-Method, the Backward-Euler method and the Runga-Kutta method [6, 5] are
available. The first two methods are of second order accuracy, whereas the third method provides
a fourth order accuracy in time. The latter method is used in the presented investigation, due
to the high accuracy and stability. The solution algorithm yields:
[
1
∆τ
I − ∂
~Res
∂ ~Q
]
∆ ~Q = −
[
~Qm − ~Qn
∆t
− (
∑
k=1
~Resk − ~Resm)
]
(4.10)
The solution to stage k for the Runga-Kutta-integration is obtained by iterating Eq. 4.10 in
pseudo-time using a specified number of inner-iterations to drive ∆ ~Q to 0. The linear system of
equations is solved using a Lower-Upper symmetric-Gauss-Seidel method in combination with
a Predictor-Corrector scheme.
The choice of the number of time steps per period is problem-specific and even depends on the
method used. Typical values found in the literature for 3D-RANS simulations demonstrate 50
for a single stage compressor, shown by Gopinath et.al [83, 84], 88 for a 1.5 stage turbine, shown
by Poehler [187]. For the impeller and the diffuser of the centrifugal compressor investigated,
92 respectively 128 time-steps are applied by Grates [87] using the phase-lag method of Erods
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[67]. Within this work, 128 physical time steps are used, based on the demonstrated time-step
independency for the flow problem [199]. In addition, this number of time steps ensures that even
the highest harmonic1 for the passage passing frequency is resolved by multiple sampling points.
However, the spectral analysis, shown in Sec. 6.2, suggests the possibility of lowering the number
of time steps and couple resolved harmonics, since the higher harmonics are nearly non-existent
in the energy spectrum. The number of psuedo-time-steps is set to 15. This empirical value
is chosen on the basis of the convergence of the solution in the psuedo-time. A higher number
of psuedo-time-steps does not improve the convergence but merely increases the computational
time.
4.1.5 Boundary conditions for the steady and unsteady simulation
From a mathematical point of view, the solution of the hyperbolic equation system within the
integration domain represents a boundary value problem. The inlet and outlet conditions for the
steady and unsteady simulation are based on the non-reflecting boundary condition as formulated
by Giles [81, 82]. To couple the rotating and the stationary frame for the steady simulation, a
mixing plane approach is used in TRACE [66, 269]. The mixing plane offers the advantage of
significantly reducing the computational time. However, this steady approach is by definition
an approximation of the inherently unsteady flow within turbo machines. The limitations of the
mixing plane approach have been addressed by Denton [51]. Within the literature, contradicting
statements are found with respect to the capabilities of a mixing plane used in high-pressure
centrifugal compressors. Peeters et al. [184] state that the mixing plane does not capture the
diffuser-impeller interaction relevant for the performance prediction. On the contrary, Robinson
et al. [198] claim the use of the mixing planes shows a good agreement with experimental
data. The mixing plane unavoidably leads to a difference in the flow solution, as evaluated
in Sec. 6.4.2, especially for a close-coupled centrifugal compressor. However, the time-averaged
impeller-diffuser matching, being the dominant factor within the region of interest, is almost
unaffected. Both the flow angle, as well as the Mach-number similarity at the inlet of the
diffusion system, are maintained when using the mixing plane [73].
For the unsteady simulation, the non-matching blade count of the impeller and the diffuser
prohibit the direct coupling of the pitchwise periodical boundaries. To treat the phase shift
of the solution vector between the pitchwise boundaries, different strategies were proposed in
the past [67, 82, 94, 251]. Within TRACE, the phase-lag method implemented uses a Fourier
decomposition to reconstruct the time-history of the solution vector [217, 218, 219]. The time-
dependent solution vector has the form of a Fourier series with the 13 higher harmonics of the
passage2 passing frequency. This method offers the advantage of low memory use, however,
the convergence time is moderate and harmonic effects which are not superimposable with the
passage passing frequency or their higher harmonics are filtered out, as demonstrated by Connell
et al. [31, 32]. Furthermore, the Fourier decomposition is not adequate to resolve very high
1The used phase-lag method applies a discrete Fourier decomposition which resolves up to 13 higher harmonics
of the passage passing frequency.
2The pitch of the computational domain.
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gradients passing the interface, which results in oscillations. A special damping procedure is
therefore used to cope with the discharge flow of the closed coupled impeller for the flow problem
investigated.
The inlet boundary conditions are taken from measurements provided by Zachau [267]. At the
stage inlet, a measured spanwise profile for the total pressure, total temperature and flow angles
is applied. Hot-wire measurements are used to define the turbulent kinetic energy k at the inlet
of the compressor. Since only one hot-wire measurement is taken in streamwise direction, it is
not possible to determine the characteristic turbulent length scale. The turbulent dissipation
rate ω is therefore calculated in compliance with the estimation provided by Kandula et al.
[127]. No attempt was made by the author to model the upstream inlet guide vane (IGV) to
estimate the characteristic turbulent length scale, since 3D-RANS methods are inadequate to
predict the turbulent length scale, as demonstrated and explained by Maunus et al. [160].
The solid boundaries of the computational domain are modeled as a hydraulically smooth wall.
A non-slip condition is applied for the velocity and an adiabatic boundary condition is applied for
the energy equation. Due to the high flow velocity in some regions and limited wall resolution,
the low-Reynolds approach to reconstruct the wall flux cannot be used. Instead, the universal
wall-function, blending between the linear and logarithmic wall-function, is used throughout the
stage. Internal studies comparing the low-Reynolds approach with the universal wall-function
for the low speed regions, in which the linear wall function is used throughout the domain, show
no effect with respect to the change in aerodynamic efficiency between the designs investigated.
All boundary layers are modeled as fully turbulent.
4.1.6 The computational domain of the centrifugal compressor
The three-dimensional computational domains used for the numerical simulation contain the
complete centrifugal stage, as shown for the TRU stage in Fig. 4.2. In flow direction, one passage
of the impeller, one pipe-diffuser and one deswirler pitch with periodic boundary conditions are
coupled using interfaces. At the inlet of the diffuser, the extraction of fluid through the forward
and after-bleed is included in the model. The radial tip clearances within the impeller and
deswirler are accounted for. The hub-side fillet is not modeled in the impeller (see Sec. 4.1.7).
Both the impeller, as well as the deswirler, are meshed using G3DHexa3, using typical topologies
for turbo machinery geometries. The unconventional geometry of the pipe-diffuser excludes the
use of G3DHexa and is therefore discretized using ANSYS ICEM CFD. Both tools provided
the flow solver with a structured, multi-block mesh with hexahedral elements. The multi-block
approach allows a high degree of parallelization within the flow solver TRACE.
Fig. 4.3 shows the topology of the structured mesh for the impeller, pipe-diffuser and deswirler,
as used for the tandem deswirler design. Both the impeller and the deswirler consist of an
OHC-topology. Within the passage H-blocks are used, whereas the region around the blade is
discretized using a C-Block surrounded by an O-Block. This strategy allows for a high-mesh
resolution around the blade whilst ensuring a good orthogonality towards the blade surface.
3Developed by the DLR in cologne.
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Fig. 4.2: Three-dimensional view of the computational domain of the centrifugal compressor.
Within the tip clearance, a double H-block is used. The pipe-diffuser is discretized using an O-
block on the outer surface of the pipe, whereas an H-block topology is used within the core region.
To exclude mesh dependency, the truncated pipe-diffuser mesh is an extension of the nominal
pipe-diffuser mesh, achieved by two additional H-blocks (Fig. 4.3- 1 ). The tandem deswirler
design includes an interface in between both blade rows, in order to rotate the blades relative to
each other. The topology used for the single-blade deswirler is identical to the topology of one
single row of the tandem-blade deswirler.
For the 3D-RANS simulation, high resolution meshes are used with a non-dimensional wall
distance y+ below 2. A mesh relaxation of 1.2 orthogonal to the wall is used to ensure an
adequate resolution within the boundary layer. For the 3D-URANS simulation, grids with a
lower spatial discretization are used to decrease the computational time. The non-dimensional
wall distance y+ is below 4 for the 3D-URANS medium-resolution meshes. The computational
time for the 3D-RANS simulation is approximately 12 hours on 24 cores (CPU architecture:
Intel XeonX5675 or equivalent). The 3D-URANS simulation requires approximately 50 impeller
periods 4, resulting in a computational time of approximately 5 days on 24 cores. Some major
mesh parameters for the 3D-RANS and the 3D-URANS mesh are given in Tab. 4.1.
4This number is approximately 5 times higher than for an axial fan, as demonstrated by Schnell [218]. The
propagation of information and coupled convergence of the phase-lag method requires more time due to the
long flow paths within the centrifugal compressor. Additionally, the high degree of impeller-diffuser interaction
can lead to the relative low convergence rate for the phase-lag method.
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Fig. 4.3: Mesh topology of the impeller (top left), tandem deswirler (top right) and the pipe-
diffuser (bottom).
RANS
Domain Cells
·106
Min.
Angle
Aspect
Ratio
Impeller 3.0 16◦ < 350
Diffuser 3.6 22.0◦ < 600
Deswirler 1.5 32◦ < 200
URANS
Domain Cells
·105
Min.
Angle
Aspect
Ratio
Impeller 3.8 16◦ < 330
Diffuser 4.5 18◦ < 500
Deswirler 1.9 32◦ < 200
Tab. 4.1: Overview of the grid-size and grid-quality of the CFD domains, based on the TRU
configuration.
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4.1.7 Sources of error within the numerical simulation
The numerical method used is an approximation of the physics of the aerodynamic problem
investigated. Although the investigation of the errors is not the focus of this work, a brief
discussion is provided here. A detailed evaluation of the quantification of uncertainty in CFD
methods is given by Roache [196].
One fundamental source of errors is the model used for the numerical simulation. As described
above, many assumptions are made, which are not in compliance with the real physics and
represent a simplification. Furthermore, the spatial and temporal discretization, as well as the
metric of the mesh [22], impact on the solution of the equation system. For the grid used, internal
studies demonstrated that both the 3D-RANS and 3D-URANS mesh can be used to quantify
changes between the different compressor designs investigated and all relevant flow features are
captured [133]. The fillet radius is not accounted for within the impeller. The impact of the
fillet within the impeller is analyzed by Schwarz [221]. Schwarz demonstrates a decrease of
−0.2% in the TTR at 100% CRPM as a result of the fillets, which reduce the circumferential
velocity at the discharge of an impeller with back-sweep blades due to the higher blade blockage.
Furthermore, the change in the impeller exducer tip clearance, as a result of the increasing back-
pressure towards stall, is not accounted for in the numerical simulation. The author shows in
[260] that the sensitivity of the impeller efficiency to changes in the exducer relative tip clearance
is predicted in good agreement with the experiment. Due to the small change in tip clearance
from choke to stall, the change in impeller performance as a result of this effect is one order of
magnitude below the measuring accuracy. Therefore, the use of a constant impeller geometry
is justifiable. In addition, adiabatic walls are applied for the compressor simulation. However,
the impact of heat transfer on the work input decreases exponentially as a function of the rotor
tip Mach number [28], which is high for the rotor investigated. A conservative estimation of the
forced convection over the impeller’s shroud5 showed a change in the work input as a result of
the heat loss which is below the measuring accuracy of the TTR.
The numerical results shown are of a deterministic nature, that is, all boundary conditions for
the flow problem are unique. In contrast, probabilistic methods to account for the impact of the
variation or stochastic distribution of the boundary conditions gain interest, as for example is
demonstrated by Dewandel et al. [86]. With increasing computational power, these strategies
are also applied on centrifugal compressors [181, 209].
4.1.8 Averaging method
A general problem when interpreting the result of an aerodynamic problem is the averaging
method used. The choice of an appropriate averaging method depends on the application or
purpose which it is used for [37]. Two different methods were tested to reduce the three-
dimensional flow field in a singular values to calculate the component’s integral performance
5The conservative estimation assumed a fully turbulent boundary layer [214] at the shroud, a flow velocity equal
to the impeller’s tip velocity, a shroud temperature which is equal to the ambient temperature and a fluid
temperature which is equal to the static temperature at the impeller’s discharge.
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or the streamwise development of a flow quantity. The first method is the entropy averaging
by Schimming et al. [233]. This method is consistent with the second law of thermodynamics
and reflects the entropy production between the inlet and outlet control plane for an adiabatic
flow problem. The second method is the flux-averaging method described by Giles [81], which
is implemented in the flow solver [269]. The second method is conservative in the flow’s mo-
mentum and thereby preferred to couple the rotor and stator system. Nevertheless, it is not
conservative in the second law and inherently contains an inviscid mixing, which results in an
increased entropy compared to the first method for a non-uniform flow. As a result, the down-
stream entropy production due to the upstream generated non-uniformity is, to a certain extent,
included in the calculated outlet entropy level. However, the tendencies in the overall compo-
nent performance shown in this work are not affected by the choice of the averaging method.
Therefore, the latter method is used to be consistent with the flow solver’s output of the compo-
nent performance. To calculate the time-averaged component performance for the 3D-URANS
simulation, the ensemble-flux-averaged total pressure and total temperature are used. Due to
the non-linear relationship between the entropy and these quantities, this does not represent the
time-averaged level of entropy. However, the difference in the level of specific entropy between
the two averaging-procedures is two orders of magnitude smaller than the changes in the level
of entropy due to the physical effects shown in this work.
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4.2 Experimental method
The experimental data presented in this work is obtained at the centrifugal compressor test rig
at the Institute of Jet Propulsion and Turbomachinery (IST) at the RWTH Aachen University.
The test rig is build and operated by the team colleagues referred to in this section, in coop-
eration with GE Aviation (Lynn). In the following section, a brief description of the test rig
is given. Detailed information can be found in the technical report of Bu¨scher [89]6 as well as
the experimental investigations of Zachau [267] and Kunte [150]. The work of Zachau focusses
on the original design of the compressor. Kunte investigates two further developments of the
compressor, with a truncated pipe-diffuser and an adapted tandem deswirler (see Sec. 3.7). In
this work, experimental data from all three configurations is used. In addition, a fourth design
with a single blade deswirler is investigated and compared to the compressor with the tandem
blade deswirler. The experimental data of the single blade deswirler is acquired by Schmidt
[215]7.
4.2.1 Build-up of the centrifugal compressor test rig
Fig. 4.4: Computer-aided design view of the centrifugal compressor test rig at the Institute of
Jet Propulsion and Turbomachinery, RWTH Aachen University.
The compressor is operated in a closed-loop, allowing variable inlet conditions of the compressor
and thereby investigations of the Reynolds-number impact. In the following analysis, the inlet
6Unpublished report.
7Not published at the time of writing.
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conditions are kept constant. To secure the aerodynamic comparability with the engine applica-
tion, the Mach-number analogy is maintained by using an equivalent corrected rotational speed
CRMP (see Eq. 4.11).
The build-up and the main components of the test rig are shown in Fig. 4.4. In front of the
compressor, a settling chamber (Fig. 4.4- 1 ) and inlet pipe (Fig. 4.4- 2 ) are connected upstream
of the centrifugal compressor (Fig. 4.4- 3 ). The inlet conditions of the test section are measured
within the settling chamber. The 2.3m long inlet pipe contains a honeycomb flow straightener,
which provides the compressor’s inlet guide vane (IGV) with a homogeneous flow. The discharge
from the compressor is collected in the plenum (Fig. 4.4- 4 ) and is led back to the underlying
water-cooled heat-exchanger (Fig. 4.4- 5 ) to extract the energy from the closed-loop. The back-
pressure, used to set the compressor’s operating point, is controlled by a high-accuracy throttling
valve (Fig. 4.4- 6 ) in between the plenum and heat-exchanger, giving a TPR accuracy of 2·10−3.
The mass flow is determined using a mass flow orifice (Fig. 4.4- 7 ). The compressor is driven by
a 1.6MW asynchronous electrical motor (Fig. 4.4- 8 ). A planetary gear (Fig. 4.4- 9 ) facilitates
the compressor shaft at a maximum of 20, 000 RPM . The min parameters of the test facility,
as well as the compressor, are summarized in Tab. 4.2.
Centrifugal compressor stage
max. rotational speed 20, 000RPM
max. impeller tip speed 422m/s
max. TPR 3.25 [−]
max. CMF 2.5 kg/s
Parameter at the investigated ADP
corrected speed 19, 250 CRPM
bleed extraction8 Shroud 2.7%, Hub 0.5%
impeller exducer tip clearance 0.25mm
Inlet total pressure / total temperature 108000 Pa/288K
Re-number 9 2.4 · 105
Impeller
number of main blades 23
number of splitter blades 23
pitchwise division 1 : 1
exducer back sweep at the TE 24.6 ◦
Diffuser
number of passages 30
type GE type passage-diffuser [24]
radial clearance to impeller10 3.6%
Tab. 4.2: Major technical parameters of the centrifugal compressor test rig.
8Relative to the stage inlet mass flow.
9Based on the exducer blade height and tip speed.
10Between the impeller TE and the diffuser LE.
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4.2.2 Instrumentation of the centrifugal compressor test rig
The centrifugal compressor test rig is equipped with different types of steady and unsteady
measurement techniques to allow an evaluation of the integral compressor performance, as well
as a detailed aerodynamic investigation of the different compressor configurations. A schematic
overview of the measurement techniques, as well as the location, used within the investigation
is shown in Fig. 4.5.
Fig. 4.5: Cross-view of the centrifugal test rig with a schematic representation of the measure-
ment techniques used.
The experimental results shown within this work are acquired by Zachau [267], Kunte [150] and
Schmidt [215]. The following measurement techniques, enumerated in streamwise direction, are
used:
• The compressor’s inlet condition is measured in a high-resolution two-dimensional traverse
for different mass flows. Using a 5-hole probe, the total pressures, as well as the flow angles,
are captured. Hot-wire measurements are conducted to acquire the turbulence intensity.
The actual inlet conditions during operation are calculated using correlations which couple
the flow condition in the upstream plenum with the compressor’s inlet condition.
• The impeller static pressure build-up is captured by static pressure taps. The measurement
equipment used (Netscanner 9816 ) provides the steady static pressure with a relative
measurement accuracy of ±0.06% of the full scale within the range of 0 to 2 bars absolute
pressure difference. Multiple pressure slots are serially-arranged in order to measure higher
pressures differences.
• The unsteady pressure development near the impeller trailing edge is acquired by a Kulite
sensor (Type: XCE-062), positioned at the shroud. A sampling frequency of 640kHz is
used to ensure a sufficient sample rate for the pressure amplitude spectrum up to 80kHz,
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reconstructed using a discrete Fourier transformation. The 0 − 80kHz range covers the
relevant range of the amplitude spectrum for the flow problem investigated.
• The diffuser inlet head in front of the throat is captured using a Pitot-probe in a two-
dimensional traverse. The traverse has a resolution of 5× 13 discrete points. The opening
angle of the Kiel -probe is ±30 ◦, which ensures an attack flow angle independence of ±20 ◦.
Previous particle image velocimetry (PIV) measurements [268] have shown that the flow
angle is within this range. This plane is denoted 3M .
• The two-dimensional steady and unsteady velocity distribution at 10%, 50% and 90% span
within the pipe-diffuser is captured by a PIV system of the brand LaVision. To access the
flow within the pipe, a sophisticated endoscope system is used to obtain a laser sheet in
between the PS and SS. The optical access for the camera is given by multiple plugs made
from crystal glass. The ensemble-averaged unsteady and steady PIV images are obtained
using an impeller tip triggering system. The absolute measurement accuracy is 3%.
• The pressure build-up and distribution within the radial part of the diffuser is captured
with a large number of static pressure taps on the front wall (shroud). Additionally, 9
Kulites are distributed throughout the radial diffuser, capturing the unsteady pressure
development at different positions. Kulite sensors are located within the diffuser’s throat,
along the pipe-diffuser’s centerline and at different circumferential positions near the exit
of the radial diffuser.
• The total pressure distribution, as well as the Mach-number and blade-to-blade flow angle
in between the radial diffuser part and the downstream deswirler, is captured using a 3-
hole probe in a two-dimensional traverse. The traverse has a resolution of 7× 15 discrete
points. This plane is denoted 6M .
• Total pressure and total temperature rakes (3 × 3 resolution) at the stage exit are used
to capture the state of the compressor’s discharge flow. Additionally, multiple static wall
drillings at the hub and shroud capture the static pressure at the compressor’s exit. This
plane is denoted 8M .
61
4 Methods used for the aerodynamic investigation
The plane 1M defines the compressor’s inlet condition, used to calculate the corrected mass
flow as well as the corrected speed, as shown in Eq. 4.11. The traverse planes 1M , 3M and
8M are used as control planes to calculate the integral compressor and diffuser performance,
as shown in Eq. 4.12 and Eq. 4.13.
CRPM = N
√
Tt,INA
Tt, 1M
CMF = m˙
√
Tt, 1M
Tt,INA
pt,INA
pt, 1M
(4.11)
ηis,t−t =
[
pt, 8M
pt, 1M
]κ−1
κ − 1[
Tt, 8M
Tt, 1M
]
− 1
ηis,t−s =
[
p 8M
pt, 1M
]κ−1
κ − 1[
Tt, 8M
Tt, 1M
]
− 1
(4.12)
Cpdiff =
ps, 8M − ps, 3M
pt, 3M − ps, 3M ωdiff =
pt, 3M − pt, 8M
pt, 3M − ps, 3M (4.13)
The measurement accuracy of the overall component performance is calculated using the Gaus-
sian-error-propagation for the ADP [267, 150] and is summarized in Tab. 4.3. The relative
measurement accuracy, relevant for the comparison of different compressor configurations, is
shown.
To enable a more detailed insight into the
Quantity relative error
CRPM ±0.1%
CMF ±0.1%
TPR ±0.1%
ηt−t ±0.21%-points
ηt−s ±0.21%-points
ωdiff ±0.2%
Cpdiff ±0.2%
Tab. 4.3: Relative measurement accuracy at the
centrifugal compressor test rig.
deswirler’s aerodynamic and to validate the
CFD method used, the tandem and single
deswirler are facilitated with a large number
of static pressure taps. The tandem config-
uration is equipped with static pressure taps
along the centerline in between the blades at
the hub and the shroud [150]. Furthermore,
the blades are equipped with static pressure
taps at the PS and the SS at 50% span. For
comparison, the single blade design is equipped
with static pressure taps along the hub center
line.
4.2.3 The four diffusion system investigated
Four different diffuser configurations are investigated numerically and validated using the exper-
imental results obtained at the test rig. The meridional view of the four configurations is shown
in Fig. 4.6 and a three-dimensional view is given in Fig. 4.7. The geometries of the designs are
characterized by the following features:
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• Nominal-configuration (NOM): The NOM configuration is the original design (Sec. 3.7)
and the starting point of the diffuser evolution within the scope of the research conducted
at the IST. Extensive experimental investigations on this configuration can be found in
Zachau [267] and Kunte [150]. A numerical investigation is given by Grates [87]. The
geometry of the diffusion system features 30 pipe-diffusers. Downstream, a radial bend
redirects the flow towards a meridional angle of 202 ◦. The deswirler contains 90 prismatic
blades.
• Truncated-configuration (TRU): The TRU configuration is derived directly from the NOM
configuration by truncating the pipe-diffuser by 46% in radial direction. The result is a
radial diffuser with a short pipe-diffuser and a downstream vaneless diffuser. The vaneless
diffuser has parallel end walls. The truncation of the pipe-diffusers results in a thick
elliptical TE, covering 26% of the cylindrical surface.
• Tandem-configuration (TND): The TND is identical to the TRU configuration in the radial
part of the diffuser. Downstream from R = 1.32 · Rimp,TE , the flow path and deswirler
system are redesigned. The new deswirler contains a meridional flow path with a constant
height and maximum radius. The maximum radius is determined by the axial design
space and the prescribed meridional discharge angle. The meridional discharge angle is
increased to 227 ◦, while the maximum radius of the centrifugal compressor is decreased
by 2.5%. The deswirler is equipped with a three-dimensional tandem blade design. A
blade lean is used to support the hub flow. Numerical investigations of the clocking of
the first blade row revealed integral performance changes one order of magnitude smaller
than the measuring accuracy. The small clocking impact is the result of the homogeneous
flow, which leaves the vaneless diffuser part. The second blade row contains 60 blades.
In between the two blades, an axial clearance is present, which allows the clocking of the
second blade row during testing. The clocking is conducted with an angle accuracy of
±0.02 ◦. A more detailed design layout of the tandem can be found in Kunte [150]. A
shroud-side tip clearance of 1.3% span is present in both blade rows.
• Single-configuration (SNG): The SNG design varies from the TND design in the blade
strategy. A single-blade row with three-dimensional blades is used. The cord-length of
the single blade design is equal to the cumulative cord-length of the two separate tandem
blades. In addition, the same blade lean as the tandem-blades is used. The number of
blades within the single blade row is 75 and a shroud-side tip clearance of 1.3% span is
present over the full length of the blade.
Except for the pipe-diffuser, which is manufactured using electrical discharge machining, all parts
are manufactured at the IST workshop. To guarantee a high level of manufacturing accuracy,
the form tolerance and surface roughness of the TND and SNG deswirler are analyzed. The form
tolerance was analyzed with a GOM ATOS 3D scanner and shows a maximum discrepancy of
±0.06mm 11. The surface roughness is examined on all main surfaces using a Mitutoyo SJ-201
and shows an averaged value of Ra = 0.8µ
12.
11Using the best-fit-method. Within the fillet radius the discrepancy exceeds ±0.06mm.
12The high surface finish is reached after polishing.
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Fig. 4.6: Meridional view of the four diffusion systems.
Fig. 4.7: Three-dimensional view of the four diffusion systems.
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5 Analysis of the centrifugal compressor with
the nominal and truncated pipe-diffuser
In the following section, a comparison of the centrifugal compressor with the nominal and trun-
cated pipe-diffuser is conducted. First, the change in overall compressor performance is shown.
The single components of the diffusion system are then evaluated to allocate the regions which
are responsible for the change in compressor performance. The detailed analysis of the flow field,
conducted for the compressor’s ADP, starts with the aerodynamics at the diffuser inlet. Next,
an analysis of the flow field and coupled loss production is given. The final part of the analysis
focuses on the relationship between the loss mechanisms and the integral loss production, which
brings us full circle to the integral compressor performance at the start of the analysis.
No separate validation of the numerical method used is conducted. Experimental data to val-
idate the numerical simulation is incorporated throughout the analysis instead. All data in
the following analyses is normalized. For this reason, the normalization will not be referred to
explicitly in the text.
5.1 Overall performance of the centrifugal compressor with the
nominal and truncated diffuser
Fig. 5.1 shows the TTR, the total-to-total isentropic efficiency ηt−t,is and the total-to-static
isentropic efficiency ηt−s,is for the NOM (red) and TRU (blue) configuration at 100% CRPM .
The dashed-dotted line with the large symbols represents the experiment, whereas the numerical
result is represented by the solid line with the small symbols.
The TTR characteristic is unchanged for the TRU configuration. Since the adaption of the
diffuser is far downstream of the diffuser’s throat, it is plausible that the upstream impact of
this adaption is negligible. This thesis was proven by Kunte [150] on the basis of a detailed
experimental analysis. Both the time-averaged total-pressure distribution in front of the throat
(Sec. 5.3.2), as well as the time-averaged static pressure recovery (Sec. 5.4.2) within the first half
of the pipe-diffuser at equivalent CMF , are equal for the two diffusers. Therefore, the change
in total-to-total isentropic efficiency ηt−t,is and total-to-static isentropic efficiency ηt−s,is is the
direct result of the change in diffuser total pressure loss and static pressure recovery (see Eq. 9.1
and Eq. 9.2) respectively. Except for a small difference in the slope of the TTR characteristic,
the TTR prediction of the numerical simulation is in good agreement with the experiment and
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Fig. 5.1: The compressor’s TTR (top), total-to-total isentropic efficiency (left) and total-to-static
isentropic efficiency (right) at 100% CRPM .
well within the experimental accuracy. As in the experiment, the numerical simulation does not
predict a change in the work input characteristic caused by the truncation of the pipe-diffuser.
On the basis of the experiment, a gain of 0.3%-points in total-to-total isentropic efficiency
(Fig. 5.1- 1 ) and 0.5%-points in total-to-static isentropic efficiency (Fig. 5.1- 2 ) is found for the
TRU configuration at the ADP. This tendency is also seen in the numerical simulation, which
overpredicts the increase in total-to-total isentropic efficiency by +0.5%-points and shows a good
agreement in the total-to-static isentropic efficiency change by +0.5%-points. From the ratio of
total pressure to static pressure at the compressor’s discharge, the exit Mach number is calculated
to decrease from Ma 8M = 0.1 to Ma 8M = 0.08 for the experiment
1. The numerical simulation
predicts a Mach number of Ma 8M = 0.08 for both diffuser configurations. This discrepancy can
be caused by the erroneous prediction by CFD or the erroneous capturing of the dynamic head
1The 8M plane is shown in Fig. 5.2.
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in the experiment, due to the limited discretization of the measuring plane. Since all values are
within a plausible physical range, it is not directly possible to exclude one of the scenarios. The
choke limit is overpredicted by 1.5% in mass flow (Fig. 5.1- 3 ). Interestingly, this is a behavior
also seen for the compressor investigated in other publications [254, 237, 87, 151]. It will be
shown in the following analysis that the underprediction of the aerodynamic blockage within the
throat of the pipe-diffuser is responsible for this discrepancy.
5.2 Performance of the diffuser
In order to allocate and quantify the change in diffuser performance as a result of the truncation
of the pipe-diffuser, the diffuser is divided by 8 planes into 7 regions, as schematically shown in
Fig. 5.2. A description of the regions is given in Tab. 5.1.
Fig. 5.2: Definition of the diffuser regions and coordinate systems used in the analysis.
Region NOM configuration TRU configuration
1 - 2 Pseudo-vaneless space
2 - 3 Semi-vaneless space
3 - 4 Pipe-diffuser
4 - 5M Pipe-diffuser Transition pipe to vanless diffuser
5M - 6M Pipe-diffuser Vaneless diffuser
6 - 7 Radial-axial bend
7 - 8M Deswirler cascade
Tab. 5.1: Definition and description of the diffuser components.
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Fig. 5.3: The total pressure loss ω, the static pressure recovery Cp and the Mach number Ma
at the diffuser planes for the NOM configuration, based on steady-state 3D-RANS.
Fig. 5.3 shows the total pressure loss ω (left), the static pressure recovery Cp (middle) and the
Mach number Ma (right) at the planes 1 to 8M as a function of the compressor’s corrected
mass flow CMF . In addition, the absolute amount of total pressure loss ω and static pressure
recovery Cp, as well as the percentage related to the integral total pressure loss ω and integral
static pressure recovery Cp at the ADP, is shown in the gray text boxes.
The larger part of the total pressure loss is generated in the front part of the diffuser. In this
region, the high flow velocity, reaching Ma = 0.95 within the core flow, induces high boundary
layer losses. 27% of the integral total pressure loss is generated in the small region enclosed
by the diffuser’s inlet and the pipe-diffuser’s LE (Fig. 5.3- 1 ). Towards stall the losses in this
region increase, due to the longer flow path as a result of the decreasing inlet angle2. In between
the diffuser’s inlet and the pipe-diffuser’s throat (plane 3 ), the typical loss characteristic of
a flow passing an LE is evident. A minimum loss, which is orientated slightly to the right of
the ADP, is observed (Fig. 5.3- 2 ). The choke limit of the compressor is determined by the
throughflow area of the throat. This is evident from the abrupt increase in total pressure losses
(Fig. 5.3- 3 ), induced downstream of the throat by the shock-losses within the pipe-diffuser
2A correlation between the change in specific entropy and the flow angle for a vaneless diffuser can be found in
the work of Denton [56] ∆s ≈
c2in∆R
h sinα
2Cd
Tout
.
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under choked conditions. The aerodynamic deficiency of the NOM diffusion system becomes
evident downstream of plane 5M . The total pressure loss generated within the second half of
the pipe-diffuser, the bend and the deswirler amount to up to 31% of the integral total pressure
loss (Fig. 5.3- 4 ). This is remarkably high, given the low subsonic flow velocity in the back end
of the diffusion system (Fig. 5.3- 5 ).
Similar to the total pressure loss, the lager part of the static pressure recovery is achieved in
the front of the diffusion system. 45% of the total static pressure recovery is reached as far
as the throat (plane 3 ). The high pressure recovery is the direct result of the high Mach
number level and deceleration in this region (Fig. 5.3- 6 ), as demonstrated in Sec. 2.4.2. Both
the static pressure rise, as well as the total pressure losses in between the diffuser’s inlet and
the throat, increase towards stall (Fig. 5.3- 7 ). The simultaneous rise in the static pressure
recovery and total pressure loss is the result of an increasing effective area ratio, schematically
shown in Fig. 5.5 3. 92% of the total static pressure recovery is achieved as far as plane 4
, positioned halfway along the pipe-diffuser. The static pressure recovery within the isolated
pipe decreases towards stall (Fig. 5.3- 8 )4. This effect can be traced back to the increased
throat blockage towards stall and is examined later in more detail. Fig. 5.3 clearly shows the
aerodynamic advantage of the pipe-diffuser. The ratio Cpω is significantly higher for the rapid
flow diffusion within the non-separated part of the pipe-diffuser (plane 3 - 4 ) compared to the
upstream vaneless diffuser (plane 1 - 3 ). The high wetted surface area within the pipe-diffuser
is overcompensated by the lower boundary layer losses as a result of the rapid area increase and
coupled flow deceleration. It is this elementary principle, which provides the main motivation
for using a pipe-diffuser in compact, high-efficiency diffusion systems.
3Although the simultaneously increase in static pressure recovery Cp and total pressure loss ω for an increasing
effective area ratio AR is difficult to recognize from Eq. 2.5, the incompressible form of Eq. 2.5 clearly illustrates
the direct correlation between the static pressure recovery, total pressure loss and area ratio: Cp+ω = 1−AR−2.
4Using the throat’s head as a reference.
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Fig. 5.4: The total pressure loss ω, the static pressure recovery Cp and the Mach number Ma
at the diffuser planes for the TRU configuration, based on steady-state 3D-RANS.
The total pressure loss ω (left), the static pressure recovery Cp (middle) and the Mach number
Ma (right) at the planes 1 to 8M are shown for the TRU diffusion system in Fig. 5.4. Only
within the last three regions is a significant change in these quantities observed. Related to the
integral total pressure loss, a decrease of 6% is found at the ADP. A large decrease in total pres-
sure losses and small decrease in static pressure recovery can be seen within the vaneless diffuser
(between plane 5M and 6M , Fig. 5.4- 1 ) compared to the NUM diffuser. Simultaneously, the
Mach number at the plane 6M rises (Fig. 5.4- 2 ), indicating less deceleration in the vaneless
part introduced by the pipe’s truncation. From a performance perspective, the bend makes a
significant improvement, showing only a small total pressure loss (Fig. 5.4- 3 ). On the contrary,
the losses within the deswirler cascade increase (Fig. 5.4- 4 ), mainly due to the increased LE
incidence as a result of the failing flow guidance in the last part of the diffuser. However, the
static pressure recovery in the deswirler cascade improves (Fig. 5.4- 5 ) as a result of the stronger
flow deceleration.
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5.3 Aerodynamics of the psuedo- and semi-vaneless space
The pseudo-vaneless space (PVS) and semi-vaneless space (SVS)5 define the matching between
the impeller and the diffuser. Furthermore, this region contributes to a large degree to the
flow diffusion and determines the inlet conditions for the pipe-diffuser. In this section, the
aerodynamics of the PVS and SVS will be analyzed. Since the steady-state CFD, as well as
the experimental investigation from Kunte [150], do not show a change in the time-averaged
aerodynamics between the NOM and TRU configuration, the two configurations will not be
examined separately in this section.
5.3.1 Static pressure ratio
CMF
norm
 [-]
p th
/p
im
p,
ou
t 
[-]
α
im
p,
ou
t 
[°]
0.95 1 1.05 1.1
1
1.05
1.1
1.15
1.2
1.25
1.3
13
14
15
16
3
CFD
2
1
EXP
Fig. 5.5: Schematic representation of the flow diffusion between the impeller outlet and the
diffuser throat from choke to stall with the qualitative representation of the boundary
layer at the front wall and the back wall (left). Static pressure ratio between the
impeller outlet and diffuser throat, as well as the impeller discharge flow angle from
choke to stall (right).
The accessibility of the PVS and SVS region is limited due to the small space. A simple and
non-intrusive measurement is the static pressure rise6 over this component. The static pressure
rise in between the impeller exit and diffuser throat is an important design parameter for the
pipe-diffuser and serves as an validation for the CFD method used.
The static pressure ratio depends on the operating point of the compressor. As schematically
shown in Fig. 5.5, the diffusion within an imaginary stream tube, connecting the impeller exit
with the diffuser’s throat, increases towards stall. When comparing the static pressure ratio
pth/pimp,out over the PVS and SVS, shown as black lines at the right of Fig. 5.5, it is notable
that this ratio is lower in the experiment (Fig. 5.5 - 1 ). Towards stall and choke this discrepancy
5see Tab. 5.1.
6Since the head at the diffuser inlet is not known in the experiment, the static pressure ratio is evaluated instead.
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increases. Furthermore, the pressure ratio pth/pimp,out at the earlier choke limit is smaller in the
experiment (Fig. 5.5 - 2 ). Additionally, all choked operating points collapse in one single point
for the 3D-RANS simulation (Fig. 5.5 - 3 ).
The first two discrepancies indicate that the head at the impeller discharge is overpredicted,
the impeller discharge flow angel is underpredicted7, and/or the boundary layer displacement
thickness and aerodynamic blockage in the diffuser’s throat are underpredicted by CFD. The
third discrepancy supports the theory of an underpredicted aerodynamic blockage, as a result of
an underestimated boundary layer displacement thickness (δ1 in Fig. 5.5) within the diffuser’s
throat. The predicted operating points collapse in one single point and resemble the simplified
conception of a choked system, in which no propagation of information in the upstream direction
is possible due to the absence of a boundary layer with subsonic flow. Since the experiment shows
a small impact on the CMF within the choke limit of the compressor, this indicates that there is
still a propagation of information in the upstream direction through the throat and the boundary
layer displacement thickness is probably underestimated by CFD. This theory will be proven in
the next section.
In addition to the static pressure ratio, Fig. 5.5 shows the change in the flow angle αimp,out at
the impeller exit over the compressor’s corrected mass flow CMF . The predicted flow angle
αimp,out amounts to 14.3
◦ at the ADP. Within the simulated range from choke to near stall, a
difference of merely 2.6 ◦ in the averaged flow angle can be seen. However, the development of
the secondary flow is sensitive to the flow angle, as will be addressed in the next section.
5.3.2 Origin and development of vortical structures within the pipe-diffuser
The aerodynamic blockage plays a major role in the aerodynamics within the transonic inlet
region of the diffuser. The aerodynamic blockage, in its turn, is closely related to the devel-
opment of secondary flow. The pipe-diffuser investigated is characterized by the presence of
two streamwise counter-rotating vortices. In this section, the origin and development of these
vortices within the PVS and SVS is shown. Furthermore, a link between the intensity of these
vortices and the level of aerodynamic blockage at the pipe-diffuser’s inlet is established.
The origin of the vortical structures within the PVS and SVS is found in the impeller outlet flow.
Fig. 5.6 shows the absolute Mach numberMa, the TTR, the TPR and the absolute and relative
flow angles α and β (see Fig. 2.6) as a function of the span ζ at the inlet of the diffuser. Four
operating points from near stall to choke are shown, each represented by a different line pattern
defined by the line legend at the left top of Fig. 5.6. As seen earlier in Fig. 5.3 for the average
diffuser inlet Mach number, the inlet Mach number distribution is also nearly independent of the
operating point. The highest Mach number can be seen near the shroud (Fig. 5.6- 1 ), caused
by the high velocity of the wake in the absolute frame of reference. Close to the shroud, the
velocity decreases due to the non-slip condition at the shroud (Fig. 5.6- 2 ). The TTR increases
with a decreasing mass flow (see Sec. 2.3) and shows a maximum within the wake (Fig. 5.6-
3 ). The high local work input is caused by the higher circumferential velocity of the wake
7The discrepancy in the impeller discharge flow angle is put forward as an argument by Grates [87].
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Fig. 5.6: Spanwise profiles at the impeller outlet based on steady-state CFD.
(Fig. 2.4). Near the hub of the impeller, the high circumferential velocity, caused by the non-slip
condition, results in a small increase in TTR (Fig. 5.6- 4 ). The TPR is nearly constant over
a wide span and decreases rapidly within the tip clearance region (Fig. 5.6- 5 ). This results
from the high losses induced within the tip clearance flow. The absolute flow angle α shows a
typical distribution, being high near the hub, where the jet results in a high meridional velocity,
and low near the shroud in the wake region. This distribution plays an important role in the
vortex generation in front of the diffuser. In particular, the shroud region characterized by high
spanwise change in the flow angle α (Fig. 5.6- 6 ) generates a skewed flow near the front wall
of the diffuser. The absolute flow angle α distribution depends on the operating point and
increases towards choke while maintaining its shape. Compared to the wake region, the relative
flow angle β shows a larger flow angle deviation (βb−β) at the hub (Fig. 5.6- 7 ), caused by the
higher Coriolis force within the jet. A small change in the relative flow angle deviation for the
different operating points is seen in the jet-region. Near the shroud, the fluid is accelerated in
the circumferential direction within the relative frame of reference, increasing the flow deviation
(Fig. 5.6 - 8 ).
The interaction of the impeller discharge flow with the front wall and back wall elliptical part of
the pipe-diffuser’s leading edge is visualized schematically in Fig. 5.7. The corresponding flow
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field from the steady-state 3D-RANS simulation at the ADP is shown in Fig. 5.8. Fig. 5.8 shows
multiple θ = const planes within the PVS and the SVS. The three-dimensional leading edge
is shown in green. To visualize the development and location of the vortical structures, the
streamwise vorticity ωsw = ~ω · ~c|~c| is shown as a contour plot. A positive stream wise vorticity
(ωsw > 0) indicates a right turning vortex R , whereas a negative stream wise vorticity (ωsw < 0)
indicates a left turning vortex L .
Fig. 5.8: Generation of vortical structures, visualized by the streamwise vorticity ωsw, within
the PVS and SVS at the ADP, based on steady-state 3D-RANS.
As seen in Fig. 5.6, the impeller discharge flow
Fig. 5.7: Schematic representation of the gener-
ation of vortical structures within the
PVS and SVS.
generates a skewed flow near the front wall
and back wall of the diffuser due to the span-
wise change in the flow angle (Fig. 5.8 - 1 ).
The bulk of the flow near the back wall crosses
the elliptical LE with a negative incidence (to-
wards the SS - shown in Fig. 5.7), resulting in
an amplification of the L1 vortex (Fig. 5.8
- 2 ). Near the front wall, the majority of
the impeller discharge also crosses the ellip-
tical LE with a negative incidence (Fig. 5.8 -
3 ), generating a right turning vortex R1 .
However, the flow close to the front wall has
a small flow angle α, causing a positive inci-
dence towards the elliptical LE. This results
in a left turning vortex L2 at the front wall-SS corner (Fig. 5.8 - 4 )
8. Within the throat,
8The L2 vortex has similarities with a stall cell, as known from vaned diffusers [178, 68]. This cell grows
towards stall and the author hypothesizes that this causes a collapse of the flow field within the pipe-diffuser
at very small mass flows. In this case, the improved stall limit observed in the experiment for the truncated
pipe-diffuser is achieved by the delay of a front wall-SS corner-stall. However, this theory could not be proven
with the help of steady-state or unsteady 3D-RANS [73].
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two streamwise counter-rotating vortices are present, L1 and R1 , whose streamwise vorticity
decrease rapidly in the downstream diffusing flow (Sec. 2.4.2).
Fig. 5.9: Total pressure pt and secondary velocity csec distribution in front of the throat.
Fig. 5.9 shows the total pressure, as well as the secondary velocity distribution (~csec = cx~ex+cǫ~eǫ
see Fig. 5.2) for the ADP and near choke (CMFnorm = 1.05) in front of the throat ( 3M plane
in Fig. 5.2). The flow velocity is normalized with the impeller tip velocity uout throughout
the analysis. On the left, the experimental pitot data (Sec. 4.2.2) is shown and on the right
the 3D-RANS simulation is shown. A clear island type structure with high momentum fluid
is observed in the middle of the throat (Fig. 5.9- 1 ), which decreases in level towards choke
(Fig. 5.9- 2 ) as a result of the lower work input. Close to the back wall, just above the sharp
LE, a low momentum area is present (Fig. 5.9- 3 ). A similar structure is evident close to the
front wall in the 3D-RANS simulation (Fig. 5.9- 4 ). The 3D-RANS simulation shows a more
homogeneous total pressure distribution, characterized by a lower maximum total pressure and
smaller gradients within the core region. The two low momentum areas can be identified within
the secondary flow, as shown on the right of Fig. 5.9, as the left L1 and right R1 turning
vortex. The secondary flow velocity reaches a level as high as 15% of the core flow. In between
the two vortices, a stagnation point in the secondary flow is present at the SS (Fig. 5.9- 5 ). The
fluid is deflected over the pipe’s SS towards the front wall and the back wall in the vicinity of this
stagnation point, supporting the build-up of the two counter-rotating vortices. Towards choke,
the intensity of the secondary velocity increases (Fig. 5.9 - 6 ), as is evident by the higher level
of csec,norm.
To come full circle with the static pressure ratio, evaluated at the begining of this section, a
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Fig. 5.10: Correlation between the secondary flow intensity csec,MA, vortex intensity |ωsw,MA|
and aerodynamic blockage in the diffuser’s throat Bth (left). Correlation between the
aerodynamic blockage in the diffuser’s throat Bth and the change in the choke limit
and the static pressure ratio over the PVS and SVS (right).
link is established between the averaged secondary flow intensity csec,MA, the averaged absolute
streamwise vorticity |ωsw,MA| and the aerodynamic blockage Bth (Eq. 3.1) in the diffuser’s throat
on the left of Fig. 5.10. The first two quantities are related to the value at choke. The increase
in the effective area ratio in between the impeller outlet and the diffuser’s throat towards stall
(Fig. 5.5) is counteracted by two mechanisms. Firstly, the boundary layer growth increases
towards stall as a result of an increased streamwise pressure gradient and a longer flow path.
However, an evaluation of the boundary layer displacement thickness δ1 within the throat shows a
negligible change9 from choke to stall. Secondly, the secondary flow intensity decreases (Fig. 5.10
- 1 ). In a very similar way, the absolute streamwise vorticity decreases, demonstrating that
the secondary flow is mainly the result of the two counter-rotating vortices. The inverse effect is
seen for the aerodynamic blockage (Fig. 5.10 - 2 ), which increases by almost 10% from choke
to near stall according to the 3D-RANS simulation.
Based on Fig. 5.9, the theory of an underprediction of the throat blockage by the steady 3D-
RANS simulation is raised. Using the Pitot-measurements 10, shown in Fig. 5.9, the aerodynamic
throat blockage is calculated (Eq. 3.1) for two operation points and compared with the CFD
result on the left of Fig. 5.10. The blockage is generally underestimated by the 3D-RANS
simulation. In addition, an increasing discrepancy in the blockage prediction towards stall can
be seen (Fig. 5.10 - 3 ).
Both the discrepancy in the predicted choke limit, as well as the overestimated static pressure
ratio, seen earlier in Fig. 5.5, can be linked to the discrepancy in the prediction of the aero-
9The change in boundary layer displacement thickness is solely responsible for less than 1% change in the
aerodynamic blockage from choke to stall, according to the 3D-RANS simulation.
10The assumption is made that the maximum total pressure, used as a reference, is captured by the measurement
grid.
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dynamic throat blockage. These tendencies seen can be explained by means of an 0D analysis
[79, 212], assuming the conservation of the total temperature and total pressure in between the
impeller discharge and throat. On the right of Fig. 5.10, similar to Fig. 5.5, the static pressure
ratio between the diffuser’s throat and impeller exit is shown. Additionally, three iso-blockage
characteristics are calculated using the 0D method. Throat blockages of 0%, 2% and 4% are
shown in Fig. 5.1011. The choke limit changes linear to the change in the aerodynamic throat
blockage (Fig. 5.10 - 4 ), whereas the static pressure ratio near stall changes in a non-linear way
(Fig. 5.10 - 5 ). Applied to the experimental and numerical characteristics in the background,
a smaller increase of 1.5% Bth would be needed to shift the numerical characteristic congruent
with the experimental characteristic whereas at least an increase of 3% Bth would be needed near
stall. This analytical result supports the increasing discrepancy found in the blockage prediction
towards stall, seen on the left of Fig. 5.10.
5.4 Aerodynamics of the pipe-diffuser and downstream
vaneless-diffuser
The primary and secondary flow profile within the diffuser’s throat plays a determining role
in the diffusion process within the downstream diffuser passage. The high vortex strength re-
sults in a PS separation within the pipe-diffuser [262], as shown in detail using time-averaged
PIV and validated for the steady 3D-RANS simulation in Sec. 10.112. In the following section,
the aerodynamic analysis of the pipe-diffuser and the downstream vaneless diffuser will be pre-
sented separately for the NOM and TRU configuration. In contrast to the previous section, the
aerodynamics between both configurations show distinctive changes in the flow field and loss
production within these regions.
As described in the theory (Sec. 2.5), the generation of aerodynamic loss (i.e. entropy produc-
tion) is essentially determined by the velocity (or vector) field. A discussion on the development
of the velocity field will therefore be given. Afterwards, the origin of the entropy production
will be demonstrated in detail. Finally, the impact of the flow mechanisms found and the im-
pact of the associated loss mechanisms on the streamwise development of the static pressure
recovery, total pressure loss, Mach number, aerodynamic blockage and flow redirection will be
addressed.
5.4.1 Development of the velocity field
The streamwise development of the primary (~cprim = cξ~eξ) and secondary (~csec = cx~ex + cǫ~eǫ)
velocity field is visualized for the NOM pipe-diffuser at the ADP in Fig. 5.11. The primary
11The absolute values shown are circumstantial, since the impeller exit blockage is not accounted for in the 0D
calculation. The incremental increase is merely used to demonstrate the sensitivity of the transonic flow to
changes in the aerodynamic throat blockage.
12In Sec. 10.1, a in-depth discussion on the static pressure field within the truncated pipe is given. Furthermore,
the relation between the static pressure field and the flow curvature as well as the convective acceleration is
provided in this section.
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velocity is defined as the velocity parallel to the diffuser’s centerline, whereas the secondary
velocity is defined by the velocity components orthogonal to the centerline. The basis of the
vector components are shown at the top left in Fig. 5.11 or can be found in Fig. 5.2.
Fig. 5.11: Primary and secondary velocity distribution at planes of constant ξ, as shown at the
bottom, within the first half of the NOM pipe-diffuser, based on steady-state 3D-
RANS.
The primary flow velocity cprim shows a displacement of the core flow towards the SS (Fig. 5.11-
1 ), caused by the low-momentum fluid within the two counter-rotating vortices close to the PS.
A rapid deceleration and a flow separation is evident at the PS of the pipe (Fig. 5.11- 2 ). The
resulting jet flow (Fig. 5.11- 3 ) is guided over the convex SS of the pipe. Furthermore, a global
clockwise rotation of the primary velocity field is observed (Fig. 5.11- 4 ). The development
of the primary velocity field is the result of the secondary flow within the pipe-diffuser. The
location of the flow separation is remarkable. For homogeneous inlet conditions, the conservation
of tangential momentum results solely in an SS separation. Grates [87] concludes from his
numerical investigation that unsteady effects may be responsible for the PS separation found.
Although small oscillations of the separation are demonstrated using unsteady PIV [267, 150], the
recirculation observed is of an almost steady nature and does not change significantly depending
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on the operation point of the compressor 13. More recently, the author has shown that the
secondary velocity determines the location, as well as the magnitude of the separation, within
the pipe-diffuser (Sec. 2.4.3). As shown previously, two streamwise counter-rotating vortices
(Fig. 5.11- 5 ), enclosing a stagnation point in the secondary velocity (Fig. 5.11- 6 ), are present
at the diffuser’s inlet. The impingement of energy-rich fluid from the core flow on the SS stabilizes
the boundary layer. On the contrary, the PS boundary layer is fed with energy-poor fluid from
the front wall and back wall boundary layer and is adversely affected by the withdrawal of fluid
from the wall. The separation is initiated at the PS, in between the two vortices. The dominance
of the front wall vortex (Fig. 5.11- 7 ) causes the global clockwise rotation of the velocity field.
The ”tilting” of the flow field is also evident in the 3-hole-probe measurements at the inlet of the
deswirler (Sec. 5.5.1).
Fig. 5.12: Primary and secondary velocity distribution at planes of constant ξ within the TRU
pipe-diffuser, based on steady-state 3D-RANS.
The development of the primary and secondary flow within the truncated pipe-diffuser is shown
in Fig. 5.12. Up until the ξ = 0.4 plane, at which a reduction in the secondary flow velocity
is observed (Fig. 5.12- 1 ), no significant change in the velocity field can be seen. Between
13Except maybe at the compressor’s stability limit.
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the ξ = 0.4 and ξ = 0.6 plane, the pipe opens at the SS, marked as ”Open side” in Fig. 5.12.
Within the downstream vaneless diffuser, the flow is dominated by the conservation of tangential
momentum and follows a logarithmic spiral (Fig. 5.12- 2 ). Due to the absence of a rapid diffusion
and the failing guidance of the jet along the SS, the PS flow separation, seen in the NOM pipe-
diffuser, is almost completely suppressed at the ξ = 0.6 plane (Fig. 5.12- 3 ). Downstream of
the thick TE, a low momentum wake is evident (Fig. 5.12- 4 ). In the secondary flow, towards
the front wall and back wall, two areas characterized by a high secondary velocity can be
seen (Fig. 5.12- 5 ). Within the vaneless diffuser, the used definition of secondary flow is not
appropriate anymore. The vortices increase the tangential velocity near the front wall and back
wall at the outlet of the pipe, resulting in the observed areas with an apparently high secondary
velocity.
5.4.2 Correlation between the velocity field, the local loss production and the
streamwise diffuser performance
Fig. 5.13 shows at the top the specific entropy s
Fig. 5.14: Schematical presentation of the
Vortex-intensified-shear-layer
interaction.
and at the bottom the specific entropy production
(SEP) ρDsDt |irr (Sec. 2.5.1) within the NOM pipe-
diffuser. Two diffuser channels in the downstream
direction are illustrated. In the upper channel dis-
crete planes of a constant ξ are shown whereas the
lower channel shows the S1-plane at 50% span (see
Fig. 5.2). In addition, streamlines are projected on
the S1-plane in the upper figure. The SEP scale is
subdivided into two linear ranges 14 in order to im-
prove 15 the visualization of both the loss mechanisms which have a high SEP but cover a small
volume, as well as the loss mechanisms which have a low SEP but cover a large volume. These
two quantities have an equally weighted impact on the integral loss production, as demonstrated
by Eq. 2.44,
Several characteristic flow features can be seen from the distribution of the specific entropy s.
The boundary layer in the ξ = 0 plane shows a high specific entropy as a result of the high
far-field flow velocity. The entropy level at the front wall is high compared to the back wall due
to the discharge of the impeller tip clearance flow in this region. The onset of the separation
can be clearly identified (Fig. 5.13- 1 ). Further downstream, a entropy distribution as typically
seen in a separated flow is observed (Fig. 5.13- 2 ). The non-recirculating fluid is characterized
by a low entropy level, whereas the recirculating fluid shows a high entropy level.
The distribution of the SEP sheds light on the mechanisms which cause the entropy production.
The mixing out of the impeller discharge flow results in a moderate SEP level throughout the
core flow at the inlet of the diffusion system (Fig. 5.13- 3 ). In the front region of the pipe, the
boundary layers dominate the loss production as a result of the high level of SEP (Fig. 5.13-
4 ). The two counter-rotating vortices are subordinated with respect to the SEP within the
14range 1: 2− 30 kW
Km3
, range 2: 30− 90 kW
Km3
.
15Due to the extreme variation in SEP and the perceived impact of the volume of a loss region when using two-
dimensional planes, a single linear distribution does not adequately illustrate the impact of a low SEP region
on the total loss production.
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Fig. 5.13: Specific entropy and SEP in the NOM pipe-diffuser at the ADP, based on steady state
3D-RANS.
throat. Further downstream (ξ = 0.15 plane), the collision of the two vortices at the PS create
high shear rates and induce an increased SEP (Fig. 5.13- 5 ). The shear layer between the
jet and the separation has a determining impact on the integral loss production within the
pipe-diffuser. To qualitatively localize the shear layer between the jet and the separation, two
iso-velocity lines (cnorm = 0.1 and cnorm = 0.3) are shown in white on the ξ = const planes
in Fig. 5.13. From this, it becomes evident that it is not the flow separation itself (Fig. 5.13-
6 ), but rather the shear layer, which is responsible for the entropy generation. The flow
recirculation can be interpreted, in a very simplified way, as a solid body rotation with no shear
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strain. However, the fluid recirculation collects the high entropy material, discharged from the
shear layer, resulting in the high entropy region within the flow separation, as mentioned above.
Furthermore, the two counter-rotating vortices impact the SEP within the shear layer. Although
the streamwise vorticity decreases rapidly within the diffusing flow of the pipe (see Fig. 5.8),
it is not until the ξ = 0.45 plane before the vortical structures become evident in the SEP
(Fig. 5.13- 7 ). The SEP in the shear layer is increased locally due to the interaction between
the shear layer and the vortices, shown schematically in Fig. 5.14. The two counter-rotating
vortices intersect the shear layer and increase the momentum exchange between the high- and
low-velocity fluid. The stronger, right-turning vortex is still evident in the ξ = 0.60 plane. This
complex loss mechanism is dominant in the rear part of the pipe diffuser (Fig. 5.13- 8 ) and is
even present throughout the bend. The correlation between the loss generation demonstrated
and the vortex-dissipation, as evaluated by Poehler [187], could give interesting insights into
this complex phenomena and further investigation is encouraged by the author. Downstream
of the pipe-diffuser, the wake of the TE (Fig. 5.13- 9 ), resulting from the velocity difference
between the channel’s PS and SS, causes a local increase in SEP. The latter two mechanisms
demonstrate strikingly the difference between the cause and the location of the loss production,
since the loss generation induced by these mechanisms is charged upon the performance of the
bend in a zero-dimensional representation, as was show previously Fig. 5.3.
For the TRU pipe-diffuser, the entropy and SEP distribution are shown in Fig. 5.15. The
recirculating region is almost completely eliminated in this configuration, which results in a
lower SEP within the shear layer, as can be clearly seen in the ξ = 0.6 plane (Fig. 5.15- 1 ). A
reduction in the loss production is achieved by cutting off the vortex-intensified shear layer, seen
in Fig. 5.13. Within the vaneless diffuser downstream, the fluid-mixing results in a rapid decay
of this unfavorable mechanism (Fig. 5.15- 2 ). On the contrary, a thicker TE at a location with
a high discharge Mach number is introduced. The resulting wake decay shows an increase in loss
production (Fig. 5.15- 3 ) compared to the NOM configuration. However, the small volume of
this mechanism results in a subordinate share to the integral loss production, as will be shown
in the next section.
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Fig. 5.15: Specific entropy and SEP in the TRU pipe-diffuser at the ADP, based on steady state
3D-RANS.
In order to relate the loss mechanisms found with the integral component performance for the
NOM configuration (Fig. 5.3) and TRU configuration (Fig. 5.4) shown previously, the streamwise
development of the flow is analyzed. Fig. 5.16 shows the static pressure recovery Cpnorm at the
center line, the aerodynamic blockage B and the diffuser efficiency ηdiff
16 over the dimensionless
diffuser length ξ (Fig. 5.2). Whereas the static pressure recovery Cpnorm is shown for both the
16Instead of using the geometrical throat area, the aerodynamic blockage in the throat is accounted for by using
the effective flow area Ain,eff , as proposed by Soveran et al. [235]
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experiment17 and the steady-state 3D-RANS simulation, the latter two quantities are calculated
based on the steady-state 3D-RANS simulation. A schematical representation of the planes and
control volume used to calculate the aerodynamic blockage B and the diffuser efficiency ηdiff
respectively is shown at the bottom of Fig. 5.16. The diffuser efficiency ηdiff is calculated only
for the NOM pipe-diffuser.
Apart from the offset in static pressure
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Fig. 5.16: Centerline static pressure recovery Cp, aero-
dynamic blockage B and diffuser efficiency
ηdiff within the pipe-diffuser at the ADP.
recovery up until the diffuser’s throat
(Fig. 5.16- 1 ), as evaluated previously,
the experimental and 3D-RANS simula-
tion show a good agreement. The pres-
sure recovery in the second part of the
NOM pipe-diffuser (Fig. 5.16- 2 ) con-
tributes to a mere 5% of the total static
pressure recovery within the radial part
of the diffuser. This is caused by the
high aerodynamic blockage (Fig. 5.16-
3 ), which reaches a value of 55% at
the pipe-diffuser’s exit as a result of the
flow separation. The TRU configura-
tion does not show an improvement with
respect to the static pressure recovery,
due to the low diffusion within the vane-
less diffuser. Nevertheless, the lower
aerodynamic blockage in the second part
of the diffuser (Fig. 5.16- 4 ) demonstrates
the positive effect of the flow mixing
within this region.
Schwarz et al. [222] showed, based on
a numerical investigation in which the
truncation radius is varied, that the trun-
cation radius used provides a near op-
timum for the radial part of the dif-
fusion system with respect to the to-
tal pressure loss. A further reduction
in the TE radius causes a dispropor-
tionately increase in the sudden expan-
sion losses within the pipe-diffuser’s dis-
charge, whereas a larger TE radius re-
sults in an increase of the PS flow separation. Disregarding the upstream effect within the
pipe-diffuser due to a truncation, the optimum length for the pipe-diffuser can be demonstrated
by the diffuser efficiency ηdiff as a function of the centerline coordinate ξ based on the NOM
pipe. A maximum diffuser efficiency ηdiff is found close to the length of the TRU pipe-diffuser
17The total pressure measured at the plane 3M in Fig. 5.2 is used to calculate the head.
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(Fig. 5.16- 5 ). The TRU pipe-diffuser therefore presents a good starting point for further im-
proved diffusion systems, as evaluated in Sec. 7.
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Fig. 5.17: Streamwise development of the total pressure loss ω, the Mach number Ma, and the
flow angle α in the radial part of the diffuser at the ADP, based on steady-state
3D-RANS.
The streamwise development of the total pressure loss ω, the Mach number Ma, as well as the
flow angle α, show significant differences between the two diffuser configurations. Fig. 5.17 shows
these quantities over the meridional coordinate MC (Fig. 5.2 18). Whereas the development of
the total pressure loss is unaffected by the truncation of the pipe-diffuser in the front part,
deviations between the NOM and TRU configuration are observed in the second part of the
diffuser. The suppression of the unfavorable shear layer starts before the end of the pipe-
diffuser (Fig. 5.17- 1 ). However, this positive effect is counteracted by the increase in sudden
expansion loss which is induced by the thick TE and results in a rapid streamwise increase in
total pressure loss locally (Fig. 5.17- 2 ). The elimination of the vortex-intensified shear layer
results in a considerable reduction in the streamwise total pressure loss development within the
vaneless part of the TRU diffuser. Up until the end of the radial part of the diffuser, the total
pressure loss of the TRU configuration is decreased by 10% compared to the NOM configuration
(Fig. 5.17 - 3 ). At the TE of the TRU pipe-diffuser, the radial velocity decreases abruptly,
resulting in a sudden decrease in the flow angle α of approximately 8 ◦ (Fig. 5.17 - 4 ). In the
following vaneless space, the flow angle is nearly constant (see Sec. 2.4.1). Additionally, the flow
deceleration within the vaneless space is less than within the pipe-diffuser (Fig. 5.17 - 5 ). The
latter two conditions increase the aerodynamic requirements with respect to the flow-turning
and the flow-deceleration for the downstream deswirler system.
18The section analyzed represents the region in-between the planes 1 and 6M . The diffuser inlet is used as a
reference.
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5.5 Aerodynamics of the deswirler
In this section, the aerodynamics of the deswirler system, containing a radial-axial bend as well
as axial blades, will be investigated for both configurations at the ADP. As within the last
section, the velocity field will first be analyzed. Subsequently, an analysis linking the velocity
field with the loss mechanisms and the integral streamwise development of relevant averaged
flow quantities will be highlighted.
5.5.1 Development of the velocity field
Fig. 5.18: The Mach number Ma (top) and the absolute flow angle α (bottom) for the NOM
and TRU pipe-diffuser at the inlet of the deswirler at the ADP.
The requirements, as well as aerodynamics of the deswirler system, depend on the discharge
flow from the radial part of the diffuser. An evaluation and validation of the inlet condition
for the deswirler system is shown in Fig. 5.18. Fig. 5.18 shows the Mach-number Ma (top)
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and the absolute flow angle α (bottom) at the 6M measurement plane at R/Rimp,out = 1.37
19. The numerical prediction is shown at the top for both quantities. On the left, the NOM
configuration is shown whereas the TRU configuration is shown on the right. A three-dimensional
representation of the plane is shown in the middle of Fig. 5.18. The experimental acquisition of
the flow is accomplished by a 3-hole probe in a two-dimensional traverse (Sec. 4.2). The discrete
positions of the measurement are illustrated as white circles.
In general, the flow field predicted by steady-state 3D-RANS is in good agreement with the
experimental data. Although the rotation of the flow field within the NOM pipe-diffuser is
evident in the numerical simulation, it is less pronounced compared to the experiment (Fig. 5.18
- 1 ). The shift of the jet at the deswirler’s inlet in circumferential direction, seen at the exit of
the TRU diffuser (Fig. 5.18 - 2 ), is captured well by the numerical simulation.
With respect to the flow angle α, both the experiment and the steady-state 3D-RANS simulation
show the highest flow angle within the jet flow, close to the SS (Fig. 5.18 - 3 ). Towards the PS,
within the flow recirculation, the predicted flow angle shows less agreement with the experiment.
This is partially caused by the limited range in flow angle which can be captured by the 3-hole
probe, as well as the limitations with respect to resolving a velocity field with high gradients
using a 3-hole-probe [150]. The X-shaped pattern, seen in the numerical simulation (Fig. 5.18 -
4 ), is the result of the tilted flow recirculation expressed using a mathematical definition of the
absolute flow angle defined between 0 ◦ and 90 ◦. For the homogeneous discharge flow from the
TRU pipe-diffuser, a good agreement between the experiment and numerical simulation is seen
with a maximum deviation of 3 ◦ within the jet (Fig. 5.18 - 5 ). Similar to the distribution of
the Mach number, the numerical simulation shows a more mixed-out flow. Both the experiment
and the numerical simulation show a smaller flow angle near the front wall and back wall. This
effect is caused by the decrease in radial direction velocity within the boundary layer as a result
of the radial pressure gradient.
A good introduction to some of the essential flow features within the deswirler is provided by
the circumferential averaged flow field, as shown in Fig. 5.19. Fig. 5.19 shows the flux-averaged
absolute velocity c as a contour plot, combined with the streamlines representing the averaged
meridional flow direction through the annulus.
For the NOM configuration, the high-velocity fluid moves towards the shroud (Fig. 5.19 - 1 ).
This effect results from the inhomogeneous distribution of the meridional velocity at the bend’s
inlet. The high-momentum fluid follows a larger radius of curvature to satisfy the radial equi-
librium within the radial bend (Sec. 2.4.4). The low-momentum fluid discharged from the pipe-
diffuser, located towards the hub, flows over the backward facing step and generates a large
separation at the hub within the bend (Fig. 5.19 - 2 ). In addition, a high streamwise pressure
gradient, generated by the suction peak at the blade, is forced upon the weak hub flow, resulting
in a separation at the SS-hub corner (Fig. 5.19 - 3 ). The convection of the high-momentum
19Measurements at the R/Rimp,out = 1.21 plane, close to the exit of the TRU pipe-diffuser, are shown by Kunte
[150]. A validation, showing a good agreement with the used numerical method, is provided by Schwarz et. al
[221].
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Fig. 5.19: Circumferential averaged velocity distribution and streamlines within the annulus of
the deswirler, based on steady state 3D-RANS.
fluid from the shroud towards the hub within the cascade (Fig. 5.19 - 4 ) reveals the presence
of a streamwise channel vortex.
Although the bend’s inlet velocity is increased for the TRU configuration (Fig. 5.17), a much
more homogeneous velocity profile is observed at the blade’s LE (Fig. 5.19 - 5 ). Addition-
ally, the smaller flow angle at the bend’s inlet results in a larger effective radius of curvature
(Sec. 3.4.1). Contrary to the NOM configuration, the flow within the bend does not separate
at the hub (Fig. 5.19 - 6 ). Only a small recirculation at the backward facing step is observed.
Within the cascade, a significant smaller SS-hub-corner separation is present (Fig. 5.19 - 7 ).
As with the NOM configuration, a streamwise channel vortex is present (Fig. 5.19 - 8 ).
The impact of the non-uniform deswirler inlet condition on the flow velocity and induced sec-
ondary flow velocity in front of the LE of the deswirler cascade is visualized for the NOM
configuration in Fig. 5.2020. Fig. 5.20 represents an S3-plane at the top of the bend, as indicated
at the top of Fig. 5.19, covering one pitch. The secondary velocity is calculated as the difference
between the local velocity vector and flux-averaged velocity vector (~csec = ~cFA−~c). The position
of the three deswirler blade’s LE is indicated by B1 , B2 and B3 respectively.
20The flow within the bend coupled with the TRU pipe-diffuser does not show the induced secondary flow and is
therefore not presented.
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Fig. 5.20: Flow velocity (left) and secondary flow (right) at the top of the bend for the NOM
configuration at ADP, based on steady state 3D-RANS.
The low-momentum wake, downstream of the separation and TE of the pipe-diffuser, is clearly
evident by the low velocity throughout the span at the top of the bend (Fig. 5.20- 1 ). The high-
momentum jet is close to the shroud (Fig. 5.20- 2 ). Underneath the jet, the hub separation
is visible. In this region a fluid displacement towards the shroud is seen in the secondary flow
(Fig. 5.20- 3 ). Contrary to this cross-flow, the low-momentum fluid is transported towards the
hub (Fig. 5.20- 4 ). As a result, a pair of counter-rotating vortices is induced (Sec. 2.4.4). The
right-turning vortex is marked with R and the left-turning vortex is marked with L . Due to
the induced secondary flow, the absolute flow angle at the top of the bend deviates over a wide
range of ∆α = 70 ◦, whereas the flow velocity c deviates over a wide range from 0.05 to 0.25.
The impact of the inlet flow condition on the flow separation within the deswirler is shown in
Fig. 5.21. Fig. 5.21 shows two pitches with periodic flow conditions of the deswirler. On the
left side, the extent of the flow separation is visualized by an iso-velocity surface at an almost
stagnating condition (cnorm = 0.02). The contour of the iso-surface represents the static pressure
recovery Cp. On the right, the near surface flow is visualized, represented by streamlines within
the laminar sublayer of the boundary layer. Additionally, the detached flow regions are shown
using the boundary layer shape factor H12 = δ1/δ2. A boundary layer shape factor H12 > 4,
indicated in blue, represents the separated turbulent boundary layer [21].
The mismatch of the incoming flow to the blade’s LE causes distinct differences between the
channels of the deswirler coupled with the NOM pipe. Blade 3 B3 is exposed to the high-
velocity and high incidence flow near the shroud and simultaneously to the low-momentum hub
flow. As a result, the SS of B3 separates over the full span (Fig. 5.21- 1 ), blocking almost the
complete channel 3 CH3 . The SS-hub corner shows a large area of inversed flow (Fig. 5.21- 2 )
and a cross flow within the middle of the channel (Fig. 5.21- 3 ). In contrast, CH2 profits from
the left turning vortex at the top of the bend (Fig. 5.20), which decreases the incidence near the
shroud. Additionally, the upstream region of CH2 shows a fairly healthy hub flow, resulting
in an attached flow throughout the channel and a low blockage. The effective operation of only
CH1 and CH2 results in a moderate static pressure recovery within the deswirler, compared
to the TRU configuration.
The bend inlet flow condition of the TRU configurations is characterized by an increased in-
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Fig. 5.21: Three-dimensional visualization of the flow separation, static pressure recovery Cp
and surface flow within the deswirler coupled with the NOM pipe-diffuser (top) and
TRU pipe-diffuser (bottom), based on steady-state 3D-RANS.
cidence and increased velocity. This results in an abrupt hub-corner stall at the blades’ LE
(Fig. 5.21- 4 ), similar to the separation type described by Lei et al. [153] (Sec. 3.5). The hub-
corner stall is identifiable by the two recirculation patterns on the SS surface and hub surface at
the end of the arc-vortex, which is perpendicular to the flow (Fig. 5.21- 5 ). Although all chan-
nels show a separation, none of the channels are fully blocked and the blade loading (Sec. 2.4.5)
between the three blades is equal. The result is a significant increase in pressure recovery within
the deswirler, which is quantified in the following section.
5.5.2 Correlation between the flow field, the local loss production and the
streamwise deswirler performance
The coupling between the velocity c, the specific entropy s and the SEP ρDs/Dt|irr is illustrated
for an S1-plane at 50% span in Fig. 5.22 for the NOM configuration. Streamlines projected on
the S1-plane are added to support the interpretation. Within the bend, the mixing between the
jet and wake (Fig. 5.22- 1 ), originating from the pipe-diffuser’s discharge, results in an elevated
loss production as far as the LE of the deswirler blades. The jet is directed over the SS of B3
, resulting in the large flow separation (Fig. 5.22- 2 ) of CH3 . This separation is a major
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Fig. 5.22: Velocity c, specific entropy s and SEP ρDs/Dt|irr at 50% span within the deswirler
at the ADP for the NOM configuration, based on steady-state 3D-RANS.
loss mechanism, due to the high SEP and large volumetric expansion of the induced shear layer
within the channel (Fig. 5.22- 3 ). In the direct vicinity of the profile, within the boundary layer,
the velocity on the edge of the boundary and the SEP within the boundary layer are closely
related (Fig. 5.22- 4 ). Downstream of the deswirler blades, the wake decay (Fig. 5.22- 5 ) is
evident in the increased SEP. The volumetric expansion, as well as the level of SEP within the
wake decay region, is directly related to the ratio of the dumping velocities at the profile’s PS
and SS. The difficulty of analyzing the origin of the aerodynamic losses when using the specific
entropy s on a two-dimensional plane in a highly three-dimensional flow can be demonstrated
on the basis of the NOM configuration. Local regions with a low specific entropy (Fig. 5.22-
6 ), which can be misinterpreted due to the apparent streamwise decrease in specific entropy s,
caused by the cross-transport of low entropy fluid perpendicular to the S1-plane shown.
The corresponding values are shown in Fig. 5.23 for the TRU configuration. Compared to
the NOM flow field, a high incidence and high momentum flow are forced upon the deswirler
blades (Fig. 5.23- 1 ). Within the core flow of the bend, no detectable mixing and coupled
loss production is seen (Fig. 5.23- 2 ). As shown earlier in Fig. 5.21, an almost identical and
abrupt hub-corner stall is generated in all channels, resulting in a voluminous shear layer with
a high level of SEP (Fig. 5.23- 3 ). The increased flow turning results in a higher blade loading
and a higher difference in the PS and SS discharge velocity, generating higher losses in the
wake decay region (Fig. 5.23- 4 ). In contrast to the NOM configuration, the distribution of the
specific entropy s is in agreement with the expectations based on the velocity field shown on the
two-dimensional S1-plane, due to the less intense secondary flow.
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Fig. 5.23: Velocity c, specific entropy s and SEP ρDs/Dt|irr at 50% span within the deswirler
at the ADP for the TRU configuration, based on steady-state 3D-RANS.
The effect of the flow features distinguishing the NOM configuration from the TRU configura-
tions on the streamwise development of the total pressure loss ω, the static pressure recovery Cp,
the Mach number Ma, the flow angle α and the aerodynamic blockage B within the deswirler
is shown in Fig. 5.24. The meridional coordinate MC, shown in Fig. 5.2, is used to define the
streamwise location. Due to the high meridional velocity, the sudden expansion loss, caused by
the hub-side backward facing step (Fig. 5.19), is higher for the NOM configuration (Fig. 5.24-
1 ). Although the flow angle α is larger and the resulting length of the flow path within the
bend is shorter for the NOM configuration, a larger increase in total pressure losses can be seen
(Fig. 5.24- 2 ). This is the direct result of the larger hub separation and the high mixing losses of
the pipe-diffuser’s discharge flow for this configuration, reflected in the high aerodynamic block-
age (Fig. 5.24- 3 ). Altogether, these effects cause the total pressure losses from bend inlet to the
deswirler LE for the TRU configuration to be merely one-third of the total pressure losses for
the NOM configuration. Despite the area increasee, no static pressure recovery is gained within
the bend (Fig. 5.24- 4 ) for the NOM configuration, in contrast to the TRU configuration. The
increased incidence (∆α = 6 ◦, Fig. 5.24- 5 ) and increased inlet Mach number (∆Ma = 0.05,
Fig. 5.24- 6 ) for the TRU configuration, resulting in the abrupt hub-corner stall seen earlier,
cause a rapid increase in the aerodynamic blockage (Fig. 5.24- 7 ) and high integral loss gener-
ation in the first half of the deswirler’s cascade (Fig. 5.24- 8 ). The integral total pressure loss
in the bladed part of the deswirler for the TRU configuration is twice as high as for the NOM
configuration. Nevertheless, the decrease in total pressure loss gained in the diffuser due to the
truncation is not overcompensated and hence, the compressor’s efficiency of the TRU configura-
tion is superior. The static pressure recovery is substantially higher for the TRU configuration
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Fig. 5.24: Streamwise development of the total pressure loss ω, the static pressure recovery Cp,
the Mach number Ma, the flow angle α and the aerodynamic blockage B within the
deswirler, based on steady-state 3D-RANS.
(Fig. 5.24- 9 ). This can be traced back to the overall lower blockage within the cascade, the
higher deceleration and coupled increase in flow redirection. However, the targeted discharge
swirl is exceeded for the TRU configuration (Fig. 5.24- 10 ) and inherently more total pressure
loss than necessary is induced. Many of the unfavorable flow features present in the deswirler
system for the TRU configuration can be reduced or prevented by a redesign of the deswirler,
as addressed in Sec. 7.
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5.6 Interim conclusions and implications for the deswirler redesign
In the previous sections, the differences between the NOM and TRU diffuser configuration were
analyzed in detail. From the analysis the following conclusions with respect to the potential for
improvement of the diffusion system can be made:
1. The original pipe-diffuser design (NOM configuration) shows an over-expansion, resulting
in a large separation. In between the recirculating fluid and the jet, a voluminous shear
layer is identified as a major loss mechanism. The decrease in the pipe’s length (TRU
configuration) prevents the build-up of the shear layer. The high diffuser efficiency of
the truncated pipe-diffuser makes this compact diffuser a good starting point for more
advanced diffusion systems.
2. The vaneless diffuser downstream of the pipe-diffuser, introduced in the TRU configuration,
mixes out the pipe discharge flow. Although the vaneless diffuser does not offer a superior
static pressure recovery, the total pressure loss is significantly lower. Furthermore, the
mixing within the vaneless diffuser is a determining factor for the flow preconditioning and
loss generation within the downstream bend and deswirler. It is shown that the mixing,
reflected in a lower aerodynamic blockage, is favorable in multiple ways. Within the radial
bend, the reduction in the spanwise and circumferential inhomogeneity of the velocity
prevents the flow separation at the bend’s hub and avoids the generation of streamwise
vortices. The latter effect increases the flow homogeneity at the LE of the deswirler blades.
3. For this particular flow problem, it is demonstrated that the flow homogeneity is more
important than the averaged velocity or incidence angle at the LE. The deswirler blades
downstream of the TRU pipe-diffuser are exposed to a higher average Mach number and
average incidence angle respectively. However, a superior static pressure recovery is demon-
strated for this design.
Although the vaneless space can be eliminated to reduce the outer diameter of the compressor, as
for example investigated by Schwarz [221], the design philosophy pursued in this work includes
the vaneless space. In the opinion of the author, the advantages of the vaneless space are a
prerequisite for a high-efficiency diffusion system. Furthermore, the stall margin gained by the
TRU pipe-diffuser (Fig. 3.8) has to be maintained. At present, the latter excludes designs with a
high impact on the pipe-diffuser’s aerodynamic, since no experimental data is available. Future
work in the framework of the GE centrifugal compressor technology project at the Institute of
Jet Propulsion and Turbomachinery (Aachen University) will focus also on this kind of diffusion
system.
The changed flow condition at the deswirler LE inherently requires a redesign of the deswirler
system. The investigation of two new deswirler designs is addressed in Sec. 7. Prior to this
investigation, the impact of the flow unsteadiness on the loss production and potential relevance
for the deswirler design is addressed in the next section.
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In the following section, the unsteady aerodynamics of the centrifugal compressor will be in-
vestigated, based on the TRU configuration. The objective of this analysis is to identify the
differences between the steady-state and the unsteady flow, to classify the unsteady flow mecha-
nisms and to relate these mechanisms with the change in loss production due to the unsteadiness.
Furthermore, it will be demonstrated that unsteady effects have a significant impact close to
the rotor-stator interface, but do not impact the region downstream of the pipe-diffuser. The
use of steady-state 3D-RANS for the deswirler investigation presented in the last chapter of the
analysis is therefore justified. All detailed analyses are conducted for the ADP, except for a few
in-depth discussions, which can be found in the appendix of this chapter (Sec. 10).
6.1 Impact of unsteadiness on the overall performance
At the top of Fig. 6.1, the compressor’s total pressure ratio TPR and the total-to-total isentropic
efficiency ηis,t−t over the corrected mass flow CMF at 100% RPM are shown. The measuring
accuracy is shown in the form of a bar. The experimental result is marked by the large delta sym-
bol. The 3D-RANS1 result is shown as a blue dash-dotted line, whereas the 3D-URANS(TA)2
result is shown as a green dashed line. The ADP and two off-design points towards choke OPC
and stall OPS are indicated by a gray vertical bar. OPS represents the last numerical stable
operating point.
In general, both numerical methods show a good agreement with the experimental data. The
difference between the predicted and measured TPR does not exceed 2%, whereas the difference
for the total-to-total isentropic efficiency does not exceed 1%. At the ADP, the TPR is slightly
underestimated, with −0.2% for the 3D-RANS simulation and −0.7% for the 3D-URANS sim-
ulation. For the total-to-total isentropic efficiency at the ADP, the difference is +0.2%-points
and −0.2%-points for the 3D-RANS respectively the 3D-URANS simulation. The work input
characteristic, represented by the TTR, is within the numerical accuracy equivalent for both
methods and predicted within the measurement accuracy. For this reason, the TTR is not
shown here. The point of maximum efficiency is located towards a smaller mass flow for the
numerical simulation (Fig. 6.1- 1 ), as a result of the predicted point of minimum total pressure
losses for the diffusion system. When comparing the 3D-RANS with the 3D-URANS(TA) result
1Steady-state Reynolds-averaged Navier-Stokes.
2Unsteady Reynolds-averaged Navier-Stokes: Time-Averaged.
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Fig. 6.1: Comparison of the compressor, the impeller and the diffuser performance for the 3D-
RANS, 3D-URANS(TA) and the experiment at 100% RPM .
at the ADP, a drop of 0.39%-points in the stage efficiency is predicted (Fig. 6.1- 2 ). This drop
represents a mere 2.4% of the total losses induced within the compressor.
At the bottom of Fig. 6.1, the total-to-total isentropic impeller efficiency ηis,t−t (left) and the
diffuser’s total pressure loss ωdiff (right) are shown. The diffuser contains the pipe-diffuser, the
vaneless diffuser and the deswirler. In order to relate the change in total pressure loss within
the diffuser with the change in overall compressor efficiency, the sensitivity of the compressor’s
total-to-total isentropic efficiency ηis,t−t to the change in total pressure loss is shown in form
of a bar3. The impeller shows a decrease of more than +0.4%-points over the whole range
(Fig. 6.1- 3 ) and is mainly responsible for the change in stage efficiency between the 3D-RANS
and the 3D-URANS simulation. The diffuser shows only a small change in total pressure loss
between both methods. However, for the near choke range (Fig. 6.1- 4 ), the difference within
the pipe-diffuser’s performance increases between the 3D-RANS and 3D-URANS simulation
3The relation between the diffuser’s total pressure loss and total-to-total isentropic compressor efficiency is given
in Sec. 9.1.
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[199], resulting in the observed difference in diffuser performance. The small change in diffuser
performance at the ADP does not imply that unsteady effects are not present and significantly
influence the loss production. It will be shown that counteracting effects are balanced out in
this part of the compressor. The point of minimum total pressure losses is shifted towards a
higher mass flow for the 3D-URANS simulation, showing a better agreement with the experiment
(Fig. 6.1- 5 ). Although not investigated further here, this could be caused by the matching of
the impeller’s high-momentum wake flow with the diffuser LE, as discussed in the literature
review (Sec. 3.6) .
6.2 Propagation and magnitude of the unsteadiness
The energy spectrum of the flow unsteadiness in a turbomachine is, in general, dominated by
the first harmonics of the blade passing frequency [218]. In order to localize and quantify the
unsteady perturbations within the flow field, an evaluation of the discrete harmonics in the
form of a spectral analysis is conducted for the static pressure. The unsteady phase-lag method
used (Sec. 4.1) inherently offers the possibility of extracting discrete harmonics, denoted by H
in the following section. Tab. 6.1 shows the fundamental frequencies for the investigated stage
at 100% RPM . The Blade Passing Frequency (BPF) and Passage Passing Frequency (PPF),
enforced upon the diffuser by the impeller, are unequal due to the main-splitter geometry.
Rotational speed 19500 RPM (100% RPM)
Impeller ⇒ Diffuser PPF 7460 Hz (H1) / BPF 14920 Hz (H2)
Diffuser ⇒ Impeller BPF 9730 Hz (H1)
Tab. 6.1: Fundamental frequencies for the compressor investigated at 100% RPM .
Fig. 6.2 shows the relative static pressure amplitude |∆p|/pURANS(TA) of the first (H1) and sec-
ond (H2) harmonic throughout the compressor at 50% span. Since the static pressure amplitude
of the second harmonic is smaller, the range is adapted for the harmonic in Fig. 6.2. The change
in the perturbations is small in the spanwise direction and the S1-plane at 50% span provides
therefore a good representation of the overall distribution of the unsteadiness.
For both the impeller and the diffuser, the blade passing frequency (H1 within the impeller
and H2 within the diffuser) is the dominant perturbation in the area close to the rotor-stator
interface. The unsteady pressure fluctuations are the highest in the impeller exducer, reaching
values of up to |∆ps|/ps,URANS(TA) ≈ 6% for the blade passing frequency (H1) (Fig. 6.2- 1 ).
Within the impeller, two characteristic nodal-lines can be seen; one in a longitudinal direction
(Fig. 6.2- 2 ) and one in a circumferential direction (Fig. 6.2- 3 ). The second harmonic (H2) is
subordinate to the first harmonic (H1). Near the PS at the impeller TE, a high excitation is
evident (Fig. 6.2- 4 ). This effect is typical for a close-coupled impeller with back sweep blades
and induced by the diffuser potential field [189, 78].
For the diffuser, the amplitude of the blade passing frequency (H2) reaches a maximum value of
|∆p|/pURANS(TA) ≈ 2% at the SS within the SVS (Fig. 6.2- 5 ). The high unsteadiness in this
region is caused by the moving impingement of the impeller’s jet on the SS, elaborated in more
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detail in Sec. 6.4.1. Although this amplitude is smaller than the amplitude of the blade passing
frequency seen in the impeller, it should be borne in mind that the flow within the diffuser
inlet region is transonic, and therefore sensitive to small perturbations. Furthermore, the blade
passing frequency and passage passing frequency are of similar magnitude. Both the H1 and
H2 show a rapid streamwise decay in the vaneless diffuser part, downstream of the pipe. As far
as the deswirler, the perturbations have almost been damped out (Fig. 6.2- 6 ).
Within both the impeller and the diffuser, the presence of standing waves and wave interference
can be identified. For the impeller, this effect was already addressed in a previous work by Grates
[87]. The effect of wave amplification within the diffuser can be demonstrated by experimental
data, as will be shown in the next section. Furthermore, a jump in the static pressure amplitude
between the impeller and diffuser is observed. This reveals an important characteristic of the
interaction between the impeller and the diffuser. The diffuser opposes a potential field with
strong gradients in the circumferential direction. This potential field evokes a strong fluctuation
in time within the relative frame of reference of the impeller. In contrast, the flow field discharged
from the impeller contains much smaller pressure gradients in the circumferential direction. This
is a well-known effect of the flow downstream of the TE. In this region, circumferential pressure
gradients are balanced out rapidly, eventually resulting in a flow deviation. It is this weaker
perturbation which is opposed on the relative frame of reference for the diffuser.
A in-depth discussion on the predicted change in the pressure perturbations towards choke OPC
and stall OPS is given in Sec. 11.
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Fig. 6.2: Static pressure amplitude for the first (H1) and second (H2) harmonic throughout the
compressor, based on the 3D-URANS simulation.
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Another perspective on the static pressure perturbation and a validation using unsteady pressure
taps (Kulite-sensor), installed throughout the diffuser, is shown in Fig. 6.3. At the top of Fig. 6.3,
the amplitude ratio of the dominant harmonics |∆pPPF ||∆pBPF | , as well as the positions of six Kulite
probes at the front wall, are shown. Kulite 2a , 2c and 2e are positioned within the diffuser’s
throat, close to the impeller exit. Kulite 4 to 6 are downstream of the pipe-diffuser within the
vaneless diffuser. At the bottom of Fig. 6.3, the experimental data is compared to the numerical
result from the 3D-URANS simulation. The phase-lag approach used for the unsteady numerical
simulation uses a discrete Fourier decomposition, containing the passage passing frequency and
its higher harmonics, to couple the periodic boundaries, as well as the rotor-stator interface
(see Sec. 4.1). As a consequence, the first Engine Order (EO) or amplitudes due to frequency
modulations [190, 150] are not resolved or filtered out by the 3D-URANS simulation.
The experiment confirms the dominance of the blade passing frequency (H2), the passage passing
frequency (H1) and the higher harmonics within the frequency spectrum of the static pressure
amplitude. Additionally, the experimental data show that the blade passing frequency is domi-
nant in the front end of the diffuser (Kulite 2a , 2c and 2e ) and that the passage passing
frequency is dominant in the downstream region of the throat (Kulite 4 , 5 and 6 ). When
comparing the ratio |∆pBPF ||∆pPPF | throughout the diffuser (top), this tendency is also seen for the
3D-URANS simulation. Nevertheless, for the discrete Kulite locations, this agreement is not
evident for all positions (Fig. 6.3- 1 ). The upper illustration of Fig. 6.3 shows that the ratio of
the perturbation amplitude is highly dependent on the location and not always captured by the
3D-URANS method.
In general, the predicted static pressure amplitude is overestimated. The decay of the higher
harmonics in the diffusing flow is overestimated by the 3D-URANS simulation (Fig. 6.3- 2 ).
This behavior is also addressed by Grates using another CFD method [87] and is caused by the
higher numerical dissipation 4. Furthermore, the presence of a strong H4 and H6 is observed in
both the experiment and the 3D-URANS simulation (Fig. 6.3- 3 ). The H3 and H5, being only a
higher harmonic of the passage passing frequency, show no significant presence in the amplitude
spectrum. On the contrary, the higher harmonics of the blade passing frequency show a strong
presence throughout the diffuser. The presence of standing waves and wave amplification can be
seen in the experiment (Fig. 6.3- 4 ), evident for the H1 amplitude at Kulite 5 , which increases
compared to the upstream and neighboring positions.
An in-depth discussion and validation for the near choke operation point OPC is presented
in section Sec. 11.2. A validation for the 3D-RANS method used based in unsteady PIV can be
found in Findeisen [73].
4The link between the dispersion and dissipation for the wave propagation within the flow solver used is discussed
by Schnell [218]. Depending on the acceptable error, typically 10 or 20 nodes are needed to resolve one
wavelength. Taking the H1 as an example, the acoustic velocity combined with the blade passing frequency
gives a wavelength of approximately 26mm. This length scale is resolved with the required number of points
throughout the stage. Nevertheless, when considering higher harmonics, this resolution is, in general, not held
in the core flow and a higher numerical dissipation for these harmonics is to be expected.
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Fig. 6.3: Frequency spectrum of the static pressure amplitude at discrete locations within the
diffuser for the experiment and the 3D-URANS simulation at the ADP.
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6.3 Unsteady aerodynamics of the impeller
As demonstrated in Fig. 6.1, the time-averaged performance of the impeller deviates from the
steady-state performance. In the following section, the source of the unsteadiness within the
impeller, as well as the impact on the time-exact pressure field, is addressed. The coupling
between the unsteadiness and the change in SEP is then presented.
6.3.1 Diffuser potential field within the impeller
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Fig. 6.4: Schematic representation of the static pressure taps, positioned at the impeller’s shroud
near the TE at Rimp,out = 0.96 (top). Experimental result (bottom-left) and numerical
URANS(TA) prediction (bottom-right) of the diffuser’s potential field at choke (OPC),
at the ADP and near stall (Last EXP).
Many publications demonstrate a significant upstream influence of the diffuser potential field on
the impeller flow [74, 112, 210, 232, 78]. The potential field of the diffuser is the main source of
unsteadiness in the impeller exducer. In order to validate the upstream influence of the diffuser
potential field, six static pressure probes at the shroud are compared with the time-averaged
local static pressure pURANS(TA) from the 3D-URANS simulation. A schematic view of the
location of the static pressure taps (red dot) is shown at the top of Fig. 6.4. The experimental
(left) and numerical results (right) are shown below for three operating points. Both plots show
the static pressure over the circumferential position, covering 1.25 diffuser pitches. To support
the interpretation, the experimental data is curve-fitted with a sinus curve.
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At the ADP, the predicted shape of the potential field shows a good agreement with the experi-
ment. The locations of the maxima and minima are predicted precisely, whereas the amplitude
is slightly underestimated by 20%. To evaluate the potential field in more detail, the potential
field towards choke OPC and stall LAST Exp is also shown5. The following statements can
be made when comparing the potential field from choke towards stall:
• The amplitude of the static pressure field increases (Fig. 6.4- 1 ). This tendency is also
seen in the URANS simulation. However, the sensitivity is underestimated, as quantified
in Tab. 6.2;
• The location of the maxima and minima shifts in circumferential direction (Fig. 6.4- 2 ),
opposite to the direction of rotation;
• The mean level of the static pressure increases (Fig. 6.4- 3 ).
EXP URANS(TA)
OPC 3.4% 3.0%
ADP 2.9% 2.5%
Last EXP 1.8% 2.5%
Tab. 6.2: Relative amplitude of the potential field, in relation to the mean value at Rimp,TE =
0.96.
The first tendency has been demonstrated by Gaetani et al. [77]. Gaetani observed a maximum
unsteadiness within the relative frame of the impeller towards choke, which is also evident in
the numerical simulation (Sec. 11.1). An increase in the circumferential change of the impeller’s
discharge quantities in the absolute frame of reference towards stall is observed, which agrees
with the tendency seen in Fig. 6.4. Gaetani explains this tendency by the increasing sensitivity
of the impeller aerodynamics to the interaction towards stall, caused by the higher blockage of
the diffuser at low flow angle inlet conditions. The second tendency, the circumferential shift of
the potential field, is in agreement with the results of Fisher et al. [74] and Geatani et al. [77],
showing that the upstream propagation of the diffuser potential field is orientated more towards
the circumferential direction for a smaller diffuser inlet flow angle. The third tendency is the
increase in pressure rise towards stall for a back-sweep impeller.
6.3.2 Time-exact static pressure field within the impeller
The real-time unsteady pressure development at a fixed point in the absolute frame of reference
at the shroud near the impeller TE (schematically shown as a blue dot at the top of Fig. 6.4), is
compared between the experiment (black line with large symbols) and the 3D-URANS simulation
(blue line with small symbols) at the ADP in Fig. 6.5. What is shown is one period in time,
containing the passing of the main blade and the splitter blade.
The average level of the static pressure is underpredicted in the 3D-URANS simulation and will
be addressed in the next section. What is remarkable is the apparent 20% overestimation in
the static pressure amplitude for the 3D-URANS simulation. In author’s opinion, this is in part
the result of the unsharp captured pressure development with the Kulite sensor (Fig. 6.5- 1 ),
5The last experimental point measured with an equivalent tip clearance is at a higher mass flow as OPS , shown
in Fig. 6.1, for safety reasons.
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due to the finite diameter of the sensor, as well as in the frequency response of the sensor. The
Kulite sensor used shows a strong damping in the frequency response at the high characteristic
frequency, based on the blade width and rotational velocity, as shown by Presico et al. [185].
A distinctive feature of the local pressure development is the presence of a minimum (Fig. 6.5-
2 ), which is more pronounced within the experiment. This deviates substantially from the
theoretical saw-tooth pressure development, shown schematically as Steady in Fig. 6.5, known
from steady-state impeller aerodynamics. The higher harmonic in the local pressure development
is a direct result of the diffuser potential field, which causes a wave-like motion in the static
pressure field within the relative frame of reference of the impeller. The magnitude of this effect
depends strongly on the circumferential position, relative to the diffuser’s LE.
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and the unsteady pressure fluctuation within the impeller at 50% span (bottom) at the
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An overall representation of the static pressure field within the impeller is given in Fig. 6.6.
Fig. 6.6 shows the static pressure build-up pred,norm along the impeller’s shroud on the top left
and the static pressure along the PS and SS of the main and splitter blade near the tip on the top
right, over the meridional impeller angle Ψ at the ADP. At the bottom, the time-exact pressure
fluctuation at 50% span is shown, representing the difference between the local static pressure
and the time-averaged static pressure. The latter two plots are based on the 3D-RANS and
3D-URANS simulation whereas the experimental result has been added in the static pressure
build-up along the shroud, as defined in the legend.
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Fig. 6.5: Unsteady development of the static pressure
at the impeller’s shroud close to the TE, at
the ADP.
shroud is in good agreement with the
experiment for both numerical methods.
The good prediction of the static pres-
sure rise in the centrifugal impeller is
due mainly to the fact that the static
pressure build-up, in first order, is the
result of the centrifugal acceleration
(Eq. 2.10), which can be calculated ex-
actly. In contrast, the prediction of vis-
cous effects, such as the boundary layer
and jet-wake structure, is more error-
prone. The corresponding aerodynamic
blockage determines the diffusion within
the relative frame of reference within
the impeller’s channel. The author pro-
poses the theory that the seen discrep-
ancy in the static pressure build-up is
the result of the underestimated aerodynamic blockage in the passage. This could be caused by
the homogeneous inlet boundary condition used in the CFD simulation, whereas in reality the
impeller inlet is charged with hub and shroud boundary layers, as well as the wake decay of the
upstream IGV. Furthermore, the time-averaged static pressure build-up is not impacted by the
impeller-diffuser interaction.
Using the equations of motion (Eq. 2.11 and Eq. 2.12), it is evident that the time-averaged static
pressure build-up is closely related to the time-averaged pressure difference between the PS and
SS. This correlation is reflected in the good agreement of both the static pressure build-up along
the shroud, as well as the blade loading between the 3D-RANS and 3D-URANS(TA) method,
shown at the right top side of Fig. 6.6. Nevertheless, strong fluctuations in the temporal local
loading of the blades are evident within the unsteady flow field, as illustrated by three time-exact
pressure distributions (1/4 − 1/2 − 1 period). The magnitude of the perturbation is the same
as the pressure difference between the PS and SS (Fig. 6.6- 1 ). This was also recognized by
Grates [87] for the stage investigated and experimentally confirmed recently for a close-coupled
centrifugal compressor by Gaetani et al. [77].
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The lower part of Fig. 6.6 shows the impact of the diffuser potential field on the time-exact
static pressure distribution at 50% span. The potential field generates a pressure rise in front
of the diffuser’s LE (Fig. 6.6- 2 ), whereas a pressure drop can be seen in between the diffuser
LEs (Fig. 6.6- 3 ). Due to the blade count of the compressor, the generated pressure waves are
nearly in anti-phase (Fig. 6.6- 4 ) throughout the exducer. The pressure waves travel along the
PS and SS towards the LE of the impeller (Fig. 6.6- 5 ). Similar behavior can be seen for all
other flow quantities. The coupling with the pressure perturbations can be divided into two
types; quantities which are in phase (Pt, Tt) and those who are in anti-phase (w, α) with the
static pressure perturbation. The presence of the diffuser’s LE effects the local flow similar
to the throttling of the impeller, raising the total pressure and total temperature due to the
increase in circumferential velocity for an impeller with back-sweep. A more detailed discussion
of this effect is given in Sec. 11.3. The relative velocity reduces in the presence of the diffuser’s
LE stagnation point. At the same time, the flow angle α reduces, due to the suppression of the
meridional velocity. These dependencies are also demonstrated in the numerical investigation of
Grates [87] or the experimental investigation of Gaetani et al. [77].
6.3.3 Change in the loss production due to unsteadiness
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Fig. 6.7: Streamwise development of the average specific entropy s and the difference between
the averaged specific entropy between the 3D-RANS and 3D-URANS(TA) simulation
at the ADP.
On the left of Fig. 6.7, the streamwise development (MC is shown in Fig. 5.2) of the averaged
specific entropy s of the 3D-RANS simulation (blue dash-dotted line), as well as the relative
difference in averaged specific entropy (red dashed line), between 3D-RANS and 3D-URANS(TA)
simulation is shown for the ADP. On the right, the difference in circumferential-averaged specific
entropy between the 3D-RANS and 3D-URANS(TA) simulation for the impeller is shown.
In front of the inducer, the entropy production is small. An initial rapid increase can be seen
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at the leading edge of the main blade (Fig. 6.7- 1 ). This increase is caused by the high relative
velocity at the main blade’s SS at the LE tip, evident in the high meridional velocity wm,norm
seen in the right-hand side of the figure, and the strong tip clearance flow as a result of the flow
incidence. A similar, smaller increase in entropy is observed at the splitter’s LE. Towards the
impeller exit, the streamwise increase in entropy rises, generated by an increasing separation of
the fluid in a jet-wake flow and an increasing relative velocity of the shroud wall.
The average level of entropy is higher throughout the impeller for the 3D-URANS(TA) simula-
tion. From the difference in the level of entropy for the 3D-URANS simulation, two important
characteristics become apparent:
1. Downstream of 40%MC, the deviation between the 3D-RANS and 3D-URANS(TA) sim-
ulation increases rapidly. Within the last 20% MC, 60% of the additional entropy is cre-
ated (Fig. 6.7- 2 ) due to unsteadiness. The difference in the loss production between the
steady-state and unsteady simulation is therefore mainly generated within the impeller’s
exducer.
2. When comparing the result of Fig. 6.7 with the analysis of the static pressure fluctuation,
shown in Fig. 6.2, a clear correlation between the magnitude of unsteadiness and additional
loss generation emerges. The rising amplitude of the static pressure fluctuation is reflected
in the increasing additional unsteady entropy production towards the impeller exit. In
detail, even the interruption of the additional unsteady entropy production between 70% <
MC < 80% (Fig. 6.7- 3 ) correlates with the streamwise position of the circumferential
nodal-line in the static pressure amplitude, as shown previously in Fig. 6.2.
From the distribution of the difference in specific entropy within the annulus of the impeller
entropy, shown on the right of Fig. 6.7, the shroud region of the exducer can be identified as
the main area in which additional loss generation due to the unsteadiness takes place (Fig. 6.7-
4 ). Furthermore, less influential changes are observed in regions where the unsteadiness is low
(Fig. 6.7- 5 ). This can be traced back to a changed fluid displacement in the 3D-URANS(TA)
simulation, but not elaborated on further here.
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Fig. 6.8: Comparison of the tip clearance mass flow density between 3D-RANS and 3D-
URANS(TE) within the impeller’s exducer.
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Based on the findings above, a more detailed analysis of the unsteady tip clearance flow is
conducted. Disregarding the contraction of the tip clearance flow due to a separation bubble,
the tip clearance flow is dominated by two mechanisms [108], as shown schematically at the
left of Fig. 6.8; the boundary layer close to the shroud (Fig. 6.8- I ), generated by the non-slip
condition at the shroud, rotating in the relative frame of reference, and the convection of fluid,
due to the pressure gradient over the tip clearance (Fig. 6.8- II ). The first mechanism is of
steady nature, not taking into account a transient rotational speed. The second mechanism
is directly influenced by the (unsteady) pressure distribution across the blade. The transient
mass flow density6 through the impeller tip clearance over one impeller period is shown in
Fig. 6.8 for the ADP. Fig. 6.6 demonstrates that the pressure perturbations, generated by the
potential field of the diffuser, are nearly in anti-phase for the impeller’s PS and SS. This leads
to a local fluctuation in the mass flow density up to 25% through the tip clearance (Fig. 6.8
- 1 ). The development of the unsteady mass flow density resembles a simple orifice flow and
rises approximately to the root of the static pressure gradient over the blade (m˙ ∝ √∆ptc),
resulting in a decrease of the time-averaged mass flow for the 3D-URANS simulation (Fig. 6.8
- 2 ) of 4%. Therefore, it stands to reason that the increase in unsteady loss production within
the tip clearance region is caused by the increase in the specific loss production, rather than an
increased tip clearance mass flow.
The change in the time-exact SEP between the 3D-RANS and 3D-URANS(TE)7 simulation
within the impeller, displayed on a S3-plane close to the LE at 95%MC (see Fig. 6.7), is shown
in Fig. 6.9. Fig. 6.9 shows 4 discrete time steps within one diffuser period. The alternating tip
clearance mixing shows regions of an increased SEP (Fig. 6.9- 1 ) and regions of a decreased
SEP (Fig. 6.9- 2 ) as a result of an increased or decreased tip clearance mass flow. Within
the boundary layer, an alternating SEP is observed (Fig. 6.9- 3 ). The time-exact SEP of the
boundary layer at the hub and blades increase and decrease compared to the steady-state SEP,
in phase with the fluctuating relative velocity. The fluctuation of the relative velocity is phase-
shifted to the pressure waves induced within the impeller, shown in Fig. 6.6.
Fig. 6.10 shows the same S3-plane as Fig. 6.9. At the top, the time-averaged secondary flow
within the relative frame of reference (~wsec = ~wFA − ~w) is shown. At the bottom, the change
between the 3D-RANS and 3D-URANS(TA) SEP is shown8. The cross-transport mechanisms,
as discussed in Sec. 2.3, are evident. The flow near the shroud, moving from the SS to the PS
as a result of the non-slip condition, shows the highest secondary velocity (Fig. 6.10- A ). The
jet is forced towards the PS by the high Coriolis acceleration (Fig. 6.10- B ), whereas the low-
6A control surface with the characteristic length of one pressure wave, being approx. 10%MCnorm, in upstream
direction from the LE is used to calculate the local mass flow density.
7Unsteady Reynolds-averaged Navier-Stokes: Time-Exact
8The SEP calculated, based on the time-averaged unsteady flow solution, is an approximation of the effective
time-averaged SEP. The time-averaged velocity field does not capture the change in the time-averaged laminar
SEP, which is caused by the non-linear relationship between the shear stress rate and the laminar SEP for the
unsteady flow. However, the change in SEP due to the unsteady flow is captured by the dominant turbulent
SEP terms. The non-linear relationship between the turbulent quantities and the velocity field results in a
change in the ensemble-averaged turbulent quantities, used to calculate the turbulent SEP terms. Since the
turbulent SEP terms are dominant over the laminar SEP terms, the SEP based on the URANS(TA) solution
is justified and provides a convenient way to demonstrate the change between a steady-state and an unsteady
simulation.
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Fig. 6.9: Change in the SEP between the 3D-RANS and 3D-URANS(TE) simulation within the
impeller’s exducer at the ADP.
momentum wake is driven towards the SS (Fig. 6.10- C ) due to the lower Coriolis-acceleration
and as compensation for the first two cross-flows. Within the hub boundary layer, the cross-flow
of low-momentum fluid towards the SS, driven by the static pressure gradient, can be seen D .
The secondary flows result in two streamwise vortices (Fig. 6.10- 1 and 2 ).
The dominant effects causing the additional entropy production within the time-averaged un-
steady 3D-RANS simulation is the additional entropy production within the mixing region of
the tip clearance flow and the main flow (Fig. 6.10- 3 ), in between the secondary flows A and
C . As addressed in Sec. 3.5, the total loss production, due to the mixing of a leakage flow in the
core flow, rises highly exponentially in relation to the tip clearance mass flow. The decrease in
the time-averaged tip clearance mass flow is overcompensated by the increase in time-averaged
SEP, resulting in an increase loss production within the unsteady impeller flow for the com-
pressor investigated. The pronounced change in time-averaged SEP in the unsteady boundary
layers at the impeller’s hub and blade has less impact on the change in time-averaged integral
loss production. In general, the fluctuation of the velocity increases the time-averaged SEP, in
109
6 Unsteady analysis of the truncated compressor configuration
Fig. 6.10: Secondary flow and the change in the SEP between the 3D-RANS and 3D-
URANS(TA) simulation within the impeller exducer at the ADP.
accordance with expectations based on the analytical solution for the boundary layer SEP as
a function of the far field velocity (Sec. 3.5). In the right passage, the increase in boundary
layer entropy production (Fig. 6.10- 4 ) corresponds directly with the dominant fluctuation at
the diffuser’s blade passing frequency (Fig. 6.2- 2 ), which is high near the channel’s PS and SS
and negligible at the nodal line in between.
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6.4 Unsteady aerodynamics of the diffuser
The analysis of the unsteady diffuser aerodynamics focuses on the front part of the diffuser, in
which the unsteadiness is high due to the close proximity to the impeller. Many of the unsteady
mechanisms within this region have been discussed by Grates [87] on a phenomenological basis.
In this investigation, the correlation between the unsteady flow mechanisms and the change in
loss production generated by the unsteadiness is addressed.
Starting with the relevant unsteady flow mechanisms, the change in the time-averaged flow field
is subsequently shown. Next, the streamwise development of the diffuser’s total pressure loss
and static pressure recovery is compared for the 3D-RANS and 3D-URANS(TA) simulation.
Following on from this, the regions in which the unsteadiness has a significant impact on the
performance are determined. In analogy with the unsteady impeller investigation, the analysis is
concluded with an evaluation of the change in SEP resulting from the unsteady mechanisms.
6.4.1 Unsteady flow mechanisms
Fig. 6.11 shows a time-exact flow field at 50% span near the impeller-diffuser interface. The
Mach-number Ma, the flow angle α, the fluctuation of the static pressure ∆p/pURANS(TA) and
the vorticity in axial-direction ωx are shown. To support the interpretation of the vorticity in
axial-direction ωx, additional streamlines are shown which represent the relative change between
the time-exact and the time-averaged velocity field (∆~c = ~cURANS(TE) − ~cURANS(TA))9.
The Mach-number shows the upstream effect of the diffuser on the impeller exducer flow, evident
by the local decrease in the vicinity of the diffuser’s LE (Fig. 6.11- 1 ). At the impeller’s TE,
the presence of a stagnation point results locally in a high Mach number, at which the velocity
is close to the impeller’s rotational speed (Fig. 6.11- 2 ). The impeller wake, entering the pipe
diffuser, is recognizable by the high absolute Mach-number (Fig. 6.11- 3 ). The distribution of
the flow angle α shows the decreased incidence angle for the wake region (Fig. 6.11- 4 ), whereas
the jet is characterized by a high flow angle (Fig. 6.11- 5 ). At the diffuser’s LE, changes in
the flow angle up to 8 ◦ are observed due to the alternating jet-wake flow. A rapid increase in
the flow angle is evident within the pipe-diffuser (Fig. 6.11- 6 ). This demonstrates the double
function of the pipe-diffuser as used in the aero engine application investigated, in which it is
used to decelerate and to turn the flow at the same time. Within the third figure, displaying the
pressure perturbations, radial pressure waves moving in the circumferential direction are evident
(Fig. 6.11- 7 ). These pressure waves are generated by the momentum exchange between the jet
and the wake flow and disperse rapidly, in particular in the diffusing flow downstream of the
throat. At the diffuser’s LE, a high and a low pressure region is seen (Fig. 6.11- 8 ), fluctuating
violently as a result of the alternating incidence angle towards the diffuser’s LE. Depending
on the incidence angle, a pressure maximum or minimum is induced at the PS or the SS.
Despite the strong fluctuation around the LE, the PS boundary layer is stable and does not
9The streamlines shown do not represent streak-lines nor the particle-trace and are strictly speaking unphysical
in the context used. The streamlines merely serve the visualization of the difference between the time-exact
and time-averaged vector field.
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Fig. 6.11: Time-exact flow field at 50% span within the impeller exducer and front region of the
pipe-diffuser.
show an alternating detachment, in contrast to the observations made by Grates [87]. The lower
plot reveals a characteristic pattern of left-turning (Fig. 6.11- L ) and right-turning (Fig. 6.11-
R ) flow structures. In particular, the left turning flow structure is traceable throughout the
inlet region of the diffuser, represented by the blue island-like structures with a high negative
axial vorticity ωx (Fig. 6.11- 9 ). These flow structures are induced by the difference in the
impeller’s relative discharge velocity ~w in combination with the negative incidence (towards
the SS), resulting in an apparent flow deflection in the ∆~c vector field shown. The vortical
structures are separated by positive and negative jets, similar to the type described in Sec. 2.6.
Additionally, perpendicular to these jets, the boundary layer experiences a fluctuation of the far-
field velocity. The high fluctuations at the diffuser’s SS in front of the throat, shown previously
in Fig. 6.2, are the result of this phenomenon. The flow pattern shown was already described
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by Dean et al. [42] and first visualized for the stage investigated by Grates [87].
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Fig. 6.12: Time-exact development of the averaged secondary flow intensity, the mass flow and
the aerodynamic blockage within the diffuser’s throat (top). The flow angle distri-
bution at 50% span at two discrete time steps (middle). Secondary flow distribution
within the throat at two discrete time steps (bottom).
As shown in Sec. 5, the flow within the diffuser’s throat is of major importance to the pipe-
diffuser’s aerodynamic performance. Fig. 6.12 shows the time-exact development of the flow
within the throat plane. At the top, the development of the aerodynamic blockage Bth (black),
the mass-flow-averaged secondary velocity csec,MA (blue), the mass-flow-averaged absolute stream-
wise vorticity |ω|sw,MA (red) and the mass flow MF (green) over one impeller period are shown.
The latter three quantities are normalized using the maximum value of the quantity. In the mid-
dle, the flow angle α distribution at 50% span is shown for two selected time steps, representing
the flow field at maximum aerodynamic blockage (Fig. 6.12- A ) and minimum aerodynamic
blockage (Fig. 6.12- B ). At the bottom, the distribution of the secondary flow and the shape
of the core flow within the throat is shown for the two time steps.
In general, large changes in all global flow quantities within the diffuser’s throat are observed
over one impeller period. The mass-flow-averaged secondary velocity csec (blue) and the mass-
113
6 Unsteady analysis of the truncated compressor configuration
flow-averaged absolute stream-wise vorticity |ωsw| are in phase, indicating that the two counter-
rotating vortices are the driving mechanism for the secondary flow within the unsteady flow.
However, whereas the 3D-RANS simulation shows a reciprocal correlation between the throat
blockage and the stream-wise vorticity (Bth ∝ 1|ω|sw,MA , see Sec. 5.3.2), this trend is not observed
throughout the unsteady development of these quantities. The temporal development shows
that these global quantities are partially in phase. This could be the result of the unsteady
mixing process within the vortices, in which the stronger vortices are inherently developed
in a more inhomogeneous inlet flow (Sec. 5.3.2) and therefore require more time to mix-out.
Another explanation could be the transient mass-flow through the throat, which is in phase
with the aerodynamic blockage within the diffuser’s throat and varies over more than 5% for
the unsteady flow. Although this relative change may appear small, it should be borne in mind
that the difference in mass flow between choke and stall at 100% RPM is only approximately
15% (Fig. 3.8).
Details of the flow field at maximum aerodynamic blockage and minimum aerodynamic blockage
are shown in the contour plots in the middle and at the bottom of Fig. 6.12. Depending on
the diffuser’s approaching flow, both the core flow, represented by a single iso-velocity line at
cξ,norm = 0.75, as well as the secondary flow distribution change significantly. Time step A
shows the passing of the impeller passage wake, characterized by a low discharge flow angle and
high mass flow density. The throat experiences a low blockage and pronounced counter-rotating
vortices are observed. As time progresses, the jet passes the diffuser’s LE and increase the
strength of the vortices. However, only a local minimum in the aerodynamic throat blockage is
seen just before the passing of the main blades’s TE wake. At the passing of the blade’s TE wake,
shown in time step B , the secondary flow field experiences a collapse and a high throat blockage
is evident. The right turning vortex (denoted by R1 in Fig. 5.8) is undetectable in time step B
. Contrary to the averaged values shown at the top of Fig. 6.12, the flow field at the bottom is
in accordance with the correlation previously established between the strength of the secondary
flow and the throat blockage. From this result, the conclusion can be drawn, that the simplified
representation of the throat flow using averaged values may not be appropriate to describe the
highly unsteady flow. However, the collapse of the secondary flow field over approximately 30%
of the impeller’s period within the throat is characteristic for the unsteady flow and impacts the
loss production within the pipe-diffuser significantly, as will be demonstrated in Sec. 6.4.3.
6.4.2 Differences between the unsteady time-averaged and steady-state flow field
Fig. 6.13 shows the static pressure p distribution (top) and the difference in the total pres-
sure pt distribution (bottom) for the 3D-RANS and 3D-URANS(TA) simulation. Whereas the
distribution of the static pressure is very similar for both methods, a distinct difference in the
distribution of the total pressure for the 3D-RANS and 3D-URANS(TA) simulation can be seen.
As a result of the local impeller back pressure, which changes in the circumferential direction, a
difference of up to 4% in the total pressure discharge in circumferential direction is evident in the
3D-URANS simulation. A more detailed evaluation is given in Sec. 11.3. The fluid is discharged
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Fig. 6.13: Static pressure and the difference in total pressure at the diffuser inlet for the 3D-
RANS and 3D-URANS(TA) simulation.
with a higher total pressure in the vicinity of the diffuser’s LE, resulting in a streak of ele-
vated total pressure (Fig. 6.13- 1 ), compared to the steady-state simulation. This effect is seen
throughout the front region of the diffusion system. In contrast, in between the steaks of high
total pressure, the 3D-URANS(TA) simulations show a streak through which fluid with a lower
total pressure passes. This streak of low total pressure passes over the SS of the pipe-diffuser.
Fig. 6.14: Comparison between the throat blockage Bth and the vortex strength |ω|sw,MA for the
3D-RANS and 3D-URANS(TA) simulation (left). Visualization of the change in the
flow deceleration within the pipe-diffuser (right).
The correlation between the time-averaged throat blockage Bth and the vortex strength |ω|sw,MA
over the corrected mass flow at the diffuser inlet CMFdiff for the 3D-RANS and 3D-URANS
simulation is shown on the left of Fig. 6.14. For the 3D-URANS, the streamwise vorticity
decreases by 3% (Fig. 6.14- 1 ), indicating a less intensive time-averaged secondary flow field
within the throat plane, as a result of the unsteady collapse of the vortical structures. As a con-
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sequence, the blockage increases by 20% (Fig. 6.14- 2 ), resulting in an earlier diffuser choke and
lower impeller-exit to diffuser-throat pressure recovery, as demonstrated previously in Fig. 6.1
and shown in Sec. 11.4. Both changes agree more favorably with the experimental data. On
the right of Fig. 6.14, the change in the velocity cξ between the 3D-RANS and 3D-URANS(TA)
simulation within the pipe-diffuser is visualized for the ADP. The increased blockage is evident
as a higher flow distortion near the PS of the passage (Fig. 6.14- 3 ), in the vortex-mixing region.
Within the front wall and back wall corner at the pipe’s PS the flow velocity is significantly lower
for the 3D-URANS(TA) result. Towards the exit of the vaneless diffuser, the differences in the
velocity cξ between the 3D-RANS and 3D-URANS(TA) are evened out (Fig. 6.14- 4 ).
6.4.3 Change in loss production due to unsteadiness
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Fig. 6.15: Comparison of the diffuser’s streamwise development of the total pressure loss ω (left)
and the static pressure recovery Cp (right) between the 3D-RANS and 3D-URANS
simulation at the ADP.
As shown previously in Fig. 6.1, the total pressure loss within the diffuser at the ADP does
not show a significant change as a result of the unsteady interaction. In order to evaluate
the local effect of unsteadiness on the diffuser performance, the streamwise development of
the total pressure loss ω and the static pressure recovery Cp are plotted over the meridional
coordinate MC in Fig. 6.15. The diffuser inlet plane, denoted by plane 1 in Fig. 5.2, is used
as a reference. The blue dashed line represents the 3D-RANS simulation, which serves as an
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orientation. Details of the 3D-RANS result can be found in Fig. 5.2 or Fig. 5.4 and are not
discussed here. The focus is on the red solid line, which represents the relative change between
the 3D-RANS and 3D-URAN(TA) result, related to the integral total pressure loss and the static
pressure recovery respectively for the steady simulation. In order to quantify whether the relative
change is significant, a bar which correlates to a change in compressor efficiency of 0.2% is also
shown10. Although this reference value is merely a definition, it is convenient to comprehend and
represents the measuring accuracy of the efficiency of the test-rig instrumentation used [267].
When comparing the relative change in total pressure loss and static pressure recovery between
3D-RANS and 3D-URANS(TA), clear tendencies are evident which can be assigned to charac-
teristic regions of the diffuser. These tendencies are denoted by A , B and C in Fig. 6.15. The
associated regions are schematically shown at the top of Fig. 6.15. It should be emphasized that
unsteadiness does not necessarily influence only the local aerodynamics, but can also impact
on the aerodynamic of the downstream flow field, due to a change in the time-averaged flow
field [40]. However, for the flow problem investigated, the significant changes in the diffuser
performance observed are within the region of high unsteadiness (Fig. 6.2). Within the region
in front of the diffuser’s LE, the total pressure loss is lower and the static pressure recovery is
higher for the URANS(TA) simulation (Fig. 6.15- A ). In contrast to this tendency, the total
pressure loss is higher and the static pressure recovery is lower within the region starting at the
diffuser’s LE as far as the end of the diffuser’s throat (Fig. 6.15- B ). Further downstream, both
the total pressure loss, as well as the static pressure recovery, is higher for the URANS(TA)
simulation (Fig. 6.15- C ).
Fig. 6.16: Absolute change in SEP between the time-exact 3D-URANS and the 3D-RANS solu-
tion for a discrete time-step within the diffuser at in the ADP.
Fig. 6.16 shows the time-exact difference in SEP between the 3D-RANS and 3D-URANS sim-
ulation at a discrete time step. In the direction of the impeller rotation, three pipe-diffusers
are shown with a hub-to-shroud plane (S2), planes which are orthogonal to the direction of
10Based on the ADP. Calculated as given in Sec. 9.1.
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the flow (S3) and a blade-to-blade plane (S1) respectively. Yellow represents a strong increase,
whereas light blue represents a strong decrease in the unsteady SEP compared to the steady-
state simulation. The regions with an elevated or lower SEP can be assigned to the unsteady
flow features demonstrated previously in Sec. 6.4.1. Downstream of the impeller’s TE, the wake
mixing is visible due to the higher SEP (Fig. 6.16- 1 ). This phenomenon is not captured by the
steady-state simulation. As becomes apparent from Fig. 6.15, the higher loss induced by the im-
peller’s TE wake decay is overcompensated by another effect in the 3D-URANS simulation. The
core flow in front of the diffuser’s LE shows a much smaller SEP for the 3D-URANS simulation
(Fig. 6.16- 2 ). This effect is discussed in the next paragraph. Close to the front wall, island-type
structures with an elevated SEP move in the downstream direction (Fig. 6.16- 3 ). This is the
impeller passage wake, which mixes out with the surrounding fluid. The high boundary layer
unsteadiness at the SS in front of the throat, generated by the impinging jets shown at the bot-
tom of Fig. 6.11, is reflected in the moving island-like structures with an alternating higher and
lower level of SEP (Fig. 6.16- 4 ). These structures are generated at the blade passing frequency
and are separated by the positive and negative jets. In between the jets, the fluid is accelerated
and decelerated parallel to the wall, resulting in a local increase or decrease in SEP within the
boundary layer. The most dominating effect with respect to the change in loss production is the
increased flow distortion near the PS (Fig. 6.16- 5 ), demonstrated in Fig. 6.14. In contrast to
the first four flow features, the increased flow distortion at the PS is of a nearly steady nature.
Fig. 6.17: Absolute change in SEP between the time-averaged 3D-URANS and 3D-RANS solu-
tion within the diffuser at the ADP.
Similar to Fig. 6.16, Fig. 6.17 shows the difference in SEP between the time-averaged 3D-URANS
and the 3D-RANS simulation in order to couple the unsteady loss mechanisms with the change
in the time-averaged streamwise diffuser performance, shown in Fig. 6.15. In front of the LE,
the back wall and front wall boundary layer generate an increase in SEP (Fig. 6.17- 1 ). Similar
to the effect demonstrated in the impeller (Fig. 6.10), the far-field velocity fluctuation parallel
to the wall increases the time-averaged SEP within the boundary layer. Remarkably, the SEP
118
6.4 Unsteady aerodynamics of the diffuser
in the core flow is significantly lower for the 3D-URANS simulation (Fig. 6.17- 2 ). This effect
is dominant and is the root cause of the lower total pressure loss within the diffuser inlet region
(trend A in Fig. 6.15). Two theories to explain this effect are proposed:
1. The non-equilibrium of the tangential momentum between the jet and the wake, discharged
from the impeller, interact within this region. The results are pressure waves, superposing
the time averaged-pressure field, as shown in Fig. 6.11. Dean [43] states that, for a radial
impeller the non-equilibrium in the unsteady discharge flow could cause what he calls
a reversible work input. This phenomenon can occur when unsteady rotating wakes are
present which generate local pressure fluctuations ∂p∂t (Sec. 2.6). The resulting work input
could counteract the reduction in total pressure, resulting in the decreased total pressure
loss ωdiff (Fig. 6.15-trend A ). However, the difference in the streamwise development
of the total temperature within this region between the 3D-RANS and 3D-URANS(TA)
result is negligible, i.e. this phenomena could not be proven and therefore is rejected by
the author.
2. The second theory assumes a numerical artifact which arises at a close-coupled impeller-
diffuser system. The boundary conditions treatment for the 3D-RANS simulation allows
a circumferential gradient for scalar values to assure non-reflecting characteristics, how-
ever, it enforces a constant circumferential profile for the total quantities at the diffuser’s
inlet11. In this particular case, characterized by a strong upstream interaction, this causes
a mismatch for the circumferential distribution of the total and static flow quantities, as
demonstrated in Sec. 6.4.2. The result is an increase in the shear rate within the core flow
which leads to an increased dissipation (Sec. 2.5). A similar behavior is evident for the
turbulent quantities, increasing abruptly at the inlet of the diffuser domain, downstream
of the mixing plane used for the steady-state simulation.
The regions within the streamwise vortical structures (Fig. 5.3.2) show an increased SEP for
the 3D-URANS(TA) simulation (Fig. 6.17- 3 ). This is caused by the strong fluctuation and
temporal breakdown of the vortices in the unsteady flow, increasing the inhomogeneity and
coupled shear rate. The most dominant effect on the total pressure loss within the pipe-diffuser
(Fig. 6.15-trend B and trend C ), evident by the extreme increase in SEP, as well as the large
volume, is the intensified separation resulting from the increased throat blockage (Fig. 6.17- 4 ).
In contrast to the boundary layer at the front wall and back wall, and despite the velocity
fluctuation, the boundary layer at the SS in front of the throat shows a decrease in the time-
averaged specific entropy production (Fig. 6.17- 5 ). This boundary layer is not only subjected
to velocity fluctuation parallel to the wall, it is also characterized by a fluid impingement and
extraction, demonstrated in Fig. 6.11. As addressed in Sec. 2.6 and Sec. 6.4.1, the presence of
negative jets impinging the surface create local pressure perturbations ∂p∂t , which are clearly
evident in Fig. 6.2. This unsteadiness can lead to a change in the stagnation enthalpy (Sec. 2.6)
and resulting isentropic equalization of the total pressure level. However, this effect is difficult
to prove for the flow problem investigated, since the main reduction in loss production within
11The linearized theory used to formulate the boundary condition dictates a constant entropy and total enthalpy
in circumferential direction [82, 269].
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this boundary layer is caused by a time-averaged effect. As demonstrated in Fig. 6.13, a streak
of high total pressure is discharged near the diffuser’s LE and transported through the middle of
the pipe-diffuser for the given rotor-diffuser matching. In contrast, the SS is passed by a streak
of low total pressure. The SS boundary layer experiences a lower far-field velocity, resulting in
a lower time-averaged entropy production within the boundary layer, despite the fluctuation of
the velocity field. Nevertheless, due to the small volumetric expansion, this effect is subordinate
to the change in total loss production. The higher fluid displacement at the pipe-diffuser’s PS
results in a contraction of the jet and higher mixing losses in the downstream region (Fig. 6.17-
6 ).
With respect to the changed static pressure recovery shown in Fig. 6.15, the lower total pressure
loss results in the increase in static pressure recovery within the region in front of the diffuser’s
LE (Fig. 6.15- A ). The increase in the aerodynamic blockage within the diffuser’s throat causes
the strong decrease in static pressure recovery between the diffuser’ss LE and the end of the
throat (Fig. 6.15- B ). In contrast, the higher throat blockage results in a higher static pressure
recovery in the downstream region of the throat as a result of the larger effective expansion ratio
(Fig. 6.15- C ). This trend is confirmed using experimental data, shown in Fig. 11.4.
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6.5 Interim conclusions and implications of the unsteady flow to the
loss production
In this section, the analysis of unsteady aerodynamics resulting from the impeller-diffuser in-
teraction within the centrifugal compressor is presented. The main focus is on the change in
loss production due to the unsteadiness. A separation of the unsteady effects is achieved by
comparing the 3D-RANS and 3D-URANS simulation at equivalent operating conditions. From
the analysis, the following conclusions can be drawn:
1. The additional loss generated by the unsteadiness of the compressor investigated amounts
to a mere 2.4% of the total loss at the ADP. The change in integral performance is caused
mainly within the impeller.
2. Significant unsteady fluctuations are present in the impeller exducer and front part of the
diffuser. Static pressure fluctuations of up to 6% are found within the impeller exducer.
The unsteadiness in the impeller is dominated by the first blade passing frequency of the
diffuser. The source of the unsteadiness is the potential field. Fluctuations in the static
pressure are induced, which travel in anti-phase along the impeller blade.
3. The additional entropy production due to unsteadiness within the impeller can be traced
back to the impeller tip clearance flow. The time-averaged tip clearance mass flow decreases
under the unsteady conditions. However, the high increase in time-average specific entropy
production within the tip vortex mixing region results in a higher integral loss production.
4. Within the diffuser, counteracting unsteady mechanisms are found. In front of the LE,
a decrease in total pressure loss is observed for the unsteady flow and two theories are
proposed. In contrast, the counter-rotating vortices at the diffuser’s inlet are weakened
by the unsteady collapse, increasing the throat blockage and related losses within the
pipe-diffuser.
The mechanisms found increase the understanding of the unsteady flow physics in a close-
coupled centrifugal compressor which can be taken advantage of in future compressor designs.
In general, the following conclusion with respect to design implications can be made: Although
the major unsteady mechanisms caused by the impeller-diffuser interaction are detrimental to
the compressor’s efficiency, the close coupling of the impeller with the pipe-diffuser is beneficial
when it comes to reducing the integral loss production. This becomes clear when comparing the
small change in integral loss production due to unsteadiness with the high loss generation in the
small region from the impeller outlet to the diffuser’s LE. On the other hand, an increase in loss
due to the interaction may be prevented within the impeller. In theory, either the potential field
of the diffuser could be reduced or the development of an unsteady tip loading with anti-phase
pressure regions could be prevented by changing the number of diffuser pipes. Nevertheless, it
should be borne in mind that, in practice, an LE adaption would influence the impeller-diffuser
matching significantly. The choice of the number of pipes is determined in the first order by
other constraints, like the diffusion attainable within the pipe-diffuser, the pre-defined choke
mass flow and structural limitations.
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Furthermore, it is shown that the unsteadiness, as well as the impact of unsteadiness, is negligible
within the rear part of the diffuser. The use of steady-state 3D-RANS for the new deswirler
designs, investigated in the next section, is therefore justified.
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In the following section, a detailed aerodynamic analysis of two high-efficiency deswirler designs
will be conducted. As purported in Sec. 5, the truncation of the pipe-diffuser required a re-
design of the downstream deswirler system. The vaneless space between the pipe-diffuser and
deswirler is sustained to keep the favorable mixing of the pipe-diffuser’s discharge flow in front
of the deswirler system. This is a key element of the designs investigated and different from an
emerged concept, as for example investigated by Schwarz [221] for the compressor under inves-
tigation. At the same time, the potential effect of the changed flow path within the deswirler
is minimized. The gain in compressor stall limit for the truncated pipe-diffuser (Sec. 3.7) is
therefore maintained, as demonstrated experimentally by Schmidt [215].
The deswirler redirects the flow towards the combustion chamber, while decreasing the swirl and
recovering pressure. It is characterized by a high aerodynamic loading, due to the required flow
redirection of 70◦ in circumferential and 135 ◦ in meridional direction at an inlet Mach number
of 0.35. As shown in Fig. 4.6, the meridional flow path has a constant height and a maximum
constant radius of curvature within the bend is used. The maximum radius is defined by the
confined design space and the new meridional discharge angle of 227 ◦. Due to these adaptions,
the outer radius of the deswirler design is reduced by 2.5%. This has the advantage of a weight
reduction, as well as the reduction in the frontal area, of the compressor system. The latter
feature is of special interest for the two-shaft aero engine application of the compressor.
Two different blading strategies are investigated in the framework of this investigation. The two
vaned strategies have the same meridional flow path and the same integral chord length. For
compactness, the three-dimensional vanes are integrated in the radial bend. The first design is
a tandem configuration (further denoted as TND). The first blade row contains 30 vanes and
is aligned to the pipe-diffuser in such a way that the high-momentum flow is guided over the
vane’s SS. The second row of the tandem design is clocked in different positions relative to the
first blade row and has 60 vanes. The second concept is a single-vane configuration (further
denoted as SNG) with 75 vanes. A three-dimensional view of both deswirler systems is given in
Fig. 4.7.
A clocking investigation for the TND design will first be presented. Based on this analysis,
the best clocking position with respect to the compressor performance is defined. Next, the
correlation between the clocking position and the aerodynamic loss mechanisms is investigated.
Subsequently, a comparison between the TND at the optimum clocking position and the SNG
design is conducted. The experimental data used in this section is gathered using an impeller
with a modified inducer and re-adjusted IGV. The numerical simulation is conducted with the
original impeller geometry for reasons of numerical stability. The absolute levels of efficiency,
123
7 High-efficiency deswirler configurations
static pressure recovery or total pressure loss from the experiment therefore deviate from the
experimental data shown in the previous chapters. A in-depth analysis of the experimental
data from the measurements with both impellers for the TND1 configuration confirmed that all
general trends due to the clocking of the tandem vanes or the change in deswirler configuration
are evident for both impellers. Furthermore, numerical simulations were used to verify the Mach,
as well as the inlet flow angle, analogy for the diffusion system at an equivalent distance from
the diffuser’s choke limit for both impellers. The numerical results are acquired with steady
3D-RANS simulations, since the unsteadiness in the regions far downstream of the pipe-diffuser
are negligible, as shown earlier in Sec. 6.
7.1 Clocking investigation of the tandem-vane deswirler
The definition of the clocking angle (CA) for the tandem vane deswirler, as well as the abbrevia-
tions used in the following sections, are shown in Fig. 7.1. The worst clocking position (WP) and
best clocking position (BP) will be determined. Subsequently, the level of detail will be raised by
analyzing the integral performance of the blade rows separately. The following detailed analysis
focusses on the differences in the velocity field and the pressure field within the deswirler for
both clocking positions. The analysis will be completed with the identification and quantitative
evaluation of the loss mechanisms.
Fig. 7.1: Schematic representation of the tandem clocking angle CA in the blade-to-blade view
as well as the explanation of the abbreviations used in the analysis. CH1= Channel 1,
CH2= Channel 2, R1= Row 1, R2= Row 2, B1= Blade 1, B2=Blade 2, PSA= Pressure
Side Arrangement, SSA= Suction Side Arrangement.
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Fig. 7.2: Overall compressor isentropic efficiency as a function of the tandem clocking angle CA
for the experiment (left) and the 3D-RANS simulation (right) at the ADP.
7.1.1 Compressor efficiency
Fig. 7.2 shows the total-to-total ηt−t (gray dashed line) and total-to-static ηt−s (green solid line)
isentropic compressor efficiency over the clocking angle CA 2. In general, all curves show a
maximum efficiency for a pressure side arrangement (PSA, shown in Fig. 7.1). The ηt−s curve
shows a good agreement between the experiment and the 3D-RANS simulation, with a maximum
efficiency close to a clocking angle of +0.5◦ (Fig. 7.2- 1 ). ηt−s decreases with an increasing
distance in the pressure side arrangement (Fig. 7.2- 2 ) as a result of the decreasing positive
blade interaction. A minimum efficiency is observed close to a clocking angle of +3◦ (Fig. 7.2-
3 ). The difference between the BP and WP amounts to 0.35%-points for the experiment, which
is underestimated in the 3D-RANS simulation. At the BP, row 2 (R2, shown in Fig. 7.1) is close
to the PS of row 1 (R1) and represents the design rule as known from classical high-lift wing
aerodynamics (Sec. 3.4). When moving R2 from the pressure side arrangement to the suction
side arrangement (+0.5 ◦ → +3 ◦), a rapid decrease in efficiency is observed (Fig. 7.2- 4 ).
The ηt−t and ηt−s curves are in phase over the clocking angle for the 3D-RANS simulation
(Fig. 7.2- 5 ). This behavior is not evident in the experiment. This is traced back to the discrete
exit rake positions, fixed in the absolute frame of reference, used at the deswirler outlet to capture
the total pressure. This effect was first addressed by Kunte [150]. When applying the discrete
measuring points from the experiment and using the same averaging method to calculate the
efficiency, the 3D-RANS and experimental results are in much better agreement with respect to
both the level of efficiency change over the clocking range, as well as the trend in the ηt−t curve
1The TND configuration is the only configuration which is experimentally investigated with both the original
and the modified impeller.
2Due to the change in compressor throttling for different clocking positions, the compressor’s operating point
varies slightly as a function of the clocking angle when capturing the efficiency for a given operating point at
the test rig. To eliminate this effect and to isolate the efficiency change solely due to the clocking, a linearized
correction for the total and static pressure at the compressor’s exit is introduced:
p 8M ,corr = p 8M −
dp 8M
dCMF
|ADP∆CMF .
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(Fig. 7.2- 6 ).
7.1.2 Performance of the isolated first and second tandem row
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Fig. 7.3: Performance of the isolated R1 and R2 (top and bottom left), as well as the integral
wall shear stress (bottom right), as a function of the clocking angle CA.
Fig. 7.3 shows the performance of the isolated R1 and R2 over the clocking angle CA based on
the 3D-RANS simulation. The static pressure recovery Cp, total pressure loss ω, the diffusion
factor D3D
3 and the integral wall shear
∫
τwdA are shown. The static pressure recovery Cp
and total pressure loss ω are calculated using the dynamic head at the row’s inlet.
The static pressure recovery Cp of R1 and R2 have a similar level. The clocking of R2 results in
changes up to 20% for both blade rows. Furthermore, it is evident that both blade rows reach a
maximum static pressure recovery around the BP (Fig. 7.3 - 1 ), which demonstrates that both
blade rows benefit from the interaction.
3In order to account for the three-dimensional nature of the flow an adapted definition of the diffusion factor is
used: D3D = 1−
cout
cin
+ t
l
rin cu,in−rout cu,out
2cin r
[117].
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The total pressure loss ω for R2 is much higher than for R1, despite the lower inlet velocity.
Additionally, the change in total pressure loss ω over the clocking range is small for R1 and,
with 40%, high for R2. Whereas the total pressure loss ω for R2 is in anti-phase with the static
pressure recovery Cp over the clocking angle, it is in phase for R1 (Fig. 7.3 - 2 ). For the nearly
incompressible flow within the deswirler, this behavior can only occur when the effective area
ratio between the two blade rows changes (see Eq. 2.5). It will be shown in this section that the
aerodynamic blockage in between the blades changes significantly between the BP and WP, and
represents a measure of the aerodynamic quality of the deswirler flow. Although the definition
of the diffusion factor for the three-dimensional deswirler flow is less meaningful than for a
two-dimensional flow, i.e. a more detailed loading comparison near the hub and shroud should
be made as for example proposed by McGlumphy et al. [165]), an equal diffusion distribution
between both blade rows is evident for the BP (Fig. 7.3 - 3 ). The opposite is true for the
WP (Fig. 7.3 - 4 ). Therefore, the diffusion factor D3D confirms the established design rule for
tandem vanes as found in the literature (Sec. 3.4.2).
Another perspective with respect to the induced total pressure loss is represented by the integral
wall shear stress
∫
τwdA for the different deswirler surfaces. In addition to the definitions
given in Fig. 7.1, ”S” denotes the shroud and ”H” denotes the hub. The plot demonstrates the
correlation between the boundary layer losses and the clocking angle and serves the identification
of the dominant surfaces with respect to the boundary layer loss generation. One of the most
outstanding trends is the dominance of the shroud with respect to the integral wall shear stress
(Fig. 7.3 - 5 ). This is caused by the meridional curvature, which results in a displacement of
the high-momentum fluid towards the shroud, thereby increasing the far-field velocity of the
boundary layer. In addition to this, the wetted surface of the shroud is large for the three-
dimensional deswirler. For the R2S surface, the total pressure loss ω and integral wall shear
stress
∫
τwdA are in phase, indicating that the shroud flow is the dominant loss region. On the
contrary, the integral wall shear stress
∫
τwdA does not change significantly at the hub (R1H,
R2H), nor for the first blade row (R1B1). Significant changes are observed for the blades within
the second blade row. R2B1 shows a slightly higher integral wall shear stress
∫
τwdA at the BP,
caused by the blade interaction which results in an almost fully detached flow around the blade.
For the WP, R2B1 is completely separated (Fig. 7.3 - 6 ) and so does not experience a high wall
shear stress.
In the next sub-section, a detailed analysis will be conducted for the tandem deswirler at the
best clocking position (BP, CA = +0.5 ◦) and the worst clocking position (WP, CA = +3.0 ◦).
7.1.3 Velocity field and static pressure distribution
A more detailed validation and analysis of the flow field will be conducted in the blade-to-blade
plane and subsequently the hub-to-shroud plane for the WP and BP. The static pressure recovery
Cp at 50% span over the meridional coordinate MC (Fig. 5.2) is visualized in Fig. 7.4 for the
BP (green) and the WP (red). Both the experimental and the numerical results are shown.
127
7 High-efficiency deswirler configurations
Fig. 7.4: Static pressure recovery Cp over the blade’s surface at 50% span for the TND deswirler
at the BP and WP.
The advantage at the BP for R1 is evident near the TE of the blade, where the pressure difference
between the PS and SS is significantly higher compared to the WP (Fig. 7.4- 1 ). The higher
blade loading near the TE, as well as the low base pressure (seen in the steady 3D-RANS
simulation), are a direct result of the blade interaction at the BP. The larger pressure difference
between the PS an SS indicates a higher flow turning and increased diffusion, as seen previously
in Fig. 7.3. The collapse of the rear loading at the WP, resulting from the suction peak at R2
(Fig. 7.5- 10 ), is overestimated by the 3D-RANS simulation.
R2B1, denoted by ”interaction blade” in Fig. 7.4, shows a high front loading (Fig. 7.4- 2 ) at
the BP as a result of the blade interaction. The high front loading is inherently accompanied
with an increased suction peak, clearly evident for the 3D-RANS simulation (Fig. 7.4- 3 ). This
suction peak plays an important role for the three-dimensional deswirler aerodynamics and will
be discussed in more detail in the next sub-section. For the WP, the R2B1 blade loading is
significantly lower in the front part but nearly equivalent in the rear part of the blade. On
the contrary, R2B2 shows a lower front loading at the BP compared to the WP (Fig. 7.4- 4 ).
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For the deswirler investigated, this is beneficial, since the R2B2 blade does not profit from the
interaction with a blade in R1. For the WP, the blade loading of R2B2 increases significantly
due to the increased LE incidence, which is caused by the failing flow turning at R2B1.
Fig. 7.5: Mach-number and Cp distribution at 50% span (top). Streamwise convective acceler-
ation gsw at 50% span (bottom). The BP is shown at the left and the WP is shown at
the right.
The flow field corresponding to the blade’s Cp distribution shown in Fig. 7.4 is visualized in
Fig. 7.5. At the top, Fig. 7.5 shows the Mach number Ma as a color contour with the static
pressure recovery Cp as iso-lines in the blade-to-blade plane at 50% span. Multiple stream-
lines are added to improve the interpretation of the flow field. At the bottom, the streamwise
convective acceleration gsw (Eq. 7.1) is shown as a color contour.
gsw = ∇c · ~c (7.1)
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Unavoidably, R1 generates a wake (Fig. 7.5 - 1 ). Nevertheless, for the BP, the wake is guided
over the LE SS at R2B1, initially accelerated (Fig. 7.5 - 2 ) and stretched. In between the
blades, a mass transport results in a new boundary layer buildup at R2B1 (Fig. 7.5 - 3 ). This
boundary layer is attached to the SS of R2B1. The beneficial effect of the blade interaction on
the flow diffusion can be clearly seen in the deceleration of the fluid over the SS of R2B1 (Fig. 7.5
- 4 ). R2B2 does not profit from this interaction and is charged additionally with a higher flow
incidence (Fig. 7.5 - 5 ). However, no flow recirculation is observed at 50% spanwise position.
For the WP, the flow field is less homogeneous. A significant change is seen in the wake devel-
opment from R1, which expands rapidly (Fig. 7.5 - 6 ) under influence of the adverse pressure
gradient and failing acceleration (Fig. 7.5 - 7 ) towards the LE PS of the second blade row. The
stagnation point at the LE of R2B1 is shifted towards the PS and a backflow is observed. The
SS of R2B1 is charged with low-momentum fluid, resulting in a large flow separation (Fig. 7.5
- 8 ). Due to the blockage of channel 1 (CH1, shown in Fig. 7.1), a high incidence towards R2B2
is induced (Fig. 7.5 - 9 ), which results in an area of high acceleration (Fig. 7.5 - 10 ) and low
static pressure. It is this mechanism which causes the decreased rear loading of R1B1 at the
WP, seen earlier in Fig. 7.4.
Fig. 7.6: Circumferential-area-averaged Mach number Ma and static pressure recovery Cp dis-
tribution at the BP and WP, based on 3D-RANS.
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The effect of the different clocking positions on the circumferential-area-averaged4 flow field
is shown in Fig. 7.6. Fig. 7.6 shows the Mach number Ma at the top and the static pressure
recovery Cp at the bottom. The green solid iso-lines and color contour represent the BP, whereas
the red dashed iso-lines represent the WP.
The Mach numberMa distribution shows an increase in the core velocity within R1 (Fig. 7.6- 1 )
for the WP, in agreement with the lower diffusion factor seen in Fig. 7.3. At the top of the bend,
a migration of high fluid is visible, distinguishable by the increase in Mach number near the
shroud (Fig. 7.6- 2 ). Downstream of the top of the bend, the low-momentum region at the hub
increases (Fig. 7.6- 3 ). The static pressure recovery shows a negligible potential effect of the
clocking within the rear part of the vaneless diffuser (Fig. 7.6- 4 ). Within the first blade row,
the diagonal incline of the iso-lines indicate a high spanwise pressure gradient, which increases
for the WP (Fig. 7.6- 5 ). A maximum spanwise pressure gradient is reached at the top of the
bend. In both R1 and R2, the low-momentum hub flow shows a decrease in the streamwise
pressure recovery (Fig. 7.6- 5 - 6 ). From this, it becomes evident that a lower deceleration is
accompanied by a increased spanwise pressure gradient. This adverse effect increases the amount
of cross flow generated in the low-momentum areas, as for example over the blade’s PS and SS.
7.1.4 Change in the loss generation due to clocking
In order to identify the loss mechanisms and analyze the change in the loss mechanisms for
the BP and the WP in detail, the wall shear stress τw, the surface flow represented by black
streamlines and the surface pressure recovery represented by iso-Cp-lines are shown at the top
of Fig. 7.7. In addition, the surface regions with a boundary layer form factor H12 > 4 are
visualized in blue to detect the boundary layer separation. At the bottom of Fig. 7.7, the SEP
is shown on four S3-planes (Fig. 5.2) close to the LE and TE of R1 and R2. To support the
interpretation of the highly three-dimensional flow, white streamlines are applied to illustrate
the streamwise development for a few selected flow mechanisms. Fig. 7.7 focuses on the SS of
the blades, since the flow on this side is more relevant with respect to the loss mechanisms of
interest. The loss mechanisms are numbered and denoted by ”M”.
In general, the boundary layer losses are evident throughout the deswirler (Fig. 7.7-M1 ), al-
though the hub and shroud boundary layer appear very thin. A detailed examination demon-
strates that the thin shroud boundary layer shows an exceptionally high SEP level, up to an
order of magnitude of 100 kW/(m3K) in the viscous sublayer, as a result of the outward migra-
tion of the high-momentum fluid. In contrast, the hub shows lower SEP levels due to the low
far field flow velocity at the edge of the boundary layer. The blade’s SS, near the LE, shows
a high SEP, due to the flow acceleration over the convex surface. In addition to the boundary
layer losses, the following loss mechanisms within the core flow are observed:
4Although the area-averaging method does not allow a quantitative analysis, since it does not comply with the
conservation of mass, impulse or energy, this method serves the visualization of weak areas well. Due to the
fact that the quantities are not weighted, weak spots in the flow can be detected more effectively.
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Fig. 7.7: Shear stress at the wall τw (top left) and the near wall flow (top right) for the tandem
deswirler at the BP. Visualization of the SEP at different S3-planes throughout the
tandem deswirler at the BP (bottom) and the streamwise vorticity ωsw (insert at the
bottom), based on steady state 3D-RANS.
• The flow near the shroud at R1 is exposed to a high streamwise pressure gradient (Sec. 2.4.4)
and weakened by a tip leakage flow through the radial tip clearance. The resulting tip clear-
ance vortex grows rapidly in streamwise direction and eventually detaches (Fig. 7.7, insert
A ) from the SS, creating a large shear layer (Fig. 7.7-M2 ).
• The wake of R1 (Fig. 7.7-M3 ) is guided through R2 over the SS of R2B1. The mixing
of the wake induces an increased SEP. The observed wake decay is likely to be more loss-
productive compared to the purely two-dimensional wake decay. Due to the difference
in the meridional flow angle of the PS and SS discharge of R1, the wake experiences an
additional shear. This effect is evident in the high streamwise vorticity ωsw within the
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wake, shown in insert B in Fig. 7.7.
• The low-momentum wake downstream of R1 additionally stresses the weak hub flow. The
low flow velocity, clearly identifiable by the low wall shear stress τw, in combination with
the adverse pressure gradient towards the PS of R2B2, results in a wake instability and
coupled hub separation in R2 (Fig. 7.7-M4 ). A flow reversal and coupled shear layer is
evident close to the LE of R2B2.
• The suction peak at R2 superposes the low-momentum hub flow. At approximately 50%
chord length, the boundary layer separates at the SS-hub corner at R2B2 (Fig. 7.7-M5 ).
Although the suction peak at R2B1 is even higher (see Fig. 7.4), the renewal of the bound-
ary layer delays this separation significantly (Fig. 7.7-M6 ). This delay in the flow separa-
tion inherently results in a smaller separation with a less loss-productive shear layer.
• As within R1, the radial tip clearance in R2 results in a cross flow and mixing at the
SS-shroud corner (Fig. 7.7-M7 ). The higher pressure difference between the PS and SS of
R2B1 results in a more intensive and more loss productive tip clearance mixing.
For the WP, a significant change in SEP level and volumetric expansion of the following loss
mechanisms is observed in Fig. 7.8:
• The boundary layer (Fig. 7.8-M1 ) at the SS of R2B2 shows a higher SEP due to the
increased incidence. Based on Fig. 7.8, it is difficult to quantify the change in SEP in the
shroud and hub boundary layer. A quantitative presentation is provided in Fig. 7.10. The
change in loss production in these boundary layers is induced by the displacement of the
high-momentum fluid toward the shroud, triggered by the increased hub-side separations
in R2 (Fig. 7.8-M5 and M6 ).
• The burst of the R1 wake (Fig. 7.8-M3 ) results in an increased level of SEP and a larger
volumetric expansion compared to the BP. The low-momentum wake covers the complete
LE of R2, resulting in a large flow reversal at the PS of R1B1 (Fig. 7.8, insert A ). The
failing flow guidance results in a cross-flow over the PS towards the hub, dominated by
the increased spanwise pressure difference at the WP, forcing the wake towards the hub.
• The wake instability (Fig. 7.7-M4 ) and the flow separation at R2B1 M6 merge together
for the WP. The low-momentum of the wake and high boundary layer skewness lead to an
abrupt separation at the LE-hub corner of R2B1. A full corner stall develops, evident by
the two large rotating flow patterns at the end of a vortex tube, connecting the hub and
the SS of R2B1.
• At R2B2, the corner stall (Fig. 7.8-M5 ) increases, due to the high incidence and absence
of the boundary layer renewal.
• The high blade loading of R2B2 at the WP, demonstrated previously in Fig. 7.4, results
in an intensified tip clearance flow and related mixing losses at R2B2 (Fig. 7.8-M7 ).
133
7 High-efficiency deswirler configurations
Fig. 7.8: Shear stress at the wall τw (top left) and the near wall flow (top right) for the tandem
deswirler at the WP. Visualization of the SEP at different S3-planes throughout the
tandem deswirler at the WP (bottom), based on steady state 3D-RANS.
7.1.5 Streamwise development of the diffuser performance and quantification of
the loss mechanisms.
The impact of the clocking on the streamwise development of the total pressure loss ω, the
static pressure recovery Cp, the aerodynamic blockage B and flow angle α is shown in Fig. 7.9
for the BP and the WP. The change in static pressure recovery is determined by R1 (Fig. 7.9-
1 ). The higher pressure recovery at the BP is reflected in the increased flow redirection of R1
(Fig. 7.9- 2 ). The better preconditioning of the flow in R1 for the BP does not change the flow
redirection achieved in R2 and the total flow redirection is thereby determined by R1. Both the
BP and WP fail to reach the targeted discharge swirl by 3 ◦ and 6 ◦ respectively (Fig. 7.9- 3 ).
The static pressure recovery for R2 is unchanged between the BP and the WP. This result is
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Fig. 7.9: Streamwise development of the total pressure loss ω, the static pressure recovery Cp,
the aerodynamic blockage B and flow angle α for the BP and the WP in the deswirler,
based on 3D-RANS.
in agreement with the conclusion based on the experimental investigation conducted by Kunte
[150], stating that the second blade row merely sustains the static pressure recovery gained. The
improvement pressure recovery for the isolated R2, seen previously in Fig. 7.3, is not evident
in the development of Cp based on the dynamic head at the diffuser’s inlet. From this, it
becomes apparent that the change in the R2 inlet head causes the change evident in Fig. 7.3.
The development of the total pressure loss is essentially determined by R2 (Fig. 7.9- 4 ). As
discussed previously in Sec. 7.1.2, the simultaneous increase in total pressure loss and static
pressure recovery for R1 at the BP can be explained by the changed aerodynamic blockage
B. The blockage in between the blade rows is significantly higher for the WP (Fig. 7.9- 5 ),
decreasing the effective through flow area and increasing the head at the inlet of R2. The high
aerodynamic blockage in between the two blade rows can be regarded as a criterion for the
quality of the deswirler’s aerodynamics. Since the blockage in between the blades is mainly
determined by the wake of R1B1, it is directly related to the loss induced in R2.
In order to break down the losses in R2 and quantify the impact of different regions on the
total loss production S˙ (Sec. 2.44), the loss mechanisms are categorized into two classes; the
boundary layer losses and the core losses. The boundary layer losses are subdivided in hub,
shroud and blade boundary layer losses5. The core losses contain different types of mixing
losses, demonstrated in Fig. 7.7 and Fig. 7.8, within the core flow. A schematic representation
of the regions and the major loss mechanisms in the core flow are shown on the left of Fig. 7.10.
At the right, the subdivision of the integral loss production S˙ for R2 is shown, normalized by
the integral loss production of R1 at the BP. The different regions are indicated in the legend.
5The regions used to isolate the boundary layer losses are based on the maximum boundary layer thickness δ.
Due to the strong non-linear decrease in SEP within the boundary layer with increasing wall distance, the
quantitative breakdown of the integral entropy production is insensitive to the wall distance used.
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Fig. 7.10: Quantitative representation and split-up of the integral loss production S˙ for the BP
and the WP within R2 of the TND deswirler.
The left bar represents the BP whereas the right bar represents the WP.
The total entropy production within R2 is 20% less than within R1 at the BP. Remarkably,
nearly half of the loss is generated within the shroud boundary layer (Fig. 7.10- 1 ). This is
characteristic to the flow problem investigated and caused by the strong meridional curvature,
as well as the large wetted surface of the deswirler shroud. For the WP, an 20% increase in
the total entropy production within R2 is observed. This increase can be traced back to two
effects; an increase in the loss production within the core flow (Fig. 7.10- 2 ) and an increase in
loss production in the shroud boundary layer (Fig. 7.10- 3 ). The first effect is the result of the
higher R1 wake losses and increased hub-corner stall (Fig. 7.8). The increase in loss production
in the shroud’s boundary layer results from the overall higher far-field velocity experienced by
the boundary layer. In addition, the less homogeneously far-field velocity (Fig. 7.5) results in a
strong increase in SEP for some regions due to the exponential rise in boundary layer entropy
production as a function of the far-field velocity (Sec. 3.5). Finally it should to be borne in mind
that the hub separation and shroud boundary layer losses are directly related to each other.
An increased hub-corner stall inherently results in an increase in the shroud losses due to the
displacement of the high-momentum fluid towards the shroud. In particular for the low aspect
ratio deswirler designs investigated, this coupling of the loss mechanisms results in a high impact
of the end-wall losses.
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7.2 Comparison of the tandem-vane and the single-vane deswirler
In the following section, the tandem vane deswirler design at the BP is compared with a single
vane deswirler design, as shown previously in Fig. 4.7. Both deswirlers are identical in terms of
the meridional flow path and have an equivalent integral chord length. Additionally, the leading
edge (LE) and trailing edge (TE) blade angles are very similar. Fig. 7.11 shows some major
geometrical parameters 6 as well as a direct three-dimensional generic combination of the two
blading strategies.
Deswirler Parameter
TND R1 R2
Blade count 30 60
Solidity [l/t] 0.6 1.0
Aspect Ratio [h/l] 0.42 0.49
βb [
◦] (LE / TE) 25 / 42 42 / 94
DR3D 0.69 0.72
SNG R1
Blade count 75
Solidity [l/t] 2.3
Aspect Ratio [h/l] 0.28
βb [
◦] (LE / TE) 25 / 90
DR3D 0.80
Aw,SNG/Aw,TND [%] 113
Fig. 7.11: Some major geometrical parameters for the TND and SNG deswirler design (left-hand
table). Generic combination of both blading strategies (right).
For the tandem design, the diffusion factor DR3D for both blades show an almost equal distri-
bution. As addressed in Sec. 3.4, this distribution represents an optimum solution with regard
to the induced losses for the two-dimensional flow problem and represents the optimum for the
three-dimensional flow problem investigated, as demonstrated in Fig. 7.3. The high absolute
diffusion factor suggests that a tandem design is the best solution according to the simple design
rule for the two-dimensional flow problem, as stated in Sec. 3.4. However, it will be shown that
this correlation loses its validity due to the three-dimensional nature and low aspect ratio of the
deswirler investigated.
7.2.1 Comparison of the diffuser performance
In Fig. 7.12, the diffuser total pressure loss ωdiff and the static pressure recovery Cpdiff are
plotted over the corrected mass flow at the diffuser inlet for the TRU, TND and SNG design
(Fig. 4.7). The solid lines represent the numerical results, whereas the large single symbols
represent the experimental results. The numerical diffuser map is bounded by the diffuser choke
6The geometrical parameters represent the blade at 50% span. The cord length is calculated in MC−Rθ space.
The diffusion ratio DR3D is calculated based on the 3D-RANS simulation.
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Fig. 7.12: Diffuser total pressure loss ωdiff and static pressure recovery Cpdiff over the corrected
mass flow at the diffuser inlet calculated between plane 3M and 8M .
limit and the optimum performance curves predicted by CFD, assuming no pressure losses and
full pressure recovery in the deswirler. In order to calculate the pressure recovery coefficient
Cpdiff and the total pressure loss coefficient ωdiff , the definitions as shown in Eq. 4.13 are used.
The inlet and outlet planes of the control volume are the measurement planes 3M and 8M ,
shown in Fig. 4.5.
In general, the static pressure recovery Cpdiff is underestimated, whereas the total pressure
loss ωdiff is overestimated by the CFD. This is in contrast to the expectations based on the
previously shown speedlines in Fig. 5.1, which show an overprediction of the compressor’s ef-
ficiency. The discrepancy is most likely the result of the discrete measurement locations used
to calculate the performance values for the CFD simulation. However, this approach grantees
the best comparison between the experimental and numerical result. The slope of the diffuser
characteristic is in good agreement with the experimental data for both performance values.
Both the experimental result and the numerical simulation show a significant improvement be-
tween the TRU and the new deswirlers designs, TND and SNG respectively. With respect to
the change in performance between the different designs, it can be stated that the gain in static
pressure recovery for the new designs, compared to the TND, is underestimated by the CFD by
approx. 2 − %points (Fig. 7.12 - B ). An explanation for this discrepancy is given in the next
section. Taking this off-set into account, it can be stated that the increase in pressure recovery
achieved by the new deswirler designs (Fig. 7.12 - A ) is in good agreement with the experiment
and CFD. The increase in diffuser performance results in a measured increased total-to-static
isentropic stage efficiency of +1.0%-points (TND) and of +1.2%-points (SNG) respectively for
the compressor investigated at the ADP. The experiment shows the same total pressure loss for
the TND and SNG designs. By varying the position of the exit rakes, it could be shown that
this is partially caused by the discretization of the exit rakes, similar to the effect discussed in
Sec. 7.1.1. The accurate acquisition of the homogeneous static pressure at the compressor’s exit
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therefore makes the static pressure recovery the preferred choice to determine the performance
change. On that account, the SNG design provides the better aerodynamic performance, despite
a 13% increase in wetted surface compared to TND (Fig. 7.11).
Taking into account that the gain in measured static pressure recovery amounts of up to ∆Cp =
0.05 and the predicted potential performance gain (CFD optimum in Fig. 7.12) for the new
deswirler designs being another ∆Cp = 0.05, it could be cautiously stated that approximately
half of the achievable performance increase is exploited by the new deswirler designs, based on
the TRU design as the baseline.
7.2.2 Static pressure recovery in the radial part of the diffuser
Fig. 7.13 shows the static pressure re-
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Fig. 7.13: Experimental and numerical static pressure
recovery within the radial part of the dif-
fuser at the ADP.
covery in the radial part of the diffuser
over the centerline, represented by the
coordinate ξ (Fig. 5.2), for the different
deswirler designs at the ADP. Both the
experimental result and the numerical
prediction are shown, as indicated in
the legend. In general, the level, as well
as the slope of the pressure build-up
of the 3D-RANS simulation is in good
agreement with the experiment. A dis-
crepancy, caused by the underpredicted
throat blockage (Sec. 5.3.2), is seen in
the throat region (Fig. 7.13- 1 ). Re-
markably, the numerical simulation does
not show a change in the upstream ef-
fect for the different deswirler systems,
whereas this effect is evident in the ex-
periment, reaching as far back as the
throat (Fig. 7.13- 2 ).
The new designs are different in terms of the meridional flow path (Fig. 4.6) and the blade
blockage at the inlet of the deswirler system (Fig. 4.7). The blockage is determined in the
first order by the number of blades. The upstream effect is equivalent for the TND and SNG
configuration, although the blade blockage deviates substantially due to the difference in solidity
of the first blade row. It can therefore be concluded that the upstream effect is caused by the
change in the meridional flow path from TRU to the TND and SNG design. The smaller radius
of curvature results in a throttling of the radial part of the diffuser. The resulting increase
in static pressure recovery between the TND and the new designs amounts to Cpnorm = 0.02
(Fig. 7.13- 3 ). The 3D-RANS simulation fails to capture this effect, which results in the observed
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off-setting in the predicted static pressure recovery between the TRU and the new configurations
(TND, SNG), seen previously in the diffuser map (Fig. 7.12 - B ).
7.2.3 Blade-to-blade and hub-to-shroud static pressure recovery
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Fig. 7.14: Static pressure recovery Cp in the blade-to-blade direction at 50% span (left) and the
hub-to-shroud direction (right).
Similar to Sec. 7.1.3, the static pressure recovery in the blade-to-blade direction is shown on
the left of Fig. 7.14. On the right, the static pressure recovery in the hub-to-shroud direction is
depicted. In both figures the solid lines with large symbols represent experimental data, while
dash-dotted lines represent the numerical result. Not all positions which are represented in the
numerical result are equipped with pressure taps in the experiment. The numerical lines with
small symbols can be compared directly with the experimental data. For the SNG, at the time
of writing only the hub centerline pressure build-up is available. The experimental data, which
serves the validation of the 3D-RANS simulation, is not discussed here.
In general, the pressure difference between the blade’s PS and SS is smaller for the SNG design.
This is the result of the higher solidity of this design. In between the two blade rows, at the top
of the bend, the TND design inherently introduces a second suction peak with a subsequent high
adverse pressure gradient (Fig. 7.14- 1 ). This effect is not present in the SNG design flow field.
Both deswirler designs show a stagnation in the pressure recovery at the SS in the last part of
the deswirler (Fig. 7.14- 2 ), indicating a reduction in the effective through flow area caused by
the onset of a SS-hub corner separation within the second row of the TND deswirler and the
second half of the SNG deswirler.
Both designs show a rapid pressure increase in the first part of the deswirler (Fig. 7.14- 3 ).
In this part of the deswirler, the radial extension of the flow path supports the flow diffusion.
Specific to the TND design, R2 shows a significant difference in hub-to-shroud pressure difference
for channel 1 and channel 2. The wake decay of R1 takes place in channel 1 (see Fig. 7.5),
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resulting in a low overall flow velocity and a smaller hub-to-shroud and blade-to-blade 7 pressure
difference. The SNG designs show a superior pressure recovery over the whole hub centerline
(Fig. 7.14- 4 ), supporting the superior static pressure recovery of this design, demonstrated in
Fig. 7.12. When taking into account the solidity and the aspect ratio of the deswirlers (Tab. 7.11)
investigated, it becomes apparent from the static pressure recovery along the hub and shroud
(right) that the averaged pressure gradient in the blade-to-blade and hub-to-shroud direction is
nearly equivalent, underlining the three-dimensional character of the flow problem.
7.2.4 Difference in the loss mechanisms between the tandem vane and single vane
Fig. 7.15: Specific entropy s distribution in the blade-to-blade plane at 50% span (left) and
circumferential-area-averaged specific entropy s distribution in the hub-to-shroud
plane (right) for the tandem vane deswirler at the ADP, based on 3D-RANS.
Fig. 7.15 and Fig. 7.16 show the specific entropy s distribution at 50% span, as well as the
circumferentially area-averaged specific entropy distribution in the meridional plane at the ADP.
A detailed analysis of the aerodynamics, as well as the single loss mechanisms, within the TND
deswirler is given in Sec. 7.1.4.
For the TND design, multiple regions with an elevated specific entropy s in the blade-to-blade
plane (left) can be seen. Coming from R1, the wake is clearly evident (Fig. 7.15 - 1 ). Both the
R2B1 SS separation (Fig. 7.15 - 2 ) and the R2B1 SS separation (Fig. 7.15 - 3 ) are fairly small
compared to the SS separation in the SNG design. For the SNG design, larger flow separations
are evident (Fig. 7.16 - 4 ), caused by the absence of an SS boundary layer renewal. At 50% span,
this behavior agrees with the expectations for the two-dimensional single vane at the required
high diffusion-factor, which would result in a higher loss generation. The relationship between
the approaching flow and boundary layer development can be clearly seen in the SNG deswirler.
Low-energy fluid results in a more rapid boundary layer growth and an earlier boundary layer
separation.
7Channel 1 is bounded by B1-SS and B2-PS, shown at the left of Fig. 7.14.
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Fig. 7.16: Specific entropy s distribution in the blade-to-blade plane at 50% span (left) and
circumferential-area-averaged specific entropy s distribution in the hub-to-shroud
plane (right) for the single vane deswirler at the ADP, based on 3D-RANS.
The hub-to-shroud plane, shown on the right of Fig. 7.15 and Fig. 7.16, demonstrates the three-
dimensional character of the flow problem. Both configurations show a strong entropy rise at
the leading edge tip, generated by the tip clearance vortex (Fig. 7.15- 5 and Fig. 7.16- 8 ). Up
until the top of the bend, no significant differences in the entropy distribution appear between
both designs. After the top of the bend, two distinct regions of loss production can be seen
for the TND design, primarily caused by the hub-corner separation (Fig. 7.15- 6 ) and the tip
clearance vortex in R2 (Fig. 7.15- 7 ). In contrast, the SNG design shows a very well-natured tip
clearance flow downstream from the top of the bend. This is caused by the continuous guidance
of the flow, whereas the TND design has an axial gap between both blade rows. However, the
boundary layer running length for the SNG design is large. Similar to the TND design, the SNG
design shows a high entropy region near the hub, starting at the top of the bend (Fig. 7.16- 9 ).
This increase in entropy is caused by a hub-corner separation similar to the one seen in the TND
design, which starts earlier and is larger in terms of space compared to the TND design.
7.2.5 Streamwise development of the diffuser performance and quantification of
the loss mechanisms
Contrary to the TND deswirler, the SNG deswirler does not suffer from an internal wake decay
( M3 -Fig. 7.7 ), a wake induced hub instability ( M4 -Fig. 7.7 ) and an intensified tip clearance
flow (M7 -Fig. 7.7 ) in the second part of the deswirler. On the contrary, the hub-corner sepa-
ration is advanced upstream and intensified. The impact on the streamwise development of the
static pressure recovery Cp and total pressure loss ω is shown at the top of Fig. 7.17. The TRU
deswirler, being the initial situation, is also shown as a reference.
A strong pressure rise, as well as a high loss generation, indicate the start of the bladed part
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Fig. 7.17: Streamwise development of the diffuser performance values Cp, ω and α. Quantitative
representation and split-up of the integral loss production S˙ for the TND and the SNG
deswirler (bottom right).
of the deswirler (Fig. 7.17- 1 ). In the R1 region, the pressure recovery for the TND design
is significantly lower, whereas the total pressure loss is equivalent to SNG. For the designs
investigated, the loss induced by the separation at the tip of R1 is compensated by the much
smaller wetter surface for the TND design. Within the R2 region, the TND design shows a
superior static pressure recovery (Fig. 7.17- 2 ). Nevertheless, the high gain in static pressure rise
comes at a higher total pressure loss (Fig. 7.17- 3 ). In analogy with the clocking investigation
(Fig. 7.9), the difference in integral total pressure loss between the TND and SNG deswirler
arises in the second part of the bend, within R2.
In the lower left of Fig. 7.17, the streamwise flow redirection for the three designs is shown. The
vertical axis shows the flow redirection with a grid resolution of 20 ◦. Up until the LE of R2,
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the flow redirection of the TND design is approximately 20◦ lower than for the SNG design. In
R2 however, a high flow turning is evident, which is made possible by the interaction between
the two blade rows and the higher solidity compared to R1. The turning within the R2 is
approximately 10 ◦ higher than for the SNG design in the second part of the bend (Fig. 7.17-
4 ), despite the lower solidity compared to SNG. The SNG design shows a linear flow turning,
which provides a nearly constant blade-to-blade loading in the rear part of the blading, as seen
previously in Fig. 7.14. Contrary to the TND deswirler, the SNG deswirler reaches the targeted
discharge deswirl.
The high flow redirection and the simultaneously high pressure recovery of R2 in the TND
deswirler shows the potential of a tandem configuration, however, do not compensate for the
higher losses induced in R2. The breakdown of the integral loss production S˙ into the different
boundary layer losses and the core region losses (Fig. 7.10) for the complete deswirler is shown
on the lower right of Fig. 7.17. When comparing the absolute amount of entropy production
within the core region, the TND design shows less entropy production despite the R1 wake
mixing (Fig. 7.17- 5 ). The tip clearance vortex in R2, the R1 wake mixing and the hub-corner
separation in the TND design are overcompensated by the larger hub-corner separation in the
SNG design. The gain in aerodynamic performance is essentially determined by the shroud
flow (Fig. 7.17- 6 ), similar to the major outcome for the TND clocking investigation, shown
previously in Fig. 7.10. The total loss production in the shroud’s boundary layer amounts to up
to 34% of the total loss production for the TND design. The overall faster flow deceleration and
the absence of local velocity hotspots decrease the integral entropy production in the shroud
boundary layer for the SNG deswirler design substantially.
7.2.6 Final remarks on the solidity of the designs investigated
The performance tendencies shown between the TND and the SNG deswirler are partially caused
by the different solidities of the designs. The low pressure rise recovery in the first TND blade
row is caused by the SS separation at the tip, which can be reduced by increasing the R1 solidity.
At the same time, this improvement is partially counteracted by the increase in wetted surface.
The same accounts for the loss mechanisms in the second blade row, which in general can be
reduced by a better flow preconditioning when using the same blade number (60) for the R1.
Numerical investigations [91] of both deswirlers with an equal solidity (60 vanes in all rows)
revealed that the mechanisms presented in the previous section change in magnitude are all
present, however. Under these conditions the difference in aerodynamic performance between
the two designs is smaller: though, the TND design’s performance does not exceed the SNG
design.
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7.3 Conclusions and implications with respect to the aerodynamic
quality of the diffusion system
The subject of the investigation presented in this section is the comparison of a tandem vane
and single vane deswirler for use in a highly loaded three-dimensional deswirler system as part
of an aero engine centrifugal compressor. Both designs offer a significant increase in static
pressure recovery compared to the original deswirler design, while providing a reduced outer
diameter of the compressor. The best clocking for the tandem design is found for a close-
coupled SS arrangement for the second row, in agreement with the literature. In contrast
to most investigations conducted in the past, the SNG configuration shows a better pressure
recovery than the TND configuration at the high required diffusion ratio.
Differences in aerodynamic performance are traced back to features specific to the flow of the
different deswirler designs. Contrary to the results known from the two-dimensional comparison
of both strategies, the advantages of the tandem design at a high diffusion and simultaneously
high flow redirection are counteracted by the end wall effects, specific to the deswirler designs
under investigation.
A analogy between the root cause for the optimum tandem clocking position and the superior
performance of the single design over the tandem design is demonstrated. Both designs are
characterized by a low aspect ratio, inherently enlarging the impact of the end wall effects.
Furthermore, the meridional curvature causes the high-momentum fluid to flow along the shroud.
The shroud region, characterized by a high flow velocity and mass flow density, is the determining
region for the integral loss production and therefore the aerodynamic quality of a the deswirlers
investigated. The loss production can be reduced by either a homogenization of the shroud
flow or overall decrease of the far field velocity experienced by the shroud’s boundary layer.
The hub-corner separation needs to be minimized. Not only because of the entropy production
within the shear layer induced by the separation itself, but also because of the reduction of the
mass flow deflection towards the shroud, increasing the far field velocity at the shroud. The
boundary layer renewal, present at the second row of the tandem deswirler, is shown to delay
the hub-corner separation. Nevertheless, due to the second suction peak a hub-corner-stall is
inevitable, resulting in a less effective renewal of the SS boundary layer of the second blade row.
Furthermore, the second suction peak introduces unfavorable areas of high velocity within the
shroud region.
From this analysis, the following statement with respect to design implications can be made:
The apparent advantages of a tandem deswirler design have to be considered carefully for low
aspect ratio deswirler designs. Evaluating the impact of the elaborated end wall and core flow
loss mechanisms in the three-dimensional flow can be of help in choosing the right strategy, in
particular, when considering the higher manufacturing effort needed for this type of blading.
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8 Summary and Outlook
In the work presented, a detailed aerodynamic analysis of an aero engine centrifugal compressor
is given, carried out in the framework of the ”‘Centrifugal Compressor Technology”’ project
funded by General Electric Aviation in Lynn (USA). Steady and unsteady 3D-RANS simulations,
conducted with the flow solver TRACE, as well as extensive experimental data gathered at the
test rig at the Institute of Jet Propulsion and Turbomachinery (Aachen University), are used for
the analysis. The compressor investigated contains a pipe-diffuser, which is close-coupled with
the impeller. A radial-axial deswirler guides the air into the combustion chamber1.
The focus of the investigation is on the loss mechanisms within the centrifugal compressor. A
numerical and experimental investigation of four different diffuser concepts is given, represent-
ing the time-wise evolution of the diffusion system towards a higher efficiency, increased stall
margin and smaller outer diameter. The diffuser, being responsible for approximately 50% of
the generated losses, has much potential for improvement due to the presence of a large flow
separation in the original pipe-diffuser. Within the original diffusion system, a strong secondary
flow at midspan from the pipe’s pressure side to the pipe’s suction side, in combination with a
large area ratio, results in a pressure side flow separation. The secondary flow is generated by
two streamwise counter-rotating vortices, induced in the pipe-diffuser inlet region. The flow sep-
aration within the pipe results in a thick shear layer with a high level of entropy production. In
addition, an increased fluid exchange between the high momentum jet flow and the low momen-
tum recirculation is generated by the two counter-rotating vortices intersecting the shear layer.
The latter effect results in a further increase in local entropy production. By truncating the
pipe diffuser by approximately 50% in radial extension, the large flow separation is prevented.
Since the flow path is kept in the first diffuser modification, a vaneless diffuser is introduced
between the shorter pipe-diffuser and the deswirler. This vaneless diffuser enables the flow to
mix out before entering the downstream deswirler. The trailing edge of the truncated diffuser
configuration covers as much as 26% of the cylindrical outlet plane of the pipe-diffuser, inducing
a trailing edge wake decay with an high entropy production within the vaneless diffuser part.
However, due to the low level of Mach number of the pipe’s discharge flow, the total loss induced
by the trailing edge wake decay is low. Between the diffuser inlet and the deswirler inlet, the
truncation of the pipe reduces the total pressure loss by 10%. Simultaneously, the static pressure
recovery is maintained.
The original deswirler design is not matched with the truncated-pipe diffuser’s discharge flow
and hence a deswirler redesign is conducted. The mixing of the truncated-pipe diffuser discharge
flow in the vaneless diffuser part offers multiple advantages. Since the jet flow within the pipe
1Within the test rig the air flow is guided into a plenum.
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is orientated closer towards the shroud, the low momentum hub flow is vulnerable to separation
within the downstream bend. This is especially the case for the trailing edge wake, coming from
the pipe-diffuser. The mixing within the vaneless diffuser part re-energizes the hub flow at the
deswirler inlet. Furthermore, the mixing results in an equal loading of the deswirler blades.
In addition, the inhomogeneous discharge velocity, as present in the nominal configuration,
induces streamwise vortices in the radial-axial deswirler flow path. This effect increases both
the spanwise and circumferential variation of the flow angle at the deswirler leading edge, making
a good blade design virtually impossible. For this reason, the vaneless space is maintained in
the successive designs.
The new deswirler designs include an adapted meridional flow path with a constant height and
a maximum radius of curvature, dictated by the design space. Two different strategies are com-
pared for the deswirler blades. The tandem blade design results in an increase in isentropic
total-to-static stage efficiency of +1%-points at the optimum clocking position at the compres-
sor’s aerodynamic design point. For the single blade design, an increase of +1.2%-points is
observed. Interestingly, the lower efficiency of the tandem blade design is not in agreement with
the established design rules for two-dimensional compressor blades with a high diffusion factor.
This outcome can be traced back to the high impact of the end-wall effects for the low-aspect-
ratio deswirler designs investigated. Besides the unfavorable wake decay of the first blade row
in a decelerated flow, the tandem design enforces a second suction peak in the second blade row
within the hub and shroud boundary layer. Within the shroud boundary layer, the resulting
high velocity generates a high entropy production whereas a hub-corner separation is initiated
within the unstable hub flow. In addition, the meridional curvature induces strong secondary
flows, which are not present in the two-dimensional flow assumed for most comparisons between
a single and a tandem blade. The targeted gain in the diffusion factor, resulting from the suction
side’s boundary layer renewal, is therefore realized only partially within the three-dimensional
tandem deswirler investigated.
For the tandem deswirler a maximum efficiency is found for a clocking position in which the
second row is positioned close to the pressure side of the first blade row, in accordance with
the literature and earlier experimental investigations conducted within the framework of this
project [150]. The optimum clocking position of the tandem deswirler and the advantages of
the single deswirler over the tandem deswirler show distinct similarities with respect to the loss
production. When breaking the regions of the flow channel down into the hub boundary layer,
the shroud boundary layer, the blade boundary layer and the core flow, it is shown that the
entropy production within the shroud boundary layer determines the aerodynamic quality of the
design. This is caused by the high far-field velocity and mass flow density near the shroud, as a
result of the meridional curved flow path. For the tandem design, the optimum clocking position
reduces the entropy production within the shroud boundary layer, which amount to up to 46%
of the total loss production, by 23% in the second blade row. This reduction is achieved by an
increased diffusion and coupled increased flow deceleration in the second blade row, due to the
positive tandem blade interaction. Furthermore, the losses in the core region decrease as a result
of a smaller SS-hub corner separation in the second blade row. When comparing the tandem
(optimum clocking position) with the single blade design, a rapid deceleration and the absence
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of local velocity hotspots result in a decrease of 35% in the shroud’s boundary layer entropy
production for the single blade design. Since a hub-corner separation cannot be fully prevented
in the tandem blade deswirler, the increase in flow diffusion and coupled reduction in boundary
layer entropy production cannot meet the expectations known from the two-dimensional flow
problem. Consequently, as a design rule for a low-aspect-ratio deswirler design used in a radial-
axial bend, it has to be kept in mind that the overall far-field shroud velocity must be minimized
and local velocity hotspots prevented. The first character of the flow field is directly impacted by
the magnitude of the hub-corner separation. The size of the hub-corner separation determines
the loss production in the core flow as a result of the generated shear layer, as well as the entropy
production in the shroud boundary layer as a result of the aerodynamic blockage. An increase in
aerodynamic blockage results in an increase in the flow velocity near the shroud. Local velocity
hotspots are prevented by using a single blade instead of a tandem blade. The new insights
gained can be exploited for future three-dimensional deswirler designs and will help to put the
right focus on the many different loss mechanisms in this complex flow problem.
The close-coupling of the impeller and pipe-diffuser results in high diffuser efficiency as a result
of the early and rapid flow deceleration. However, it inherently results in a strong unsteady
interaction between both components. In addition to the phenomenological discussion on the
unsteady aerodynamics of the centrifugal compressor investigated, as can be found in the fore-
going work of Grates [87, 88], the focus of the presented unsteady investigation is on the change
in loss production due to unsteadiness as well as the classification of the mechanisms respon-
sible. The analysis is based on the truncated diffuser configuration. The harmonic analysis of
the pressure perturbation shows that the flow unsteadiness is significant in the direct vicinity
of the rotor-stator interface. Within the impeller exducer an amplitude in the static pressure of
up to 6% is observed for the blade passing frequency. Within the transonic diffuser inlet flow,
static pressure perturbation of up to 2% can be found. Perturbations of the flow field travel
upstream into the impeller exducer but diminish rapidly. At the leading edge of the splitter
blade, the perturbations have completely vanished. Within the pipe-diffuser, the perturbations
of the pressure field are present up until the trailing edge of the pipe-diffuser.
The change in total loss production due to unsteadiness amounts to a mere 2.4% at the aero-
dynamic design point for the centrifugal compressor investigated. The decrease in isentropic
efficiency due to unsteadiness within the impeller amounts to 0.4%-points and can be traced
back to the unsteady tip clearance flow. The diffuser’s potential field induces pressure pertur-
bations, traveling upstream along the impeller pressure side and suction side. Due to the blade
count of the compressor investigated, these sinusoidal pressure waves are in anti-phase between
the blades pressure side and suction side. It is shown that the local tip clearance mass flow rises
approximately to the root of the local static pressure difference. The time-averaged mass flow
through the tip clearance decreases as a result of the non-linear relation. On the contrary, the
total loss production within the impeller channel is increased as a result of an increased time-
averaged entropy production within the tip clearance vortex. This observation for the unsteady
tip clearance loss is in accordance with the simplified conception of a steady-state leakage flow
mixing loss, as found in the literature, which states an exponential relationship between the
leakage mass flow and the total entropy production.
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Within the diffuser, counteracting unsteady mechanisms result in an insignificant change in the
time-averaged performance at the aerodynamic design point. However, local changes in the
loss production which would result in a significant change in the isentropic stage efficiency can
be allocated to characteristic regions. In front of the diffuser’s leading edge, a decrease in the
total pressure loss is observed for the unsteady flow. Two theories are proposed for this effect.
On the one hand, the stiff numerical boundary condition, used for the steady-state simulation,
could artificially increase the dissipation. On the other hand, the presence of an unsteady work
transfer, induced by the unsteady impeller discharge flow, could counteract the decrease in total
pressure loss within this region. Further investigations to clarify this effect are encouraged by
the author. Downstream of the diffuser’s leading edge, the loss production increases significantly
within the unsteady flow field. The two counter-rotating streamwise vortices within the pipe,
generated in the inlet region of the diffuser, show a temporal collapse due to the passing of
the trailing edge or passage wake. This results in a lower mixing and increased time-averaged
aerodynamic blockage within the diffuser’s throat. The higher inhomogeneity at the inlet of the
pipe-diffuser causes an increase in the downstream mixing losses. The latter effect on its own
would result in an efficiency penalty of approximately 0.4%-points for the compressor at the
aerodynamic design point. Still, the high steady-state loss production within the transonic flow
in front of the diffuser’s leading edge support the general design rule of minimizing the radial
gap between the impeller and the diffuser to increase the compressor’s efficiency.
The prediction of the transonic diffuser inlet region, characterized by a highly curved flow,
presents a challenge to the state-of-the-art 3D-RANS method used. Although the unsteady
3D-RANS method shows an improvement in the prediction of the aerodynamic throat blockage,
the flow mixing is severely overpredicted. Future investigations to gain a better understanding
and prediction of this sensitive region are needed. Except for academic research, high resolution
methods like Large-Eddy Simulation or Direct Numerical Simulation will not be time-efficient
enough to be used on the centrifugal compressor in the near future. The improvement of the flow
field prediction using more advanced physical models, as for example non-isotropic turbulence
models, should therefore be evaluated.
It becomes evident from the shown analysis that the potential field of the close-coupled diffuser
offers a possibility to improve the unsteady impeller aerodynamics. Although bound to many
aerodynamic design constraints, the front region of the pipe-diffuser could be redesigned to
reduce the potential field or prevent anti-phase pressure perturbations over the impeller blades
to decrease the tip clearance loss. The high unsteady loss production caused by the diffuser
potential field within the impeller justifies the deliberation of such an adaption’s feasibility.
The investigation presented gives a detailed insight in the loss mechanisms as well as their origin
within the centrifugal compressor. Based on the mechanisms found, further improvements to
the diffusion system can be made. The reduction of the pipe-diffuser’s trailing edge can lower
the loss production of the resulting wake decay. Furthermore, this would enable a reduction in
the radial extension of the downstream vaneless diffuser. A more compact compressor design
can be achieved through these adaptations. A single-blade design is shown to be the preferred
solution for the low-aspect-ratio radial-axial deswirler. Further derivatives, with a lower solidity
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to reduce the profile losses or with an increased blade lean to further suppress the hub-corner
separation, can be investigated. Simultaneously, the upstream effect on the diffuser’s inlet region
has to stay in focus to sustain the stall margin of the new diffuser designs.
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9 Appendix A
9.1 Relationship between the isentropic compressor efficiency, the
diffuser’s static pressure recovery and total pressure loss
The isentropic compressor efficiency can be expressed as a function of the static pressure recovery
or total pressure loss. The Total-to-Total isentropic stage efficiency (ηis,t−t) can be written as a
direct function of the total pressure losses of the diffusion system (ωdiff ):
ηis,t−t =
[
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(9.1)
Similarly the Total-to-Static isentropic stage efficiency (ηis,t−s) cab be linked with the static
pressure recovery of the diffusion system (Cpdiff ):
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9.2 Calculation of the diffuser efficiency for compressible flow
The diffuser efficiency ηdiff , can be calculated explicitly for incompressible flow:
ηdiff =
Cp
Cp,is
=
Cp
1−AR−2 (9.3)
AR =
[
Ageom,in
Ageom,out
]
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For compressible flow a recursive method can be used.
ηdiff =
Cp
Cp,is
=
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− 1[
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pin
∣∣∣∣
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]
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=f(Main,AR)
−1
(9.4)
The ideal (isentropic) diffuser static pressure recovery is a function of the area ratio AR and the
inlet Mach number Main. To calculate the outlet Mach number, the following isentropic flow
equation can be solved iteratively:
AR =
Main
Maout
(
1 + κ−12 Ma
2
out
)( 12 κ+1κ−1)(
1 + κ−12 Ma
2
in
)( 12 κ+1κ−1) (9.5)
Subsequently, the ratio poutpin
∣∣∣
is
can be calculated explicitly using:
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2
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2
out
)( κκ−1) (9.6)
The calculation method above uses an ideal isentropic pressure recovery as a reference, which
can be based on the geometrical expansion ration. As proposed by Soveran et al. [235], an
alternative formulation of the diffuser efficiency is used here, accounting for the aerodynamic
blockage at the inlet and outlet of the diffusion system to build the ideal reference.
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9.3 Calculation of the specific entropy production for the (U)RANS method
9.3 Calculation of the specific entropy production for the (U)RANS
method
As part of this thesis, the methods proposed by Moore et al. [169, 170] and Kock [136] were
evaluated for the analysis of the aerodynamic losses. The total specific entropy production for
the turbulent flow is calculated for the (U)RANS method using the following relationship:
ρ
Ds
Dt
∣∣∣∣
irr
=
laminar︷︸︸︷
A +
turbulent︷︸︸︷
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kinetic
dissipation
+
laminar︷︸︸︷
C +
turbulent︷︸︸︷
D︸ ︷︷ ︸
thermal
dissipation
(9.7)
Worked out full and adapted for the k-ω turbulence model, the separate terms yield:
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DKock =
ρ · cP · k
ω · λlam · Prtur (9.13)
In Fig. 9.1, the SEP calculated is compared for both methods on the basis of a 2D compressor
cascade flow [100]. The result from Kock ’s method is shown as a color contour, whereas the
result from Moore’s method is shown by the isolines. The distribution, as well as the level of
the SEP , is similar for the boundary layer region, the wake decay as well as the shear layer
between the recirculating fluid and the main flow under the high incidence flow condition. A
distinct difference can be observed in front of the leading edge. Here, the method of Moore
shows a large region with exceptionally high SEP . This effect is implausible due to the low
shear in the region far upstream of the leading edge. Furthermore, the magnitude of this region
depends on the choice of the turbulence model used. This stagnation point anomaly is seen
in other publications, for example, the turbine analysis of Biester et al. [14] or the centrifugal
compressor analysis of Landoli et al. [110, 110]. However, this anomaly is not elaborated.
155
9 Appendix A
Fig. 9.1: Distribution of the SEP around a compressor blade calculated using the approach of
Kock et al. [136] and of Moore et al [169, 170].
Although both methods do not show fundamental differences in the distribution of SEP, the
author has chosen the method proposed by Kock for the following analysis. This method shows
a better agreement when using the identity
∫
ρDsDt |irrdV = m˙(sMA,out−sMA,in) as a benchmark.
This is partially as a result of the overestimated SEP within the vicinity of a stagnation point,
as shown in Fig. 9.1. In analogy to the entropy production (Sec. 2.5), the production of the
turbulent kinetic energy within the k − ω turbulence model is a function of the shear strain
rate (P = 2µtSijSij [141]). In the vicinity of a stagnation point, the production of turbulent
kinetic energy reaches excessive levels. This anomaly is also evident in the laminar kinetic
dissipation term (Eq. 9.7). Within the used turbulence model, the Kato-Launder extension
[128, 61] suppresses this effect. The total SEP is therefore suppressed when using Kock ’s method.
In contrast, Moore’s method amplifies the stagnation point anomaly of the laminar kinetic
dissipation term by using the local eddy viscosity. The local eddy viscosity, coming from the
upstream far-field, can reach high levels within the flow near the exit of a centrifugal compressor.
This results in an excessive level of the predicted SEP.
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10.1 Blade-to-blade flow field within the NOM and TRU
pipe-diffuser
A more detailed insight into the velocity field and a validation for the used 3D-RANS method
is given for the NOM and TRU pipe-diffuser in this section. The experimental data is recorded
by Kunte [150] using two-dimensional Particle Image Velocimetry (PIV) at 10%, 50% and 90%
span. Shown is below the time-averaged, corrected velocity projected in the blade-to-blade plane
as defined in Eq. 10.1.
ccorr,norm =
√
c2θ + c
2
r
√
Tt,INA
Tt,in
1
cref
(10.1)
Fig. 10.1 and Fig. 10.2 show the velocity distribution for the experiment and the steady 3D-
RANS simulation within the NOM pipe-diffuser at the ADP. In general, a good agreement of
the velocity distribution as well as the magnitude of the PS flow separation within the pipe can
be observed. Furthermore, the clockwise rotation of the flow field within the pipe-diffuser can
be seen, evident by an increasing separation towards the back wall of the diffuser (Fig. 10.1 aˆA˘S¸
1 ). Fig. 10.3 and Fig. 10.4 show the velocity distribution for the experiment and the steady
3D-RANS simulation within the TRU pipe-diffuser at the ADP. Both the experiment and the 3D-
RANS simulation show a small area with low momentum fluid near the PS. A recirculation is only
seen in the 3D-RANS simulation, close to the PS wall, since the experimental window does not
capture the fluid motion near the PS. In contrast to the NOM pipe, the separation is suppressed
by the truncation of the pipe. The discharge flow of the truncated pipe is characterized by a
high flow inhomogeneity, caused by the fusion of the low momentum fluid from the PS with
the low momentum fluid within the TE wake. In the middle section of Fig. 10.3, a different
representation of the flow field is given. Iso-Cp characteristics are shown as black dashed lines
and characteristics of a constant streamwise convective acceleration gSW (Eq. 7.1) as red lines.
Within the static pressure field three different regions can be distinguished. Directly downstream
of the throat (Fig. 10.3 - R1 ) the iso-Cp lines are perpendicular to the centerline and the flow
experiences a high deceleration. Within the area of the separation onset (Fig. 10.3 - R2 ), the
streamline curvature, marked with Rc, results in a negative pressure gradient in the direction
of ǫ (∂p∂ǫ < 0). Further downstream (Fig. 10.3 - R3 ) the iso-Cp characteristic shows an S-shape
with a positive pressure gradient in the direction of ǫ (∂p∂ǫ > 0). In this region, the static pressure
distribution is not dominated by the streamline curvature, rather by the streamwise convective
deceleration of the fluid. The jet experiences a high deceleration, whereas the flow recirculation
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shows a low deceleration. The high deceleration within the jet results in a high streamwise static
pressure build-up along the SS.
Fig. 10.1: Time-averaged PIV results showing the velocity distribution on different blade-to-
blade planes within the NOM pipe.
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Fig. 10.2: Steady-state 3D-RANS results showing the velocity distribution on different blade-to-
blade planes within the NOM pipe.
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Fig. 10.3: Time-averaged PIV results showing the velocity distribution on different blade-to-
blade planes within the TRU pipe.
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Fig. 10.4: Steady-state 3D-RANS results showing the velocity distribution on different blade-to-
blade planes within the NOM pipe.
161

11 Appendix C
11.1 Distribution of the unsteady static pressure perturbations
towards choke and stall
Fig. 11.1 shows the relative static pressure amplitude throughout the stage towards choke OPC
and stall OPS . In general, the fluctuations increase in both directions from the ADP. Within
the impeller, the relative amplitude towards choke (Fig. 11.1- 1 ) increases due to the decrease
in averaged static pressure, whereas the amplitude increase towards stall (Fig. 11.1- 2 ) results
from a the higher amplitude enforced upon the impeller by the diffuser’s potential field, shown
in Fig. 6.4. Within the diffuser, an increase in unsteadiness for the blade passing frequency (H2)
can be observed (Fig. 11.1- 3 ). This tendency is confirmed by the unsteady Kulite-data, shown
in Sec. 11.2. The author proclaims the theory that the increased unsteadiness causes an increase
in the unfavorable unsteady loss mechanisms shown in Sec. 6.4 and eventually result in the
increased diffuser losses towards choke for the 3D-URANS simulation, as seen in Fig. 6.1- 4 .
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Fig. 11.1: Pressure fluctuation throughout the centrifugal stage at 50% span
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11.2 Kulite analysis within the pipe-diffuser at OPC
Fig. 11.2: Frequency spectrum of the static pressure amplitude at discrete locations within the
diffuser for the experiment and the 3D-URANS simulation near choke (OPC).
Fig. 11.2 shows the frequency spectrum of the static pressure amplitude at six locations within
the diffuser (Fig. 6.3) for the experiment and the 3D-URANS simulation near choke (OPC in
Fig. 6.1). For this off-design operating point, the most striking result is the increase in the H2
amplitude compared to the ADP, evident in the rear part of the diffuser, which supports the
results shown in Sec. 11.1.
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11.3 Unsteady discharge of the total pressure and the total
temperature from the impeller
Fig. 11.3: Time-exact total pressure and total temperature discharge from the impeller at 50%
span
For a close-coupled impeller-diffuser configuration, the discharge of the total pressure and total
temperature is impacted by the potential field of the diffuser. This phenomenon has been
demonstrated experimentally for many years by Inoue et al. [112] and is also evident in the 3D-
URANS simulation. Fig. 11.3 shows a time-exact total pressure Pt and total temperature Tt
distribution at 50% span at the rotor-stator interface. The potential field of the diffuser induces a
change in the total pressure and total temperature discharge. Both quantities increase under the
influence of the increase in back pressure (Fig. 11.3- 1 , blue dots), generated by the diffuser’s LE.
At the impeller’s TE, the high circumferential velocity within the stagnation point results in an
island-type structure with a high total temperature and total pressure (Fig. 11.3- 2 , red dots).
Both fluid regions are discharged from the impeller under influence of the pressure relaxation in
the direction of rotation and fuse within the throat region (Fig. 11.3- 3 ). In between, low energy
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fluid is discharged which moves along the diffuser’s SS (white dots). The passing of the high
energy regions result in a wave-like motion of the PS separation (Fig. 11.3- 4 ). However, no
boundary layer detachment can be observed, as demonstrated by Grates [87] for the compressor
investigated. This difference is traced back to the difference in the spatial matching between the
diffuser’s LE and the flow path of high energy fluid discharge, which is convected directly over
the pipes SS in the unsteady simulation shown by Grates.
11.4 Diffuser static pressure recovery for the URANS and RANS
method
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Fig. 11.4: Time averaged static pressure recovery for the URANS and RANS method.
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